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ABSTRACT 
 
  
 This work presents an experimental and numerical study of three different 
opportunities for COP increase in vapor compression systems: work recovery ejectors, 
condenser subcooling and increase of relative size of heat exchangers (HXs).  
 Regarding work recovery ejectors, experimental results showed that the COP of 
the ejector system increased between 8.2% and 14.8% when compared to a conventional 
expansion valve system operating with R410A. The two major mechanisms of 
improvement of the ejector system were quantified separately: COP gains between 1.9% 
to 8.4% were solely due to the work recovery, while liquid-feeding the evaporator alone 
was responsible for 4.9% to 9.0% of COP gain. Overall ejector efficiencies from 12.2% 
to 19.2% were achieved.  
 A major portion of this dissertation explores the effects of condenser subcooling 
on the COP of vapor compressions systems. It is shown that, as condenser subcooling 
increases, the COP reaches a maximum as a result of a trade-off between increasing 
refrigerating effect and specific compression work. A thermodynamic analysis pointed 
out that refrigerants with large ratio of liquid specific heat to latent heat of vaporization 
tend to benefit more from condenser subcooling. Numerical results suggested that 
R1234yf systems would benefit the most from condenser subcooling in comparison to 
R410A, R134a, and R717. Experimental results obtained with a vehicular air 
conditioning system revealed COP gains between 6% and 44% for R1234yf and 2% to 
21% for R134a due to condenser subcooling. Results also indicated that the larger the air-
refrigerant temperature difference in the condenser, the higher the COP maximizing 
subcooling and the COP gains from condenser subcooling. Additional experiments 
showed that the presence of an internal heat exchanger reduces the benefits of the 
condenser subcooling. With a unique set of microchannel condensers, an experimental 
comparison between subcooling generated in non-designated area (NDA) and designated 
area (DA) of the condenser showed that both configurations yielded similar values of 
maximum COP improvement within the operating conditions considered. It was also 
demonstrated that condensers with a higher air-refrigerant temperature difference would 
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require a larger COP maximizing area ratio allocated for subcooling. Nevertheless, a 
fixed designated area yielded near maximum COPs within a reasonable range of 
operating conditions. The effect of refrigerant mal-distribution on the performance of a 
two-pass parallel-flow microchannel condenser as well as on the overall system COP is 
numerically investigated. The results showed a COP deterioration of not more than 3% 
for the worst case of mal-distribution considered.  
The effect of the size of the heat exchangers (HXs) relative to the cooling capacity 
on the performance of actual residential air conditioning systems has been experimentally 
and numerically investigated for R410A and transcritical R744. Experiments were carried 
out in a limited range of operating conditions but an experimentally validated model was 
used to extrapolate trends. As the relative size of the HXs was increased, a maximum 
COP of 9.5 (without fans power) was experimentally measured with R410A, a value 
much higher than off-the-shelf units but that is only 28% of the ideal Evans-Perkins COP. 
Lower compressor isentropic efficiency, condenser subcooling and evaporator superheat 
were pointed out as constraints for further COP improvement by oversizing the HXs. 
These constraints were removed in the numerical model and results showed that further 
oversizing HXs can improve COP but sensitivity is reduced significantly as HXs become 
larger relative to the cooling capacity. Experimental and numerical results indicated that 
the COP of an air conditioning system operating with transcritical R744 is less sensitive 
to the relative size of the HXs than that of the same system operating with R410A. 
Transcritical R744 becomes more competitive in terms of COP as the size of HXs is 
reduced while R410A by far outperforms transcritical R744 in a larger system. In 
addition, it is suggested that the COP ratio to the theoretical limit of Evan-Perkins cycle 
could be used as a measure of the HXs relative size. 
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                                                                             CHAPTER 1
INTRODUCTION 
 
1.1 Background 
  
 Increasing energy prices, widespread environmental awareness, energy 
consumption labeling and governmental policies have driven the refrigeration, air-
conditioning (AC), and heat-pump (HP) industries to increase energy efficiency of vapor 
compression systems (VCSs). Minimum energy efficiency requirements have been 
increasing continuously over the last three decades and so have VCS COPs. For instance, 
from 1978 to 1997 the SEER (Seasonal Energy Efficiency Ratio, according to the 
standard ARI 210/240) of central AC units sold in the US increased by 45%, from 7.3 to 
10.7. Starting from 2006, central AC units manufactured in the US were required to have 
a minimum SEER of 13. The listed maximum SEER of a residential AC split system of a 
major manufacturer increased 46%, from 13 to 19, from 2006 to 2009. A complete 
understanding of multiple opportunities for COP increase, as well as of theoretical and 
practical efficiency limits, is essential.  
 The second law of thermodynamics places a limit on the maximum possible 
efficiency, the Carnot COP. A lower COP limit is given by the ideal Evans-Perkins cycle 
(standard reversed Rankine) whose efficiency depends on the thermodynamic properties 
of refrigerants that determine the throttling and heat rejection losses. The Evans-Perkins 
cycle is still purely theoretical since it ignores realities such as heat transfer, pressure 
drop and need for temperature change along heat exchangers (HXs). 
 Real VCSs operate far below theoretical efficiencies. An R410A residential AC 
system of reasonably high COP of 5 (EER of 17) achieves only 13% of Carnot COP and 
15% of ideal Evans-Perkins limit, based on air inlet temperatures. Real systems must 
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meet application requirements, such as dehumidification, cooling and heating 
temperatures and have finite size HXs, pressure drops, and imperfect compressors.  
 One natural way to approach the ideal Evans-Perkins limit is to increase the HXs 
area relative to heat transfer rates, although experimental studies on such topic are limited 
in the open literature. A logical question is: how close can the COP of a real system get to 
such a limit? Or, what are the constraints and the COP asymptotes while oversizing the 
HXs? This dissertation is aimed to experimentally and numerically investigate the effect 
of the size of the HXs (relative to the cooling capacity) on the COP of air conditioning 
systems. 
 One way to approach Carnot limit is by modifying the conventional cycle so that 
thermodynamic losses are reduced. Internal heat exchange, multi-stage cycles, subcooling 
and expansion work recovery are a few examples. Ejectors have been extensively studied 
as work recovery device for R744, but studies examining more conventional fluids, such 
as R410A, are very limited. One of the objectives of this dissertation is to investigate the 
COP improvements of an R410A air conditioning system using an ejector as an 
expansion work recovery device.  
 A major portion of this dissertation will discuss the potential of condenser 
subcooling to improve the COP of vapor compressions systems. Although condenser 
subcooling is a practical issue in the everyday of refrigeration and air conditioning 
systems, to the best of author’s knowledge, this topic has not been subject of a systematic 
and generalized study in the open literature. This dissertation makes an attempt to start 
filling up this gap. Several issues related to the impact of condenser subcooling on the 
system COP, such as refrigerant properties, air-refrigerant temperature difference in the 
condenser, interference with internal heat exchanger benefits, designation/non-
designation of heat transfer area for subcooling and mal-distribution of subcooled liquid 
in parallel-flow microchannel heat exchangers are investigated. 
   
1.2 Structure of the Dissertation 
 
 In addition to the introductory chapter, this dissertation is organized in nine 
chapters.  Chapter 2 presents a literature review about previous work carried out in cycle 
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improvements, ejectors, effect of size of HXs and condenser subcooling. Chapter 3 
describes the motivation and the main objectives of this dissertation. Chapter 4 
numerically and experimentally explores the effect of the size of the HXs on the system 
COP. Chapter 5 examines the performance improvements of an R410A air conditioning 
systems using a work-recovery ejector. Chapters 6 through 10 are related to condenser 
subcooling. In Chapter 6, cycle analysis and a preliminary numerical study will 
investigate the effect of condenser subcooling on the performance of vapor compression 
systems. In Chapter 7, an experimental investigation of the effect of condenser 
subcooling on the performance of a vehicular air conditioning system is carried out with 
R134a and R1234yf. A potential interference between improvements from condenser 
subcooling and internal heat exchanger is also addressed in this Chapter. Chapter 8 
addresses the effect of the air-refrigerant temperature difference in the condenser on the 
COP benefits due to subcooling. Chapter 9 discusses whether the way subcooling is 
achieved – in a designated or in a non-designated area of the condenser – is relevant in 
terms of system COP, based on experimental and numerical analysis. Finally, Chapter 10 
aims to numerically examine the impact of refrigerant (subcooled liquid) mal-distribution 
on the performance of a parallel-flow microchannel condenser as well as on the overall 
system COP.  
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                                                                                 CHAPTER 2
LITERATURE REVIEW 
 
 
 This Chapter presents a detailed review of the most relevant publications related 
to the topics of this dissertation. The literature review is divided into four sections: 1) 
Carnot, Evans-Perkins and real vapor compression cycles; 2) effect of relative size of 
heat exchangers; 3) cycle modifications; and 4) condenser subcooling. 
 
2.1 Carnot, Evans-Perkins and real vapor compression cycles 
 
2.1.1 Carnot and Evans-Perkins cycles 
 
Typical theoretical COP limits are given by Carnot and Evans-Perkins (or 
standard reversed Rankine) cycles (Figure 2.1). The Carnot cycle consists of fully 
reversible processes, establishing the maximum possible efficiency between two reservoir 
temperatures. Assumptions of dry compressor suction and isenthalpic expansion are 
taken to define the Evans-Perkins cycle. The efficiency of such a cycle relative to 
Carnot’s depends on the thermodynamic properties of refrigerants that determine 
throttling and heat rejection losses. 
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Figure 2.1: Thermodynamic losses of the Evans-Perkins cycle 
5 
 
The thermodynamic losses of the conventional (Evans-Perkins) cycle can be 
visualized while superimposing it with Carnot cycle in a T-s diagram (Figure 2.1). The 
throttling loss, indicated by the rectangle A2, yields both a reduction of refrigerating 
effect and a loss of expansion work. It results from the difference between isenthalpic 
(conventional) and isentropic expansions (ideal). The heat rejection loss, indicated by the 
triangle A1, represents the extra work needed to carry an adiabatic compression to 
pressure Pc instead of changing over to an isothermal compression at 2’. In other words, 
conventional heat rejection (2 - 3) introduces a temperature difference while Carnot heat 
rejection is isothermal (2’ – 3). This may not be considered a loss if the cooling medium 
must necessarily rise in temperature. In such a case, a desuperheating temperature profile 
that follows the coolant temperature could be more appropriate than an isothermal heat 
rejection. 
In the cycle of Figure 2.1, both heat rejection and absorption occur below the 
critical point (subcritical cycle). In transcritical cycles, however, the heat rejection 
process occurs above the critical point. This is typical for R744 (carbon dioxide) 
refrigeration cycles when the outdoor temperature is above its critical temperature 
(around 31°C). Besides excellent thermophyisical properties of R744, its transcritical 
cycle has very large heat rejection and throttling losses. Thus, the deviation of R744 
transcritical cycle from Carnot is also much larger than those of refrigerants performing a 
subcritical cycle. 
 
2.1.2 Ideal and real Evans-Perkins cycles 
 
 The Evans-Perkins COP limit is usually defined between evaporator and 
condenser secondary fluid (SF) inlet temperatures (blue line, Figure 2.2). Here such a 
cycle is called the “ideal” Evans-Perkins since it ignores the need for temperature change 
along the heat exchangers given by cooling and heating application requirements. A more 
realistic Evans-Perkins limit can be defined if a cooling temperature requirement sets 
“Teao” (evaporator air outlet temperature) as the maximum evaporating temperature 
(green line, Figure 2.2). The same logic would apply in the hot side if a heating 
temperature is required. 
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Evans-Perkins COP limits are still theoretical only. They ignore realities of real 
cycles (red line, Figure 2.2) such as pressure drop, non-isentropic compression, SF pump 
power, and need for temperature difference between air and refrigerant, i.e. finite HEX 
surface area. In addition to thermodynamics, real cycles are affected by transport 
properties that determine heat transfer and pressure drops. 
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Figure 2.2: Evans-Perkins and real cycles 
 
 
2.2 Effect of size of heat exchangers 
 
The effect of HEX area on COP has been theoretically investigated in several 
publications involving the second law of thermodynamics. Most of them aimed to 
optimize the distribution of heat exchange area between hot and cold HEXs, i.e. to 
minimize irreversibilities from heat transfer with finite temperature difference. Klein 
(1992) stated that Carnot COP based on hot and cold reservoir temperatures is not a 
design goal for actual cycles since it neglects heat transfer mechanisms. The author then 
developed more realistic design goals for COP of refrigeration cycles by taking into 
account finite heat transfer rates and heat transfer areas. Using a simplified numerical 
approach, the COP of a conventional refrigeration cycle was maximized by varying the 
distribution of “UA” value inventory between evaporator and condenser for a fixed total 
UA inventory. A value of approximately (but not exactly) 1.0 was found to be the 
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optimum ratio between condenser and evaporator UAs. Using an entropy generation 
minimization approach, Bejan (1996) found the same optimum ratio of 1.0. However, 
actual systems have far different ratios that could reach 3.0.  
Some studies incorporated economical and thermal aspects to minimize the total 
cost (material and energy consumption cost) of vapor compression systems, such as 
D’Accadia and Rossi (1998), Sanaye and Malekmohammadi (2004) and Gholap and 
Khan (2007).  
Very few studies explored the effect of heat exchanger size on COP, either 
experimentally or numerically, through modeling actual heat exchangers. Park and 
Hrnjak (2004) investigated the effect of microchannel cross-counterflow gas cooler size 
(volume) reduction on the performance of a transcritical R744 AC system. Experimental 
results showed that a 33% reduction of gas cooler volume in terms of HEX depth yielded 
5% to 12% reduction in the gas cooler capacity. A comprehensive system model was also 
used to evaluate sensitivity of system COP to HEX volume (in terms of depth).  
Richter et al. (2001) numerically investigated the effect of outdoor and indoor 
heat exchanger area on the performance of residential reversible AC/HP systems for 
R744 and R410A. Heat exchanger models were simplified by a global approach along 
with actual compressor isentropic efficiency correlation. For the outdoor coil, results with 
fixed air flow rate indicated “size saturation”, a region where sensitivity of COP to 
increasing heat transfer area was very small. For fixed HEX area, COP maximized air 
flow rates were obtained due to a trade-off between reduced compressor power and 
increased fan power.  
 
2.3 Cycle modifications 
 
The conventional refrigeration cycle can be modified in order to reduce 
thermodynamic losses and consequently approach Carnot efficiency. Typical cycle 
improvements include internal heat exchange, multi-stage compression, multi-stage 
expansion, expansion work recovery, etc. Some of the most common improved cycles are 
illustrated in Figures 2.3 to 2.10 and will be addressed here. 
 
8 
 
Condenser
Evaporator
Exp. valve
Compressor
23
14
 
Condenser
IH
X
(S
L
H
X
)
Exp. valve
Compressor
Evaporator
5
4
23
6
1
 
IH
X
 2
Condenser
Evaporator
Intercooler
First-stage
compressor
(S
L
H
X
)
Exp. valve
Second-stage
compressor
8
1
6
7
4
3
2
5
 
T
s
2
3
4 1
 
T
s
2
3
4
5 6
1
 
T
s
2
4
3
5
6
7 8
1
 
Figure 2.3: Conventional cycle Figure 2.4: Internal heat 
exchanger cycle 
Figure 2.5: Two-stage 
compression with IHX and 
intercooling 
Condenser
Evaporator
Exp. valve
First-stage
compressor
Exp. valve
Second-stage
compressor
Flash tank
Economizer 
compressor 
(quasi two-stage) 
1
2
9
6
5
8
7
4
3
 
IH
X
Condenser
Evaporator
Exp. valve
First-stage
compressor
Exp. valve
Second-stage
compressor
Economizer 
compressor 
(quasi two-stage) 
4
1
2
5
6
7
9
8
3
 
T
s
2
9
3
45
7 6
8 1
 
T
s
2
9
3
45
6 8
7 1
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subcooling cycle 
Figure 2.9: Expander cycle Figure 2.10: Ejector cycle 
 
Internal heat exchangers are probably the simplest and most common cycle 
improvement, having been commercialized in numerous applications. Two-stage cycles 
have been successfully used for years in larger refrigeration applications and are now 
becoming more attractive in smaller systems. Two-stage compressors, essential 
components in such systems, are already available in the market even for smaller systems 
in scroll, rotary, piston-displacement and other designs. Work recovery devices, however, 
have just recently started being commercialized in very few systems and mostly seem to 
be at a lower technological stage. Thus, it will be seen that the profile of reviewed 
publications depends on the cycle improvement. Multi-stage publications are mostly 
focused on optimization, combination with other cycle improvements and application 
with different refrigerants using already commercially available components. On the 
other hand, work recovery publications are mostly at a proof-of-concept stage. Most of 
the experimental work on ejectors and expanders is still based on prototypes. Several of 
those improvements have recently been explored and revisited thanks to R744 and its 
large thermodynamic losses.    
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2.3.1 Internal heat exchange 
 
Domanski et al. (1994) stated that among many possible variations of the basic 
vapor compression (Evans-Perkins) cycle, the cycle with a liquid-line/suction-line heat 
exchanger (SLHX) is probably used the most often (Figure 2.4). The internal heat 
exchanger (IHX) yields simultaneously an increase of refrigerating effect due to lower 
inlet enthalpy to the evaporator and an increase of specific compression work due to the 
higher specific volume of the superheated vapor at the compressor inlet. Under a Second 
Law of Thermodynamics perspective, the SLHX would simultaneously decrease 
throttling losses but increase heat rejection ones. A pure thermodynamic analysis shows 
that the resulting trade-off benefits COP for some refrigerants (R134a, R600a, R744, for 
instance) while it is detrimental for others (R717, for instance). A detailed 
thermodynamic analysis of the internal heat exchanger cycle is given by Domanski et al. 
(1994).  
Nelson and Hrnjak (2002) stressed that a simplified thermodynamic analysis 
ignores important aspects, such as IHX low-side pressure drop and effects on evaporator 
heat transfer performance and compressor efficiency, which could be as important as the 
primary thermodynamic effect.  That was the reason why Boewe et al. (1999), Nelson 
and Hrnjak (2002) and Li et al. (2004) presented experimental data for R744 
(transcritical) and R134a mobile air conditioning systems with and without IHX. Results 
showed that the negative effect of higher low-side pressure drop was surpassed by the 
secondary benefits of the SLHX making the overall COP increase exceed the one 
estimated through simplified thermodynamic analysis in most conditions. Nelson and 
Hrnjak (2002) reported up to 13% increase in cooling capacity and 12% in COP for 
R134a while Boewe et al. (1999) showed increase of 25% in COP over R744 
conventional transcritical cycle. Experimental data by Cho et al. (2007) also showed COP 
increase up to 9.1% after adding an IHX to a R744 conventional cycle. 
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2.3.2 Multi-stage cycles 
 
The COP of a conventional cycle can be improved by increasing the number of 
compression and/or expansion stages between high-side and low-side temperatures. Both 
heat rejection and throttling losses can potentially be reduced by staging the cycle. Multi-
staging has been used more often in large, energy efficiency driven applications or in 
systems that require higher temperature lifts where increased discharge temperatures and 
reduced COP of the single-stage cycle are prohibitive. However, recent technological 
development in compact compression staging and harsh energy efficiency policies have 
turned multi-stage cycles into an attractive alternative for COP increase and heating 
capacity boost even in smaller and less demanding applications. Multi-stage cycles, 
mostly the two-stage ones, have been studied extensively in the past numerically and 
experimentally. According to Cabello et al. (2010), recent research efforts in two-stage 
cycles are concentrated in air conditioning applications working with R744 and R410A, 
commercial refrigeration with HFCs and high-efficiency heat pumps with HFCs and 
R744. 
 In a two-stage compression cycle with intercooling (TSCI), refrigerant discharged 
from the first stage is cooled down by an intercooler which reduces the second stage inlet 
temperature, subsequently lowering overall compression work due to reduced heat 
rejection losses. Although there is no expansion staging in this cycle, Bullard (2004) 
pointed out that throttling losses can also be reduced with TSCI in case of transcritical 
R744 systems due to the effect of varying both high and intermediate side pressures. 
Similar issues were discussed by Groll and Kim (2007).  
 The TSCI cycle can be combined with an internal heat exchanger to provide 
additional reduction in throttling losses while potentially higher heat rejection losses 
would be partially suppressed by intercooling (Figure 2.5). In this cycle, internal heat 
exchange can be thermodynamically advantageous even for refrigerants where the IHX is 
not welcome in single-stage cycles. Bullard (2004) discusses the thermodynamic 
interaction between internal heat exchange and two-stage compression in a transcritical 
R744 and estimates improvements from 9% to 23% at ambient temperatures of 35-50°C 
over a single-stage cycle at 12°C evaporation temperature. Using an experimentally 
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validated model, Cavallini et al. (2005) showed possible 8-10% COP improvement by 
adding an internal heat exchanger to a baseline R744 transcritical two-stage compression 
system with intercooling for air conditioning applications. O’Connor (2006) tested a 
prototype R744 TSCI air conditioning mini-split system with IHX and showed 
comparable performance to that of an off-the-shelf R410A conventional mini-split system.  
The combination of two-stage compression with two-stage expansion generates 
several possible two-stage cycles with reduced heat rejection and throttling losses 
compared to conventional single-stage cycles. In the two-stage cycle with flash tank 
cycle (TSFT, Figure 2.6), vapor is separated from liquid after the first-stage expansion; 
then the vapor joins the second stage compression and the liquid undergoes further 
expansion before entering the evaporator. Since the flash gas exiting at the intermediate 
pressure is not allowed to expand to the evaporator pressure, the compression work for 
this portion of the total refrigerant mass flow rate is lower, which results in a COP 
improvement relative to conventional single stage cycle (Domanski, 1995). While in 
larger applications two separate compressors are typically used, in smaller systems the 
two-stage compression is normally performed in separate cylinders within the same 
compressor (Gosney, 1982) or in the same cylinder with an injection port for the 
intermediate pressure vapor. When the single cylinder with injection port is used, the 
cycle receives several names such as economizer, quasi two-stage or vapor-injection 
cycle (Figure 2.6). The principle of economization has been first proposed by Voorhees 
(1905) for reciprocating compressors, initially with the name of multiple-effect 
compression. In the early 1900s, a two-stage version of Voorhees principle, called dual-
effect compression, became standard practice in on R744 machines for marine 
applications (Gosney, 1982). Since then, economization has been implemented in other 
types of compressors such as scroll, screw, centrifugal and rotary. 
An intermediate internal heat exchanger can be used instead of a flash tank in 
order to avoid problems related to oil return (Cabello et al., 2010) and to simplify vapor 
injection control. In the two stage cycle with IHX (TSIHX, Figure 2.7), a small portion of 
the liquid leaving the condenser/gas cooler is branched out, passes through an expansion 
valve, then enters an internal heat exchanger (IHX) to subcool main-stream refrigerant 
coming from condenser/gas cooler while turning into vapor (Wang et al, 2009). The two 
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cycles, with flash tank and with intermediate IHX, would have identical theoretical 
performance if the IHX had 100% effectiveness and delivered saturated vapor to the 
injection port.  
Domanski (1995) presented a thermodynamic analysis comparing the economizer 
with flash tank (TSFT) cycle to a conventional single-stage cycle for several refrigerants 
and concluded that COP improvement was more pronounced for fluids with large heat 
capacity. Zha et al. (2008) carried out experimental tests on a R744 transcritical 
economized heat pump  with reciprocating compressor, called Voorhees system by the 
authors, and obtained heating capacities more than twice as high as those of a baseline 
single-stage system.  
Beeton and Pham (2003) described several application aspects of the economizer 
cycle with a scroll compressor, such as IHX design, condenser subcooling, and TXV 
superheat control for the vapor injection flow. Increased compression efficiency and 
lower evaporator pressure drop were mentioned as additional benefits of the 
economization. Experiments at -32°C/40°C (evaporation/condensing temperature) with 
an R404A economized scroll compressor revealed 52% and 24% increases in capacity 
and EER, respectively. He et al. (2006) and Winandy and Lebrun (2002) presented 
experimental data for R22 vapor injection (economizer) systems with scroll compressors 
and they both concluded that vapor-injection could increase COP and cooling/heating 
capacity. Bertsch and Groll (2008) simulated and experimentally tested an R410A air-
source two-stage heat-pump for water and air heating to be potentially used in ambient 
temperatures from 10°C to -30°C. Wang et al. (2009) experimentally compared the 
performance of a scroll economizer cycle with flash tank to those of an economizer cycle 
with IHX and a baseline single-stage system operating with R410A in both heating and 
cooling modes. Both two-stage cycles showed similar performances. Maximum cooling 
capacity and COP gain over the baseline system were respectively 15% and 2% at the 
highest outdoor temperature (46.1°C), while the heating capacity gain varied from 13% to 
33% as outdoor temperature varied from 16.7°C to -17.8°C. Maximum heating COP 
improvement was 23% at -17.8°C. Experimental data presented by Torrella et al. (2009) 
showed that the COP of a R404A TSIHX cycle for refrigeration applications was 32% 
higher than that of a baseline single-stage cycle at the -35°C/40°C 
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(evaporation/condensing temperature). Mathison et al. (2011) analytically investigated a 
performance limit for economized cycles with continuous vapor injection. Cycle 
modeling results show that for an R410A air conditioning application, continuous 
injection would yield 18% COP improvement relative to a single-stage cycle while for an 
R404A refrigeration application, the COP gain would be 51% with 75% of this 
improvement being obtained with three injection points.  
Intercooling and additional internal heat exchangers have also been added to two-
stage cycles, especially for transcritical R744, in a cycle frequently referred to as 
mechanical subcooling or split cycle (Figure 2.8). Cavallini et al. (2005) numerically 
evaluated the performance of R744 two-stage system with IHX and intercooling for air 
conditioning applications and showed potential for COP improvement of 22% over a 
baseline two-stage compression with intercooling. Hwang et al. (2004) tested a R744 
split-cycle system and showed a COP gain from 11% to 27% relative to that of a TSCI 
system as the evaporation temperature decreased from -6.7°C to 7.2°C. Cho et al. (2009) 
experimentally tested an R744 two-stage cycle with flash tank and intercooling (called 
“two-stage injection cycle”) at air conditioning operating conditions and measured a COP 
increase of 16% over that of a two-stage compression cycle with intercooling and no 
flash tank (called “two-stage non-injection cycle”). Peuker and Hrnjak (2008) 
experimentally compared an R744 air conditioning system with mechanical subcooling 
cycle to a system with two-stage compression with intercooling and IHX (Fig 2.5). COP 
improvements of up to 8% were measured. The same mechanical subcooling cycle had 
been proposed earlier by Lorentzen (1993) for R744. Agrawal et al. (2007) carried out a 
thermodynamic optimization of the intermediate pressure of several two-stage cycles and 
concluded that the optimums deviated from the classical estimate given by the geometric 
mean of gas cooler and evaporator pressure. Cecchinato et al. (2009) performed 
thermodynamic analysis of several two-stage R744 transcritical cycles including 
mechanical subcooling and a two-stage cycle with intercooling, intermediate flash-tank 
and two additional IHX (one in the high-side and another in the low-side). Additional 
studies on mechanical subcooling systems for R744 are reviewed by Kim et al. (2004). 
They all revealed significant potential for COP improvement with R744 two-stage 
transcritical cycles due to large thermodynamic losses of the conventional cycle.  
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Multi-staging is also possible with cascade systems in large temperature lift 
applications. Such systems will not be explored in this work. 
 
2.3.3 Work recovery: Expanders 
 
 Throttling losses can be reduced through expansion work recovery methods. The 
idea behind work recovery is to convert the kinetic energy released during the expansion 
into useful work rather than dissipate it through friction. Hence, in an ideal isentropic 
expansion, work is entirely recovered while in a conventional isenthalpic process, 
expansion work is entirely lost. Work recovery has a double effect on COP: increase of 
refrigerating effect and reduction of compression net work. The literature review on work 
recovery is sub-divided into two typical devices: expanders and ejectors. More 
unconventional approaches to reduce throttling losses, such as the Ranque-Hilsch vortex 
tube, will not be examined. The current sub-section will examine studies about expanders 
and the next one will explore previous research related to ejectors. 
Recovering throttling losses by use of expander technology was first proposed by 
Horst (1911) and Plank (1912). After about a hundred years of silence due to failure in 
early work, research on expanders experienced resurgence in the early twenty-first 
century as the large throttling losses of the R744 transcritical cycle garnered scientists’ 
attention (Hwang, 2009). Indeed this literature review will show that the majority of 
expander publications are focused on R744. Besides an apparent decrease of interest in 
R744 recently in favor of new low GWP refrigerants, the expander technology so far 
developed for R744 could still be transferred to high efficiency systems for conventional 
refrigerants. Brasz (2000) stresses, however, that the conventional engineering practice is 
not to employ a turbine expander in low pressure refrigerants because of the small 
amount of savings in energy recovery and efficiency gains are far outweighed by the 
reduced initial and maintenance costs of a throttling valve. According to Zhang et al 
(2007), up until now no expander has been satisfactory enough to be put into a 
commercial refrigeration system. 
Several types of expanders have been studied such as turbo-expanders (expansion 
turbines), piston-displacement, rotary-vane, rolling-piston, screw and scroll. Most 
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researchers have tried to modify existing pumps and compressors into expanders, while a 
few have designed completely new devices.  
Hays and Brasz (1996) and Brasz (2000) developed and tested turbo-expanders 
for a water-cooled chiller. Hays and Brasz (1996) reported expander isentropic efficiency 
around 50% in an R134a centrifugal chiller with cooling capacity of 1.8 MW. Brasz 
(2000) estimated turbine efficiencies of about 60% for a refrigeration system with a 
capacity of 100 to 1000 tons employing refrigerants such as R22 or R134A. It was 
claimed that the turbine reduced the motor load by 6 - 15% compared to the system with 
a throttling expansion valve. Cho et al. (2008) tested an axial-type turbo-expanders as the 
expansion device in an R134a air conditioning system with 33 kW cooling capacity. The 
maximum isentropic efficiency obtained was 16%.   
The Technical University of Dresden has developed a series of R744 free-piston 
expander/compressor devices which have been the subject of several publications. The 
latest design was proposed by Nickl et al. (2003) and revisited by Nickl et al. (2005). 
Their device features a three-stage expansion with a one-stage compression (auxiliary 
high-stage compression) and was installed in a system with an additional main (low-
stage) compressor, an intercooler besides evaporator and gas cooler. The COP increase of 
the two-stage compression/expander cycle over the conventional expansion valve one 
was estimated to be larger than 40%. Nickl et al. (2005) also revealed isentropic 
efficiencies between 65% and 70% for the expansion and 90% for the compression stage 
of the expander. According to Elbel (2007), one advantage of this setup is the fact that 
ratio between compression and expansion volumes is not fixed and a potential drawback 
might be the large cost-intensive auxiliary equipment needed to realize such a cycle. 
Zhang et al. (2007) designed and experimentally tested a double-acting free-
piston expander/compressor for work recovery in a transcritical R744 cycle. This 
approach, as well as to that of Nickl et al. (2005), has the advantage of directly utilizing 
the expansion work to drive an auxiliary compressor on the same shaft. However, Zhang 
et al. (2007) proposed to arrange the auxiliary compressor in parallel with the main 
compressor, rather than in series (Nickl et al. 2005), so that it would not interfere with the 
operation in the main line and control issues would be mitigated. The expander was 
tested in a purpose-built test rig, rather than in a complete refrigeration system, and an 
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isentropic efficiency of 62% was estimated by analyzing the experimentally measured p–
V diagram. 
Matsui et al. (2008) developed a R744 two-stage rotary expander that recovers 
expansion work to partially drive a compressor stage. The expander was designed to 
connect its shaft to that of a commercial scroll compressor in an R744 heat-pump water 
heater. Numerical simulation was used to examine the impact of different design 
parameters. An optimized design was tested and revealed an expander efficiency of 60% 
along with a COP improvement of 6%. Yang et al. (2009) presented an experimental 
investigation of a double acting rotary vane expander for work recovery in a transcritical 
R744 cycle and focused on the design improvements for leakage and friction within the 
expander. The isentropic efficiency of the improved design was 23% against 9% of 
previous design. When compared to the system with throttling valve, the expander system 
showed a maximum COP improvement of 14.2% in which 10.5% was due to increased 
cooling capacity and 2.7% due to recovered power. A multi-vane type expander was also 
prototyped and tested by Fukuta et al. (2003). A maximum isentropic efficiency of 43% 
was reported. 
Huff et al. (2003) experimentally investigated the performance of two prototype 
scroll expanders for R744. The second prototype, an unmodified R134a scroll 
compressor, showed isentropic efficiencies in the range between 28% and 42% 
depending on the expander speed. Fukuta et al. (2006) tested a prototype scroll expander 
as the expansion device in an R744 refrigeration cycle. Isentropic efficiencies from 35% 
to 55% were measured while varying speed from 2000 rpm to 4000 rpm.  Kohsokabe et 
al. (2008) developed a R744 scroll expander and studied its performance characteristics 
with respect to rotational speed, inlet/exit pressure, mass flow rates and isentropic 
efficiency. The prototype expander was coupled with a motor and a generator through 
one shaft so that recovered power could be measured. Experimental studies revealed 
isentropic efficiencies from 74% to 83% while rotational speed varied from 2000 to 3500 
rpm.  
Using thermodynamic analysis Robinson and Groll (1998) and Bullard (2004) 
studied the interference between SLHX and expander in an R744 transcritical cycle. 
Robinson and Groll (1998) concluded that a system with SLHX and expander would 
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have a lower COP than that of a system with only an expander. A similar analysis by 
Bullard (2004) also showed that the SLHX reduces the potential for the expander to 
improve COP since both devices compete for the same exergy. 
 
2.3.4 Work Recovery: Ejectors 
 
 
An ejector can be introduced in vapor compression systems to reduce throttling 
losses by recovering expansion work. Although there are other possible arrangements, 
one of the most typical layouts of an ejector cycle has been shown in Figure 2.10. It was 
first patented by Gay (1931).  
An ejector comprises four basic parts (Figure 2.11): motive nozzle, suction nozzle, 
mixing section and diffuser. In an ideal ejector, the single-phase high-energetic flow 
(motive flow) coming from condenser is isentropically accelerated in the motive nozzle 
as static pressure is decreased. The refrigerant flow eventually starts flashing, becoming 
two-phase. After being isentropically pre-accelerated in the suction nozzle, the low-
energy flow coming from evaporator is entrained into the mixing section by momentum 
transfer with the high kinetic energy motive stream. In the mixing section, momentum 
transfer between the two streams takes place until they are fully mixed. In the diffuser, 
kinetic energy is converted into pressure related flow work as the flow is isentropically 
decelerated. The outcome is a diffuser exit pressure higher than the evaporation pressure. 
Since in the ejector cycle the diffuser exit is directly connected to the suction of 
compressor, the compression net work is decreased in comparison to a system without an 
ejector. At the same time, the ejector works as a “free pump” circulating liquid through 
the evaporator in a separate loop.  A T-s diagram of the cycle has been shown in Figure 
2.10. 
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Figure 2.11: Schematic diagram of an ejector 
 
Elbel (2007) conducted an extensive literature review on ejectors, including a 
historical background, different applications with focus on ejector for work recovery, in 
addition to fundamental aspects of ejector flow. Part of the present work is a continuation 
of the research efforts on ejectors in the Air Conditioning and Refrigeration Center 
(ACRC) at the University of Illinois. This literature review will be focused on 
publications about ejector as work recovery device in vapor compression systems with 
emphasis on studies succeeding the ones reviewed by Elbel (2007) as well as a few 
earlier representative publications.  
Kornhauser (1990) proposed and applied a one-dimensional model for a 
refrigeration cycle with a two-phase ejector as the expansion device. Mass, momentum 
and energy conservation were applied and efficiencies were defined for the motive nozzle, 
suction nozzle and diffuser in order to quantify deviation from isentropic processes. The 
model was used to simulate the performance of the ejector cycle and compared to the 
conventional expansion cycle for different refrigerants. For R22, a 100% efficient ejector 
would yield 20% increase in COP. Kornhauser continued his work on ejectors with 
several students. Harrel and Kornhauser (1995) experimentally tested an R134a ejector 
system and claimed improvements from 3.9% to 7.6% over the conventional cycle. The 
work by Kornhauser’s group is reviewed in more detail by Elbel (2007). Several 
researchers have based their models on Kornhauser’s work.  For instance, Li and Groll 
(2005) simulated a R744 ejector expansion transcritical cycle with a model based on that 
proposed by Kornhauser (1990). Motive and suction nozzle efficiencies were set to 90% 
while diffuser efficiency was set to 80%. In a typical air conditioning application it was 
found that the ejector cycle improves COP by 16% over that of a basic cycle.  
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Osaki et al. (2004) presented experimental results comparing an R744 transcritical 
automotive system with ejector to one with an expansion valve. The ejector improved the 
system COP by 20% over the conventional system. 
Elbel and Hrnjak (2004b) numerically investigated the effect of IHX on the 
performance of a R744 transcritical ejector system. An experimentally validated system 
model of a real mobile air conditioning system was used in combination with a simple 
ejector model based on Kornhauser’s approach. It was shown that at fixed compressor 
speed the ejector system with IHX had higher COP but lower cooling capacity than the 
ejector system without IHX. However, when cooling capacities were matched by varying 
compressor speed, the ejector system without IHX showed the highest COP. 
 Disawas and Wongwises (2004) experimentally investigated the performance of a 
two-phase ejector refrigeration (TPERC) system and compared it to that of a 
conventional expansion system (CRC) running with R134a under different outdoor and 
indoor conditions. The TPERC clearly outperformed the CRC in terms of cooling 
capacity and COP, but improvements and ejector efficiencies were not quantified by the 
authors. Lower compressor pressure ratio and better evaporator heat transfer performance 
were pointed out as reasons for improved performance of the ejector system. Disawas and 
Wongwises (2005) continued their previous work by presenting additional experimental 
data for the ejector system under different condenser water flow rates. Chaiwongsa and 
Wongwises (2007) experimentally studied the effect of the motive nozzle throat diameter 
of the ejector on the system performance under various operating conditions. Within the 
three diameters evaluated (0.8mm, 0.9mm and 1.0mm), the smallest one yielded the best 
results in terms of cooling capacity and COP, but detailed explanation was not provided. 
Chaiwongsa and Wongwises (2008) continued previous work by varying the motive 
nozzle outlet diameter in the range of 2.0mm to 3.0mm and the results showed 
insignificant effects on system performance. None of the works reviewed in this 
paragraph provided results of ejector efficiency. 
Elbel and Hrnjak (2008) presented experimental results for a transcritical R744 
system using a two-phase ejector to recover expansion work. The COP and cooling 
capacity of the ejector system were up to 8% and 7%, respectively, higher than those of a 
conventional expansion system, both with IHX. If both systems were at same cooling 
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capacity, it was estimated the COP would increase by about 18%. The improvements 
were believed to be a result not only of reduced compression work, but also of better 
evaporator performance since a much lower quality two-phase flow was provided to the 
evaporator of the ejector system. In a related work, Elbel and Hrnjak (2004) studied the 
effect of feeding the evaporator with R744 liquid only in a setup they called Flash Gas 
Bypass. The authors also showed that it is possible to maximize COP by variation of the 
high-side pressure in ejector systems the same way as in conventional ones. The IHX 
effectiveness was varied from 60% to 80% as well. Results indicated that the ejector 
system with 60% effective IHX would have similar performance to that of the 
conventional system with 80% effective IHX. The ejector geometry was also varied. For 
instance, different ejector diffuser angles were tested (5°, 10° and 15°) and the smallest 
one yielded the highest efficiencies. Ejector efficiencies of up to 14.5% were reported.  
Lee et al. (2010) experimentally investigated the performance of an R744 air 
conditioning system with cooling capacity of 5 kW using a two-phase ejector to reduce 
throttling losses. The cycle arrangement is similar to that of Elbel and Hrnjak (2008) and 
does include an IHX. Experiments varying the ejector geometry such as throat diameter, 
mixing section diameter, and distance from motive nozzle to diffuser were conducted and 
results revealed optimum design parameters for that specific ejector. Additional tests 
showed that under the same working conditions the COP of ejector system was 15% 
higher than that of conventional system with an expansion valve, although the ejector 
efficiency was not reported.  
Nakagawa et al. (2010a) conducted an experimental analysis on the effect of IHX 
in a 3 kW cooling capacity transcritical R744 refrigeration system with a two-phase 
ejector to recover expansion losses. In addition, ejector and conventional expansion 
refrigeration systems were compared. Operating conditions such as gas cooler pressure 
and outlet temperature as well as length of the IHX (0 cm, 30 cm and 60 cm) were varied. 
The ejector system COP was about 20% larger than that of the conventional system, both 
with IHX of 60cm. The IHX of 60 cm improved the conventional cycle COP by about 
9% relative to the system without IHX, as expected by the authors. For the ejector system, 
the IHX of 60 cm improved COP by 27% relative to same system without IHX. Previous 
theoretical analysis by Kanamaru and Nakagawa (2003) had shown an opposite trend, i.e. 
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that the IHX would benefit more the conventional system than the ejector one. Nakagawa 
et al. (2010a) tried to justify such a large improvement by showing that ejector efficiency 
increased from 14%, without IHX, to 22%, with IHX of 60cm. It is suggested that the 
inlet condition of the motive nozzle could have a significant effect on ejector efficiency. 
The authors also claimed that IHX would flash non-separated liquid from the vapor port 
of the separator before going into the compressor. The work was continued by Nakagawa 
et al. (2010b) who experimentally investigated the effect of the mixing length on the 
performance of a two-phase ejector for a R744 refrigeration cycle with and without IHX. 
The mixing lengths used were 5mm, 15mm and 25mm, with the median one yielding the 
best performance in terms of COP and ejector efficiency. At an evaporation temperature 
of 2°C, the maximum ejector efficiency for the 15mm design was 16%, followed by 15% 
for the 25mm and 8% for the 5mm, all tested with IHX. The ejector system with IHX 
outperformed again the one without IHX. 
Pottker et al. (2010) presented experimental results for an R410A vapor 
compression system working with an ejector as the expansion device, following extensive 
work on R744 by Elbel and Hrnjak (2008). Since an ejector system (EJE) incorporates 
simultaneously benefits from near liquid flooded evaporator (or flash gas separation) and 
work recovery, the COP of the EJE system was first compared to that of a flash gas 
bypass system without ejector (FGB) and then to that of a conventional system (CV) all 
at the same cooling capacity. Results will be extensively discussed in Chapter 5 of this 
dissertation. 
The ejector can be used in different cycle arrangements. Tomasek and 
Radermacher (1995) evaluated the possibility of using an ejector in a two evaporator 
domestic refrigerator-freezer to improve its efficiency. In their cycle, the ejector 
combined the stream coming from the high temperature evaporator (motive flow) with 
the one leaving the low temperature evaporator (suction flow) into one stream at an 
intermediate pressure. The performance benefit comes from lifting the compressor 
suction pressure from the low-temperature evaporator pressure to the intermediate level. 
Using a one-dimensional model, it was shown that the ejector cycle improved COP by up 
to 12% compared to the standard refrigerator-freezer cycle. 
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The ejector has also been combined with other cycle improvements besides the 
IHX. Yari (2009) numerically showed COP improvements from 12% to 21% by 
introducing an expansion ejector to a baseline two-stage compression cycle with IHX. 
Bergander (2006) proposed a cycle where the ejector is used to lift high-side pressure 
instead of the low-side pressure. 
 
2.4 Condenser Subcooling 
 
The state of refrigerant leaving the condenser is usually assumed to be saturated 
liquid in conventional (Evans-Perkins) cycles. However, liquid subcooling is potentially 
welcome since it increases refrigerating effect (Figure 2.12) across the evaporator and 
subsequently, COP. From the perspective of the second law of thermodynamics, cooling 
the refrigerant below its saturation temperature before the expansion process would 
reduce throttling losses resulting from an isenthalpic expansion.  
Subcooling liquid before the expansion process can be obtained through different 
approaches. For instance, the conventional cycle can be modified by adding extra 
components to subcool liquid between exit of the condenser and inlet of the expansion 
device. Typical examples are internal heat exchangers used in single-stage cycles, in two-
stage cycles or in vapor injection cycles, as illustrated in Figures Figure 2.4, Figure 2.5, 
Figure 2.7 and Figure 2.8. Subcooling can also be achieved by an auxiliary cooling 
system such as a thermoelectric device (Radermacher et. al., 2007), a secondary vapor 
compression system – also known as mechanical subcooling (Couvillion et. al., 1988 and 
Thornton et. al., 1992), just to mention a few examples. Other available coolant supplies, 
such as condensate water from evaporator (Peterson, 1997), could also be used to subcool 
liquid exiting the condenser. 
A common way to obtain subcooling is by using an additional outdoor cooled 
heat exchanger, usually denominated subcooler. Typically, a high-side pressure receiver 
is installed between the condenser and the subcooler in order to separate liquid from 
vapor before liquid runs through the subcooler. In shell-and-tube condensers, a receiver 
may not be necessary since the shell acts as a liquid-vapor separator. One can think of the 
subcooler not only as separate heat exchanger but as part of a then larger condenser 
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which has some of its surface allocated to subcool liquid. In fact, the most conventional 
way to obtain subcooling in systems without a liquid receiver is by utilizing part of 
condenser heat transfer area to lower the liquid temperature below saturation level. 
Rather than in a high-side pressure receiver, the liquid-vapor interface can be eliminated 
inside the condenser tubes, such as those of air-cooled tube-in-fin and water-cooled tube-
in-tube heat exchangers, as liquid refrigerant accumulates towards the exit of the heat 
exchanger. The so-called condenser subcooling is typically obtained during a refrigerant 
charging procedure. The question raised by Gosney (1982) is whether one would be 
better off using the subcooling heat transfer surface, either within the condenser or in a 
separate subcooler, to reduce condensing pressure and consequently compression work.  
Gosney (1982) showed that the proportional gain in specific refrigerating effect 
through subcooling depends on the ratio of liquid specific heat (cpl, Figure 2.12) to the 
evaporator enthalpy difference (hev,sat, Figure 2.12). Due to large latent heat of 
vaporization, ammonia would only benefit 0.4%/K of subcooling while for R502 the 
proportional increase would be equal to 1.1%/K, at evaporation and condensing 
temperatures of -15°C and a 30°C, respectively.  
 
 
Figure 2.12: Schematics of approach taken by Gosney (1982) 
 
Linton et al. (1992) experimentally investigated the effect of condenser liquid 
subcooling on system performance for refrigerants R12, R134a and R152A. The 
subcooling was varied from 6°C to 18°C with a separate water-cooled subcooler, but the 
condensing temperature was kept constant by controlling water flow and inlet 
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temperature to the condenser. Results showed that the cooling COP and refrigeration 
capacity of all three refrigerants benefited from subcooling increase (from 6°C to 18°C): 
R134a (12.5%), R12 (10.5%) and R152a (10%). These values followed closely the 
theoretical increase in COP calculated by the expression in Figure 2.12 using measured 
temperatures and pressures.  
Selbas et al.  (2006) performed a thermoeconomic optimization of desuperheating, 
condensing, subcooling, evaporating and superheating heat transfer areas using a 
combination of exergy and economic concepts. Although assumptions such as constant 
evaporating and condensing temperatures and absence of refrigerant pressure drop might 
have questionable practical applicability, this study came up with an optimum subcooling 
around 5°C, which, according to them, was within reasonable agreement with some 
manufacturer’s suggested values.  
Subcooling and related topics were the subject of a few automotive air 
conditioning system publications. These systems are usually equipped with either a high-
side liquid receiver or a low-side accumulator in order to absorb fluctuations in 
refrigerant charge due to change in operating conditions and to maintain a constant 
performance against small refrigerant leakages. Yamanaka et al. (1997) presented a 
concept of a sub-cool system in which the liquid receiver is installed before the last pass 
of a parallel flow microchannel condenser (Figure 2.13) rather than at the exit of the 
condenser (Figure 2.14) like in most conventional systems. COP would benefit from 
subcooling in the last pass as long as liquid is separated from vapor in the receiver. They 
also performed an optimization of face area ratio allocated for subcooling under different 
operating conditions using computer modeling. For the R134a system optimum ratios 
were found to be between 15% and 20%.  
Ravikumar and Karwall (2005) discussed recent developments in automotive 
condensers and receiver-dryer technology with special attention to internal design of the 
liquid receiver and position of the subcooler pass in the tube array. Won (2006) 
optimized numerically the tube array (tube per pass) of a parallel flow automotive 
condenser equipped with integrated receiver and designated area for subcooling. A 
subcooler with 5 channels (or a face area ratio of 9%) was found to be optimum for the 
operating condition considered. 
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Figure 2.13: Condenser with integrated 
subcooler/receiver (Yamanaka et al.,1997) 
Figure 2.14: Condenser without subcooler  
(Yamanaka et al.,1997) 
 
Abraham et al. (2006) performed a short engineering oriented review about 
design aspects of a condenser with integrated receiver/subcooler for automotive AC 
systems, such as volume of the receiver, subcooling area, pass structure and liquid-vapor 
separation in the receiver.  
Pomme (1999) proposed to generate condenser subcooling with a pre-expansion 
valve placed between the condenser exit and a liquid receiver. By this approach, the area 
dedicated to subcooling would not be fixed and the subcooling could potentially be 
controlled. Strupp et al. (2010) pointed out that in an integrated receiver condenser 
(Figure 2.13) the subcooler area ratio is fixed by the position of the receiver inside de 
pass array and hence it could only be optimized for one operating condition. According to 
them, a variable ratio would be energetically a better solution, so they proposed, but not 
tested, a sub-cool control system in which a low side accumulator would be used 
downstream from the evaporator to absorb charge variations and keep the evaporator 
outlet at saturated vapor while an electronic expansion valve would control the 
subcooling. A similar approach is used in transcritical CO2 systems to control high side 
pressure. A computational simulation of an air conditioning system showed the existence 
of an optimum subcooling (maximum COP) as expansion valve opening was varied. Qi et 
al. (2010) investigated performance enhancements in mobile air conditioning systems and 
pointed out the use of a designated area for subcooling in the condenser as an efficiency 
improvement. 
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Several publications that examined the influence of refrigerant charge on COP 
also indirectly explored the relationship between subcooling and COP. Corberan et al. 
(2008) optimized COP by varying the refrigerant charge in an R290 heat pump equipped 
with a TXV (thermostatic expansion valve). They explained that the system responded to 
increasing charge by rising in condenser subcooling since no receiver was installed. The 
optimum charge was related to an optimum subcooling and the maximum COP was 
described to be the result of a potential trade-off between positive effect of condenser exit 
temperature decrease and negative effect of condensing temperature increase. Primal and 
Lundqvist (2005) had also optimized the charge of a R290 domestic water heat pump for 
different indoor temperatures and found the corresponding subcooling to be 4-5°C. 
 Choi and Kim (2002) and Choi and Kim (2004) experimentally studied the effect 
of refrigerant charge on the performance of a heat pump TXV system operating with R22 
and R407C, respectively. Maximizing COP charges were determined at different working 
conditions and the corresponding optimum subcooling was found to be around 5°C for 
R22 and 2°C for R407C.  
Poggi et al. (2008) published a review about refrigerant charge issues in 
refrigeration systems. They also related maximizing COP refrigerant charges to 
appropriate subcooling in the condenser.  Hrnjak and Litch (2008) pointed out the 
potential for reducing refrigerant charge in ammonia systems by decreasing the 
subcooling as well as discussed possible problems of mal-distribution of liquid in a 
microchannel parallel flow condenser. Park and Hrnjak (2008) also discussed the 
stratification of the degree of subcooling within tubes of the last pass of an R410A 
microchannel parallel flow condenser as a result of maldistribution of liquid in the header. 
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                                                                                CHAPTER 3
MOTIVATION AND OBJECTIVES 
 
 
 The literature review has demonstrated several opportunities for improving 
efficiency of vapor compression systems. Regarding cycle improvements, this 
dissertation will be limited to the literature review of most of these cycles, except for the 
ejector cycle (Figure 2.10).This dissertation will also be focused on COP improvements 
due to condenser subcooling and effect of the size of the heat exchangers relative to the 
system capacity. 
 One chapter will be solely dedicated to an experimental investigation of an ejector 
as an expansion device to reduce throttling losses in an R410A system. Although not as 
high as R744, in most conditions R410A has throttling losses larger than several 
conventional refrigerants, such as R134a.  In addition, R410A is a widely used refrigerant 
in residential air conditioning and heat pump systems. Before the experimental work, 
cycle analysis is carried out to estimate the potential for COP improvement with ejector 
in a R410A vapor compression cycle. One of the contributions of this study is to provide 
experimental data for an R410A air conditioning system working with an ejector to 
reduce throttling losses under several operating conditions. The performance of the entire 
system and the ejector as a component will be analyzed. Since the ejector cycle 
incorporates simultaneously efficiency improvements due to work recovery and near 
liquid-feeding evaporator, this study intends to quantify separately these two mechanisms 
by experimentally comparing the performance of the ejector cycle to those of flash gas 
by-pass (liquid feeding but no work recovery) and conventional (baseline without 
improvements) systems. The ejector performance will also be analyzed for different 
geometries based on work recovery efficiency and static pressure measurements along 
the ejector. To the best of the author’s knowledge, there is no available experimental 
study about ejectors working with R410A.  
 The literature review showed that very few studies have explored the effect of the 
size of HXs (relative to system capacity) based on experimental data or numerically, by 
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using actual HEX models. Most of them were theoretical studies and did not involve a 
real system. A Chapter on the effect of the relative size of the HXs on the COP has been 
elaborated based on experimental data and system modeling, for R410A and transcritical 
R744. Two residential air conditioning systems were used during this study. Possible 
ways to better quantify the relative size of the HXs are discussed. Some of the objectives 
are to investigate how close the COP of a real system can get to the ideal Evans-Perkins 
limit and what would be the potential constraints for COP increase while oversizing the 
HXs. Differences between R410A and transcritical R744 regarding sensitivity of COP to 
the size of the HXs are also examined. 
 Regarding condenser subcooling, the literature review indicated that a generalized 
study of condenser subcooling seems to be missing. Hence, several Chapters of this 
dissertation will explore different aspects related to condenser subcooling and its effect 
on COP. First, a thermodynamic analysis is performed to explore the effect of refrigerant 
properties on the potential for COP increase through condenser subcooling. Then, a 
comprehensive model of a residential air conditioning system has been used to address 
the impact of subcooling on COP for different refrigerants. Next, the effect of the 
refrigerant properties on the benefits from condenser subcooling will be experimentally 
investigated in an air conditioning system operating with R134a and R1234yf. The 
potential interference between subcooling from internal heat exchanger and condenser is 
also discussed with support from experimental data. Furthermore, the effect of the air-
refrigerant temperature difference in the condenser on the COP gains from subcooling is 
experimentally and numerically explored. Finally, one Chapter aims to investigate 
whether the way the condenser subcooling is achieved, either in a designated or non-
designated area of the condenser, affects the system performance in terms of COP, 
supported by unique experimental data. In order to explore the potential impact of mal-
distribution of subcooled liquid in condensers on the system COP, a numerical analysis is 
also carried out. 
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                                                                                            CHAPTER 4
EFFECT OF SIZE OF HEAT EXCHANGERS RELATIVE TO 
SYSTEM CAPACITY 
 
 
 
As previously discussed, a conventional system can approach ideal Evans-Perkins 
COP by reducing the air-refrigerant temperature difference in the heat exchangers (HXs), 
while decreasing HXs resistance to heat transfer rate. In previous studies, the effect of 
size of HXs has been discussed in a more theoretical level, often involving the Second 
Law of Thermodynamics, with no ties to real applications. In this Chapter, the effect of 
the size of HXs relative to the cooling capacity on the performance of two actual 
residential air conditioning systems has been experimentally and numerically investigated 
for R410A and transcritical R744. Experiments were carried out in a limited range of 
operating conditions and an experimentally validated model was developed to extrapolate 
trends and further elaborate on the topic. The specific objectives of this Chapter are the 
following: 
 Discuss ways to quantify the relative size of the HXs of an air conditioning 
system, relative to its cooling capacity; 
 Examine the effect of the size of the heat exchangers relative to the system 
cooling capacity on COP, experimentally and numerically, for an actual R410A 
residential AC system. Potential trade-offs and constraints towards the theoretical 
limits of Evans-Perkins are discussed; 
 Explore the separate effects of size of condenser and evaporator on COP using the 
simulation model; 
 Discuss differences in HX size sensitivity of subcritical R410A and transcritical 
R744 systems, based on cycle analysis, simulation model and experimental results. 
 
It is beyond the scope of this Chapter to perform an optimization of the entire 
geometry of the HXs based on cost or energy efficiency. 
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4.1 Approaches to Quantify the Size of the Heat Exchangers 
 
A direct way to quantify the size of the heat exchangers is given by their UA 
values. If only the air side is taken into account the total UA value of both evaporator and 
condenser can be calculated according to Eq. (4.1). In order to have a measure of the heat 
exchanger size relative the cooling capacity requirement of an air conditioning system 
(SUAair), the total UA on the air side is divided by the cooling capacity, as shown in Eq. 
(4.2). Such expression, however, does not involve the air flow rates. 
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Klein (1992) developed an expression that could be used to quantify the relative 
size of the heat exchangers of a system. As shown in Eq. (4.3), the TKlein combines the 
effectiveness of evaporator and condenser, as well as the external fluid heat capacitance 
rates and the cooling capacity. The TKlein would decrease with the increase in relative 
size of heat exchangers, either by reducing the cooling capacity or increasing the heat 
capacitance rates and the effectiveness of the heat exchangers. The heat capacitance rate 
of the external fluid (in this study, the external fluid is air) was defined according to Eq. 
(4.4). The evaporator effectiveness was defined according to Eq. (4.5), assuming that the 
air undergoes a larger temperature change along the heat exchanger and neglecting 
changes in specific heat at constant pressure. For the condenser, strictly speaking, the 
refrigerant typically undergoes a larger temperature change than the air due to the 
desuperheating and subcooling zones. In this case, the effectiveness would be defined 
according to Eq. (4.6). This equation is more commonly used to quantify the 
effectiveness of transcritical R744 gas coolers, in which there is no phase-change. The 
minimum refrigerant enthalpy (hcro,min) is obtained from the exit refrigerant pressure and 
air inlet temperature as inputs. In condensers, since the single-phase regions are typically 
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small relative to the two-phase zone, it is more common to define the effectiveness as if 
the air would undergo a larger temperature difference, as shown in Eq.(4.7).  
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An alternative measure of relative size of HXs (SεC), in units of K
-1
, is defined 
according to Eq. (4.8) for a given evaporator heat transfer rate (cooling capacity) 
requirement in an air conditioning application. The higher the relative size of the heat 
exchangers, i.e. smaller cooling capacity or higher effectiveness and external fluid heat 
capacitance, the larger the value of SεC. 
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The three options for quantifying the relative size of the heat exchangers will be 
examined during the experimental and numerical analysis. 
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4.2 Experimental Methods and Facility 
 
Two conventional mini-split air conditioning systems have been experimentally 
investigated in the facility whose layout is shown in Figure 4.1.  
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Figure 4.1: Layout of the experimental apparatus 
 
The condenser was installed in an open-loop wind tunnel inside the outdoor 
chamber, while the evaporator was mounted inside a similar wind tunnel in the indoor 
chamber. In the outdoor chamber, external chilled water and a set of PID-controlled 
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heaters were used to control air inlet temperature to the heat exchanger while in the 
evaporator chamber only PID-controlled heaters were used. A dehumidifier was able to 
keep dew-point temperatures low enough for fully dry-conditions to be reached in the 
evaporator. The air flow rate was controlled in each wind tunnel with a variable speed 
blower. The compressor was placed inside the condenser chamber to simulate actual 
operating conditions. Connecting copper tubes were all thermally insulated. A low-side 
accumulator, not shown in Figure 4.1, was installed downstream of the evaporator for 
experiments with transcritical R744. 
An electronic expansion valve was used to control evaporator exit superheat at an 
average of 2°C while refrigerant charge was added or removed to keep condenser 
subcooling constant at approximately 2°C, in case of systems running with R410A under 
subcritical operating conditions. In case of the system running with R744 under 
transcritical operation, the expansion valve was used to change the high-side pressure and 
the evaporator superheat was maintained at zero due to the use of a low-side accumulator 
after the evaporator.  
The cooling capacity was determined through energy balances on the air side, 
using flow nozzle pressure drop measurements combined with dry-bulb and dew-point 
temperature readings, and on the refrigerant side, using mass flow rate and enthalpies 
obtained from pressure and temperature readings. The compressor power was measured 
with a Watt transducer. All major system components were also conveniently 
instrumented with pressure transducers and type-T thermocouples.  
An uncertainty propagation analysis was carried using EES (2007) and revealed a 
typical uncertainty of ±6% and ±3% for the air-side and refrigerant-side cooling 
capacities, respectively, and ±5% for the COP. Cooling capacities calculated from air and 
refrigerant side agreed within ±3% for values above 1.5 kW and within ±5% at lower 
values, for R410A. Cooling capacities were also obtained from the evaporator chamber 
balances whose agreement was within ±5% for values above 2.0 kW, but up to ±15% for 
values below 2.0 kW. Only air and refrigerant balances were used to obtain the system 
cooling capacity. For R744, air and refrigerant balances agreed within ±5%. During the 
calculation of refrigerant-side cooling capacity, the presence of oil was neglected for 
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R410A since the oil circulation rate measured is typically less than 1%. For R744, an oil 
circulation rate of 5% was assumed, based on measurements by Ahlbrink (2007). 
 
4.3 Systems description 
 
The first system, named System #1, is a modified single-state R410A mini-split 
air conditioner with a rated cooling capacity of 2.67 kW and a variable speed rotary-type 
compressor. From a different manufacturer, the second system, named System #2, is also 
a modified single-state R410A mini-split air conditioner with a rated cooling capacity of 
3.5 kW and a variable speed rotary-type compressor. System#2 also operates with 
transcritical R744 with the same condenser/gas cooler and evaporator, but with a 
different rotary-type compressor, designed for R744.  
For System#2, the original round-tube condenser was replaced by a cross-flow 
microchannel heat exchanger with four slabs in a counter-flow arrangement relative to 
the air flow direction. In addition, for operation with R744, a low-side J-tube accumulator 
was installed downstream of the evaporator accompanied by an internal heat exchanger 
of sandwich design with two tube bundles. The layout of Systems #1 and #2 operating 
with R410A is shown in Figure 4.2 while that of System #2 operating with R744 is 
shown in Figure 4.3. A complete description of the evaporator and condenser/gas cooler 
of both systems is shown in Table 4.1.  
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Figure 4.2: Layout of systems #1 and #2 (R410A) 
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Figure 4.3: Layout of system #2 (R744) 
  
In both systems, the connecting refrigerant lines between components were not 
original. Air flow through both heat exchangers was provided by the auxiliary blowers of 
the wind-tunnels, rather than by the original fans. The air flow rates provided by the 
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manufacturer were used during the experiments. The heat exchangers of both systems are 
illustrated in Figures 4.4 to 4.7. 
 
Table 4.1: Description of the heat exchangers of Systems #1 and #2 
    
Evaporator - 
System#1 
Condenser - 
System#1 
Evaporator - 
System#2 
Condenser/      
Gas cooler - 
System#2 
Air-Refrigerant flow 
arrangement [-] 
Overall cross 
parallel flow 
Overall cross 
counter flow 
Overall cross 
parallel flow 
Overall cross 
counter flow 
tube material and type [-] Cu / round tube Cu / round tube Cu / round tube Al / Microchannel 
Number of tubes per row / 
slab [-] 
20 24 14 74 in single pass 
Number of tube rows / slabs [-] 2 2 2 4 
Total number of tubes [-] 40 48 28 74 x 4 
Tube OD or Major tube [mm] 6.35 7.00 8 6.52 
Tube ID or MC Minor tube [mm] 4.83 5.48 5.48 1.80 
tube wall thickness [mm] 0.76 0.76 1.00 0.45 
fin material / type [-] Al / slit Al / flat plate Al / slit Al / louvered 
Fin pitch [mm] 1.2 1.3 1.3 1.4 
Number of fins per inch [fins/in] 21 20 19 18 
HX height [m] 0.360 0.504 0.292 0.387 
HX width [m] 0.610 0.829 0.622 0.724 
HX core depth mm 23.0 36.0 27.5 38.1 
HX face area [m²] 0.220 0.418 0.188 0.280 
Air-side heat transfer area [m²] 7.52 21.97 6.67 14.80 
Ref.-side heat transfer area [m²] 0.370 0.685 0.328 1.630 
Refrigerant [-] R410A R410A R410A / R744 R744 / R410A 
 
  
Figure 4.4: Condenser – System#1 Figure 4.5: Evaporator – System#1 
 
  
Figure 4.6: Condenser/gas cooler – System#2 Figure 4.7: Evaporator – System#2 
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4.4 Experimental and Numerical Analysis of the Effect of Size of the Heat 
Exchanger on the Performance of an R410A System while Varying the Cooling 
Capacity (System #1) 
 
Experimental data has been obtained in steady state under typical AC conditions: 
evaporator and condenser inlet temperatures of 27°C (Teai) and 35°C (Tcai) for System#1. 
The air face velocities of the heat exchangers (HXs) were set as given by the 
manufacturer: 1.14 m/s (evaporator) and 1.35 m/s (condenser). The evaporator exit 
superheat was maintained at an average of about 2°C while the condenser exit subcooling 
at an average of around 2°C by manipulating the refrigerant charge. 
Instead of physically increase the size of the HXs, the cooling capacity was 
decreased by reducing compressor speed while keeping the same HXs so that their size 
relative to the cooling capacity would be varied. This is illustrated in Figure 4.8, where 
the relative HXs size is represented by SUAair , i.e. the total air-side UA value of both HXs 
divided by the experimentally measured cooling capacity. The total UA value of the air 
side was obtained according to Eq. (4.2) where the heat transfer coefficients on the air-
side were calculated using Chang and Wang (2000)’s and Chang and Wang (2001)’s 
correlations for round-tube HXs with flat (condenser) and slit (evaporator) fins, 
respectively. For the evaporator, the air-side heat transfer coefficient was equal to 95 
m
2
/kWK while for the condenser, a value of 67 m
2
/kW K was obtained. For the surface 
efficiency, values of 0.90 (evaporator) and 0.82 (condenser) were calculated. Figure 4.8 
indicates that the relative size of the heat exchangers SUAair increases asymptotically as 
cooling capacity decreases. 
In addition to the air-side convective resistance, the overall UA value takes into 
account the convective refrigerant-side, tube-wall conduction and contact heat transfer 
resistances and, thus, generates a more accurate, but more complex and perhaps less 
practical value of the overall resistance to heat transfer. In addition to the predicted UA 
values on the air side, the actual overall UA values could be obtained from experimental 
measurements of the refrigerant saturation and air temperatures as well as the heat 
transfer rate. However, especially in the condenser, the presence of three zones 
(desuperheating, condensation and subcooling) could make this calculation inaccurate 
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due to air exit temperatures approaching saturation refrigerant temperatures due to large 
desuperheating region.  
 
 
Figure 4.8: Experimental variation of cooling capacity and size of the HXs relative to cooling 
capacity, in terms of SUAair, by changing the compressor speed (System#1) 
 
Figure 4.9 shows the effect of the variation of the cooling capacity on the two 
other definitions of HX size relative to the cooling capacity: SεC (Eq.(4.8) and TKlein (Eq. 
(4.3). The values of εC, however, were obtained from experimental data by dividing the 
heat transfer rate by the maximum temperature difference between the saturated 
refrigerant and the air inlet temperature to the HXs, as shown in Eqs. (4.9) and (4.10). 
Figure 4.9 demonstrates the relative measure of size SεC increases as the cooling capacity 
decreases, while the TKlein decreases almost linearly. The non-linearity of TKlein at low 
cooling capacities is due to a drop in heat transfer coefficient on the refrigerant-side and 
will be discussed later. 
Although experimental values of εC calculated according to Eqs. (4.9) and (4.10) 
become contaminated by refrigerant-side pressure drop and experimental errors, their 
values are more practical since they quantify the direct effect of heat exchangers on the 
performance of conventional refrigeration cycles. For instance, in the evaporator, for a 
given air inlet temperature and heat transfer rate, the εC (4.9) determines the exit 
refrigerant saturation pressure. For a given degree of evaporator superheat, this pressure 
affects the exit evaporator enthalpy and consequently refrigerating effect, compression 
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work and finally the system COP. In the condenser, likewise, εC (4.10) determines the 
inlet saturation pressure which affects the compression work and the refrigerating effect 
for a given degree of condenser subcooling. In addition, besides the heat transfer rate, 
they only require one air temperature and one refrigerant pressure (saturation 
temperature) measurement.  
 
 
Figure 4.9: Effect of cooling capacity on the size of the heat exchangers represented by TKlein and 
SεC (System#1) 
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The results of Figure 4.8 and Figure 4.9 could represent either different cooling 
capacity settings of given a variable speed air conditioning system or different systems in 
which the difference between them is the size of the HXs relative to their heat transfer 
load. The effect of the relative size of the heat exchangers on the COP is examined next. 
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Figure 4.10 shows the effect of the size of the heat exchangers, in terms of SUAair 
(Eqs. (4.2 and (4.1), on a series of theoretically, experimentally and numerically obtained 
COPs, in addition to the experimentally obtained compressor isentropic efficiency and 
COP ratios with respect to Evans-Perkins COP. All COPs were calculated according to 
Eq. (4.11) which does not take the fans power into account. Carnot COP was based on 
the air inlet temperatures to the heat exchangers (Teai and Tcai). Theoretical Evans-Perkins 
COP was calculated assuming refrigerant saturation temperatures in both heat exchangers 
equal to their air inlet temperatures (Teai and Tcai), which means infinite size heat transfer 
areas and air flow rates. Figure 4.11 displays the effect of the relative size of the HXs on 
the temperature difference between inlet air and saturated refrigerant in both HXs, based 
on the refrigerant inlet pressure (condenser) and outlet pressure (evaporator).  
The experimental data shows that as HXs become larger relative to the cooling 
capacity, the COP (Figure 4.10) increases substantially as a result of the decrease of the 
air-refrigerant temperature difference (Figure 4.11) until it reaches a maximum. Before 
reaching the maximum, the COP improvement becomes much less sensitive to further 
oversizing as the HXs get larger relative to the capacity. For instance, between a SUAair = 
0.47 K
-1
 (smaller size measured) and the design condition of the original unit at SUAair = 
0.71 K
-1
 (or Qe = 2.67 kW), the COP increased from 3.54 to 6.00, or 69%, for a 51% 
increase in the relative size. From a size SUAair = 0.71 K
-1
 until the maximum 
experimental COP at SUAair = 1.98 K
-1
, COP increased 58% but for an increase in size of 
180%. The maximum experimental value of 9.51 is, however, only 29% of the Evans-
Perkins COP limit based on the air inlet temperatures. It can also be concluded that the 
larger the HXs size relative to the cooling capacity, the less sensitive the COP to further 
oversizing. Figure 4.10 also shows that the system model COP (validation COP, 
indicated by blue dashed line) agreed well with the experimental values. For the 
validation COP runs, the experimentally obtained isentropic efficiency, refrigerant mass 
flow rate, evaporator superheat and condenser subcooling were used as input to the model. 
A complete description and validation of the model is presented in Appendixes A and B. 
Experimental results indicate that one of the limitations for further COP 
improvement with size is given by the isentropic efficiency (Figure 4.10) which drops 
sharply after a maximum value of 70% as the relative size of the HXs increase, due to the 
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reduction of the compressor speed (Figure 4.8) towards values beyond the best operating 
range of the compressor. Using the model, however, the effect of the isentropic efficiency 
can be removed by setting a constant value of 70%. The results are displayed by the 
green continuous line in the Figure 4.10 where it can be observed that further COP 
improvement would be possible while oversizing the HXs at a constant compressor 
isentropic efficiency. 
 
  
Figure 4.10: Effect of the relative size of the heat exchangers on different forms of COP and COP 
ratio to ideal cycle Evans-Perkins cycle: 1) black lines represent Carnot (solid) and Evans-Perkins 
(dashed) theoretical COPs based on HX air inlet temperatures; 2) Blue diamonds represent 
experimentally obtained COPs; 3) Blue dashed line connects numerically obtained COPs using 
experimental values of compressor isentropic efficiency; 3) Green solid line represents numerically 
obtained COP with a fixed compressor isentropic efficiency of 70% (System#1) 
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Figure 4.11 shows that the increase of the relative size of the HXs by reducing the 
cooling capacity causes an asymptotical decrease in the air-refrigerant temperature 
difference in the heat exchangers. This is the main mechanism of COP improvement. For 
the evaporator, according to Eq. (4.12), if the ratio inside the parentheses increases with 
the cooling capacity decrease, the temperature difference would decrease asymptotically. 
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The same logic would apply to the condenser. Regarding C , the heat capacity is 
constant as the air mass flow rates were fixed. However, the experimental HX 
effectiveness (Eqs. (4.9) and (4.10)) may slightly decrease or increase due the variations 
of the refrigerant-side heat transfer coefficient and pressure drop as the refrigerant mass 
flow rate changes with the cooling capacity, i.e. relative size of HXs (Figure 4.12).  
 
 
Figure 4.11: Effect of the relative size of the heat exchangers on the temperature difference 
between air and saturated refrigerant in the heat exchangers. Exit and inlet saturation temperatures 
were used in evaporator and condenser, respectively (System#1).  
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The decrease in the temperature difference is not only caused by given heat 
transfer areas being subject to smaller thermal loads but also by the reduction of the 
refrigerant-side pressure drop due to smaller refrigerant mass flow rates as the cooling 
capacity was reduced. Figure 4.11 also demonstrates that the numerical results agree well 
with the experimental data. Furthermore, for the condenser, it can be seen that the 
numerical and experimental temperature difference does not approach zero as the HX is 
further oversized. Instead, the temperature difference seems to remain steady at around 
2.6°C which means that the condensing temperature is somehow constrained. The 
constraint is probably related to a fixed degree of subcooling of 2°C that was set during 
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both experimental (by manipulating the refrigerant charge) and numerical (subcooling is 
prescribed) runs. Since the refrigerant temperature at the condenser exit cannot be lower 
than the air inlet temperature, the minimum saturation temperature becomes limited by 
the degree of subcooling prescribed. Likewise, in the evaporator, further oversizing could 
be limited by the prescribed evaporator superheat (1°C).  
Figure 4.12 shows the experimental effectiveness of both HXs, obtained from Eqs. 
(4.9) and (4.10), and refrigerant-side pressure drop (in terms of saturation temperature), 
all as a function of the relative size of the HXs.  
 
 
Figure 4.12: Effect of the relative size of the heat exchangers while decreasing the cooling capacity on 
the effectiveness and the pressure drop (in terms of saturation temperature) for both heat exchangers, 
based on experimental measurements (System#1). 
 
According to Figure 4.12, as the HXs are oversized by reducing the cooling 
capacity, the effectiveness of the condenser reduces dramatically as a result of the 
decrease in refrigerant-side heat transfer coefficient associated with lower mass flow 
rates. In tube-in-fin heat exchangers, the thermal resistance on the air side is typically 
dominant over that of the refrigerant side, so the impact of the refrigerant side is minor. 
For this condenser, however, due to its high air-refrigerant area ratio, the average thermal 
resistance on the refrigerant side was estimated by the model to be only about 30% 
smaller than that of the air-side for the highest cooling capacities. For the very low 
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than that of the air-side, which makes the condenser even more sensitive to the heat 
transfer performance on the refrigerant-side.  
For the evaporator, the effectiveness first increases, probably due to the reduction 
of the refrigerant side pressure drop, which helps increasing the exit saturation 
temperature to the evaporator. After a maximum value, it decreases most likely due to a 
drop in the refrigerant side heat transfer coefficient that becomes dominant over the effect 
of the reduction of the refrigerant side pressure drop. 
The effect of the condenser subcooling and evaporator superheat constraints are 
further investigated next. Using the model, these two quantities were set to zero so that 
saturation temperatures would not be constrained. Results were compared to those with 
subcooling and superheat constraints in Figure 4.13, in terms of HX temperature 
difference and in Figure 4.14, in terms of COP.  
 
 
 
Figure 4.13: Numerical results of the effect of subcooling and superheat constraints on the HX air-
saturated refrigerant temperature difference, for subcooling set to 0°C (SC0) or 2°C (SC2) and for 
superheat set to 0°C (SH0) or 1°C (SH1), with System#1. 
 
Figure 4.13 indicates that the temperature differences in both HXs could be 
further reduced with oversizing if no superheat and subcooling constraints were imposed. 
As a result, COP (Figure 4.14) of the system without the constraints could be further 
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adjusted, can benefit the system COP. Later chapters will elaborate on the effect of 
subcooling on the system performance. The evaporator superheat, however, typically 
deteriorates the system performance, but it is usually needed as a control parameter for 
expansion valves. 
 
 
Figure 4.14: Numerical results of the effect of subcooling and superheat constraints on the COP, for 
subcooling set to 0°C (SC0) or 2°C (SC2) and for superheat set to 0°C (SH0) or 1°C (SH1), with 
System#1 
 
 Figure 4.15 shows numerical results of the effect of the HXs size, in terms of 
SUAair, on a series of COPs with and without fans power taken into account. In Figure 
4.15, the difference between the Evans-Perkins COPs (dashed line) and the COP with the 
isentropic compression and no fans power included (light blue line) is given by finite 
temperature difference between inlet air and refrigerant due finite size HXs. This 
difference would disappear if the heat exchangers became infinite in size. In Figure 4.15, 
by comparing the COPs with compressor isentropic efficiency of 70% (red line) and with 
compressor isentropic efficiency of 100% (light blue line), both without fans power 
included, the impact of the compressor isentropic efficiency on COP can be visualized. 
When the fans power (Eq. (4.14)) are included (purple and dark blue lines in Figure 4.15), 
the COP undergoes a maximum. As observed in Eq. (4.14), this is a result of the trade-off 
between the decrease in compressor power and the increase in the fans power all relative 
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to the cooling capacity. With fans of 100% efficiency, the maximum COP is equal to 10.5, 
down by 31% from a COP of 15.1, without the fans power. When the fans with efficiency 
of 50% are considered, the COP reaches a maximum of 8.51, at a relative size (SUAair) of 
about 2.3 K
-1
, down by 19% from the maximum COP (10.5) with perfect fans. At the 
design condition (SUAair = 0.46 K
-1
, or Qe = 2.67 kW), the predicted COP with fans power 
included would be equal to 5.3, against the maximum COP of 8.51, but with a system that 
is more than five times larger than the designed unit. 
 
 
Figure 4.15: Numerical results of the effect of the relative size of the heat exchangers on different 
forms of COP and COP ratio to ideal Evans-Perkins cycle: 1) light blue line for COP based only on 
the isentropic compressor power; 2) red line light for COP based only on the compressor power with 
an isentropic efficiency of 70%; 3) Purple line for COP based on compressor (70% efficiency) and 
fan power (100% efficiency); 4) Dark blue line represents COP based on compressor (70% 
efficiency) and fan power (50% efficiency), with System #1. 
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Figure 4.16 shows the same COPs of Figure 4.15 but with the relative size of HXs 
represented by TKlein (Eq.(4.3), where the values of εC were obtained from Eqs. (4.9) 
and (4.10).  
 
 
Figure 4.16: Numerical results of the effect of the relative size of the heat exchangers in terms of 
TKlein on different forms of COP (System#1). 
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decreases, i.e. HXs size relative to the cooling capacity increases. The quantity of TKlein 
combines the maximum temperature difference of both HXs and seems to be reasonable 
way to generalize the size of the HXs regardless the system capacity. 
So far the analysis has been carried out without a cooling requirement, for 
instance, in the form of a fixed air exit temperature in the evaporator. A similar constraint 
could be given by the need for dehumidification, for instance, in the form of a fixed 
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presented in Figures 4.8 to 4.16 the cooling capacity has been decreased in order to 
increase the relative HXs size while air mass flow rates remained constant, which means 
the evaporator air exit temperature increased.  
Figures 4.17 to 4.19 show numerical results of COP, air-refrigerant temperature 
difference in the HXs, evaporator air face velocity and air-side heat transfer coefficient as 
function of the HXs relative size for an evaporator air exit temperature fixed at 18.1°C (as 
in the designed unit). The HX relative size was again varied by changing the cooling 
capacity while keeping constant the HXs dimensions. 
 
 
Figure 4.17: Variation of the evaporator air face velocity and the air-side heat transfer coefficient as 
a function of the HXs size in a system with a fixed evaporator air exit temperature of 18.1°C 
(System#1). 
 
As observed in Figure 4.17, due to the evaporator air exit temperature constraint, 
the air face velocity (or the air mass flow rate) has to be decreased as the relative size of 
HXs is increased due to the cooling capacity reduction (Figure 4.18). As a result, the 
evaporator air-side heat transfer coefficient drops significantly. It should be reminded that 
the correlation for the air-side heat transfer coefficient is valid until an air face velocity of 
about 0.40 m/s which gives a Reynolds number based with the collar diameter of about 
200. For velocities lower than that, the correlation was extrapolated. As the HX relative 
size is increased, the air-refrigerant temperature difference in the condenser decreases 
continuously, as expected, since it is not subject to any constraint. In the evaporator, 
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however, the temperature difference decreases at smaller sizes until it reaches a minimum 
around 11°C. After that, this difference increases as the drop in the air-side heat transfer 
coefficient becomes dominant over the relative increase in evaporator heat transfer area. 
It should be reminded, however, that the air-side heat transfer coefficient has been 
extrapolated beyond its validity range. 
 
 
Figure 4.18: Effect of the relative HXs size on the temperature difference between the air inlet 
temperature and the saturated refrigerant in a system with a fixed evaporator air exit temperature of 
18.1°C (numerical), with System#1. 
 
In Figure 4.19, while the HXs relative size is increased, the COP obtained without 
the fans power does not increase continuously due to the increase in the air-refrigerant 
temperature difference in the evaporator associated with the reduction of the air side heat 
transfer coefficient caused by the decrease in air face velocity. With the cooling 
requirement, it can also be noticed that the COP improvements with the increase in HXs 
relative size are more modest compared to the condition without the constraint (red line 
in Figure 4.15). When the fans power are taken into account, the maximum COP of 6.30 
is reached at a size of SUAair = 1.6 K
-1
, while at the design condition (SUAair = 0.71 K
-1
), 
the COP is equal to 5.3. The COP obtained without a cooling requirement constraint at 
the same size of SUAair = 1.6 K
-1
 would be equal 8.03 with the fans power included. 
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Figure 4.19: Effect of relative size of HXs on COP for an air conditioning system with a cooling 
requirement constraint in the form of a fixed evaporator air exit temperature of 18.1°C (numerical), 
with System#1. 
 
An opportunity for additional improvement with oversizing the HXs is possible 
by optimizing the air face velocity at the condenser so that COP (with the fans power 
included) is maximized at each cooling capacity (or relative size of HXs). However, this 
will not be explored in this chapter. 
 
4.5 Separated Effects of Evaporator and Condenser Relative Size on the 
Performance of an R410A System (System #1)   
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physically increasing the face area of the condenser and the evaporator separately is 
numerically examined while keeping a fixed cooling capacity requirement. 
Figure 4.20 shows the separate effect of the size of each heat exchanger relative to 
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exchanger, in terms of UAair/Qcool is used. Figure 4.21 displays a similar chart for the 
temperature difference between air and saturated refrigerant. The size of the heat 
exchangers was increased by incrementing their width while keeping constant depth and 
height. While the size of one heat exchanger was varied, the dimensions of the other heat 
exchanger were maintained fixed. Air face velocity was also maintained fixed which 
means that the air flow rate was raised as the face area was enlarged.  
It can be seen that as the condenser size is increased, the COP without the fans 
(Figure 4.20) increases continuously due to the drop in the air-refrigerant temperature 
difference (Figure 4.21), i.e. reduction of the condensing pressure. Once the fans power is 
included, a maximum COP of 5.87, only 12% larger than the designed unit COP of 5.26, 
is reached at a size 150% larger than that of the original. The maximum COP is a result 
of the trade-off between decreasing compressor power, due to drop in condensing 
temperature, and increasing fan power, due to larger air flow rates. 
For the evaporator, two scenarios are pictured in Figure 4.20 and Figure 4.21. The 
first considers an increase in the evaporator width without modifying the refrigerant flow 
circuiting. This leads to a higher refrigerant side pressure drop due to increase in the flow 
length. To reduce the effects of increasing pressure drop, the refrigerant circuiting was 
modified by splitting the flow refrigerant in two branches when the evaporator size was 
doubled, in three branches when it was tripled and so on. As the evaporator was enlarged, 
the COP without the fans power increases continuously due to reduction of the air-
refrigerant temperature difference, i.e. increase in evaporating temperature. Higher COPs 
are observed when the flow is split, due to lower refrigerant side pressure drop which 
yields a higher exit saturation temperature. When the fans power are taken into account, a 
maximum COPs of 7.24 (without flow split) and 7.70 (with flow split) are reached, up by 
38% and 46% from the original evaporator size. 
Near the original size of the heat exchangers, the COP (with fans power) is clearly 
more sensitive to the variation of the evaporator size than the condenser mainly because 
the original condenser is larger than the evaporator in terms of UA by 88% and in terms 
of εC by 123%. It can also be observed that, as both evaporator and condenser become 
larger relative to the cooling capacity, the sensitivity of COP to further oversizing is 
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reduced, i.e. it becomes more expansive to increase energy-efficiency based on increasing 
the heat exchanger areas. 
 
 
Figure 4.20: Separate effect of relative size of the condenser and evaporator, in terms of air-side UA 
of each HX per unit of cooling capacity, on COP with and without fans power, for a fixed cooling 
capacity of 2.6 kW (System#1) 
 
 
Figure 4.21: Separate effect of relative size of the condenser and evaporator, in terms of air-side UA 
of each HX per unit of cooling capacity, on air-saturated refrigerant temperature difference for a 
fixed cooling capacity of 2.6 kW (System#1) 
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size. Figure 4.22, however, shows results for the evaporator oversizing with an air exit 
temperature constrained at 18.1°C, which means a fixed air flow rate, in comparison the 
condition with fixed face velocity. The size is represented just by the evaporator air side 
heat transfer area over the cooling capacity. It can be observed that the COP 
improvements while oversizing the evaporator with a cooling temperature constraint are 
very small in comparison to results at fixed face velocity. The maximum COP with fans 
is only around 5% larger than the original size COP. As in results of Figure 4.19, the 
reduction of the face velocity to keep constant the air flow rate (and air exit temperature) 
ends up reducing significantly the air side heat transfer coefficient and almost balancing 
the increase in heat transfer area.   
 Another degree of freedom while changing the condenser size could be given by 
the air face velocities. The heat transfer area could also be varied by the depth which will 
not be explored here. 
 
 
Figure 4.22: Separate effect of relative size of the condenser and evaporator, in terms of evaporator 
air-side heat transfer area per unit of cooling capacity, on air-saturated refrigerant temperature 
difference for a fixed cooling capacity of 2.6 kW (System#1) 
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on experimental and numerical results for System#2. First, theoretical effects are 
discussed. 
 
4.6.1 Theoretical Effects based on Cycle Analysis 
 
 It has been demonstrated that while the relative size of heat exchangers increase, 
the air-refrigerant temperature difference decreases. Before analyzing experimental and 
numerical data for subcritical R410A and transcritical R744, it is important to investigate 
the theoretical sensitivity of system COP of different refrigerants to evaporation and 
condensing/refrigerant gas cooler exit temperatures. It should be reminded that, during all 
the analysis, outdoor temperatures will be kept above critical temperature of R744 (31°C). 
Under this condition, R744 carries out a transcritical cycle. The baseline cycle studied 
here is the Evans-Perkins cycle. 
 The theoretical investigation was based on thermodynamic cycle analysis. In 
order to evaluate the sensitivity of COP to the evaporation temperature (Ter,sat), the 
condensing temperature (for subcritical refrigerants) or the refrigerant temperature at gas 
cooler exit (for transcritical R744) was maintained equal to a fixed condenser air inlet 
temperature of 35°C while Ter,sat was varied. For each operating condition with R744, the 
COP was maximized by the high-side pressure using maximization tools contained in 
EES (2007). The results are shown in Figure 4.23 in terms of COP ratio versus the 
temperature difference between a fixed evaporator air inlet temperature (Teai = 25°C) and 
the evaporating temperature, known as evaporator temperature approach. Refrigerant-side 
pressure drop was neglected and an isentropic compression was assumed for the cycles.  
  According to Figure 4.23, the sensitivity of COP to evaporator temperature 
approach is larger for the subcritical refrigerants (R1234yf, R717 and R410A) than for 
transcritical R744, with (IHX effectiveness of 100%) or without IHX. This means that the 
transcritical R744 would benefit less from a given increase in the evaporating 
temperature while oversizing the evaporator than the subcritical fluids. On the other hand, 
according to Figure 4.23, the transcritical R744 cycle would have its performance less 
deteriorated for a given decrease in the evaporating temperature than the other subcritical 
refrigerants. 
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Figure 4.23: Sensitivity of COP to evaporation temperature (or evaporator temperature approach) 
based on cycle analysis 
 
 To evaluate the sensitivity of COP to the condensing temperature (Tcr,sat), for 
subcritical cycles, or the refrigerant temperature at the gas cooler exit (Tgcro), for the 
transcritical R744 cycle, the evaporating temperature was maintained equal to a fixed 
value of 5°C while Tcr,sat  or Tgcro were varied. The condenser subcooling was assumed to 
be zero for subcritical cycles. The results are displayed by Figure 4.24 in terms of COP 
ratio versus the temperature difference between Tcr,sat (subcritical) or Tgcro (transcritical 
R744) and a fixed condenser/gas cooler air inlet temperature (Tcai = 35°C), also known as 
approach temperature.  
 According to Figure 4.24, it can be observed that the sensitivity of COP is larger 
for the transcritical R744 (with or without IHX) than for R1234yf, R717 and R410A. 
R1234yf line is just behind that of R410A. It should be reminded, however, that 
temperature glides along a condenser are significantly different from those in a gas cooler, 
so the sensitivity of Tcr,sat  and Tgcro to the size of the heat exchanger may also be different. 
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Figure 4.24: Sensitivity of COP to condenser/gas cooler approach temperature based on cycle 
analysis 
 
  
4.6.2 Experimental Results and Numerical Validation 
 
As aforementioned, the study of the effect of size of heat exchangers was 
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addition, the rotary compressors were also physically different, although from the same 
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SUAair and TKlein are used as measures of the HXs relative size. For SUAair (Eq. 
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(1997)’s and Chang and Wang (2001)’s correlations for microchannel HXs with louvered 
fins (condenser/gas cooler) and slit (evaporator) fins, respectively. For the condenser, the 
air-side heat transfer coefficient was equal to approximately 86 m
2
/kWK while for the 
evaporator a value of about 76 m
2
/kW K was obtained. For the surface efficiency, values 
of 0.94 (condenser) and 0.91 (evaporator) were calculated. Regarding TKlein (Eq. (4.3)), 
effectiveness of both condenser (R410A) and gas cooler (R744) were obtained from the 
refrigerant side (Eq. (4.6)) to allow a calculation of TKlein on the same basis.  
Figures 4.25 to 4.27 show experimental and numerical (for model validation 
purposes) results of COP, cooling capacity, air-refrigerant temperature differences, 
suction line pressure drop and compressor isentropic efficiency all as a function of the 
HXs relative size in terms of SUAair, for R410A and R744. The COP was only based on 
the compressor power, without fans power. In Figure 4.26, the air-refrigerant temperature 
difference (approach temperature), was defined as the refrigerant exit temperature minus 
the air inlet temperature for the R744 gas cooler, while for the R410A condenser, as the 
refrigerant saturation temperature minus the air inlet temperature. For the evaporator, the 
air-refrigerant temperature difference was defined as the air inlet temperature minus the 
saturation (at the exit) temperature. For R410A experiments, both condenser subcooling 
and evaporator superheat were maintained at 2°C. For transcritical R744, the refrigerant 
at the evaporator exit was maintained near saturated vapor by keeping liquid refrigerant 
in the suction-line J-tube accumulator (Figure 4.3). An energy balance around the internal 
heat exchanger was carried out to calculate the evaporator exit quality. A value of 
approximately 99% was obtained throughout the experiments, confirming near vapor 
saturation conditions. In transcritical R744 systems, the COP can be maximized by 
varying the high-side pressure. So, for this system, the high-side pressure was varied in 
small increments to obtain the maximum COP for each compressor speed. The R744 
experimental data in Figures 4.25 to 4.27 already represent the maximum COP points. 
Figure 4.25 shows that the COP of R744 and R410A systems benefited from 
oversizing the heat exchangers, due to decreasing air-refrigerant temperature differences 
across the heat exchangers (Figure 4.26). The R744 system COP, however, appears to be 
less sensitive to the variation of the relative size of HXs than R410A. As a consequence, 
this R744 system becomes more competitive in terms of COP at smaller relative sizes. 
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For instance, at a SUAair around 0.5 K
-1
, R410A COP is around 23% larger than R744, 
while at a larger size, about 0.7 K
-1
, this difference reaches 45%. One of the major 
reasons for this difference is associated with the condenser/gas cooler. Even though R744 
is more sensitive to its approach temperature than R410A, as demonstrated by the 
theoretical analysis (Figure 4.24), Figure 4.26 shows that the decrease in the R744 gas 
cooler temperature approach while oversizing the HX was more than 50% smaller than 
that of the R410A condenser. Thus, the R744 system did not benefited as much from the 
gas cooler oversizing as the R410A system with respect to the condenser. Figure 4.26 
also shows that the air-refrigerant temperature differences in both R410A and R744 
evaporators are equally sensitive to HX oversizing. However, it was previously 
demonstrated through cycle analysis that the COP of R744 transcritical cycle is less 
sensitive to changes in the evaporation temperature than that of the R410A. Thus, with 
respect to evaporator, R410A is also benefiting more from oversizing than transcritical 
R744.  
 
Figure 4.25: Effect of the relative size of the heat exchangers on experimental and numerical COP 
(without fans power) and cooling capacity (System#2).   
 
Figures 4.25 and 4.26 also display the numerical results (dashed lines) for the 
same experimental conditions. Air side conditions, cooling capacity and experimentally 
obtained isentropic efficiency were given as inputs, in addition to evaporator superheat 
and condenser subcooling for R410A and high-side pressure and evaporator exit quality 
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for R744. It can be observed that the model agreed well with the experimental data and 
was able to capture the similar trends with respect to changing the HX relative size. A 
more complete experimental validation study is available in the Appendix B. 
 
 
Figure 4.26: Effect of the relative size of the heat exchangers on experimental and numerical 
temperature difference in evaporator and condenser/gas cooler (System#2).   
 
 
Figure 4.27: Effect of the relative size of the heat exchangers on experimental compressor isentropic 
efficiency and suction line pressure drop (System#2).   
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Figure 4.27 shows that both R410A and R744 were subject to high suction line 
pressure drop at smaller relative HX sizes, or higher cooling capacities. Nevertheless, due 
to high saturation pressures for given temperatures, R744 performance is much less 
sensitive to suction line pressure drop than R410A. For instance, at the given operating 
conditions, every 100 kPa of suction line pressure yields about 1 K of saturation pressure 
drop for R744 and around 4 K for R410A, which means the COP of the R410A system 
will be more affected by the same suction line pressure drop. Even though the suction 
line pressure drop is still reasonable for R744, it was unrealistically high for a typical 
R410A system. In addition to unrealistic suction line pressure drop, the size effects 
obtained experimentally were also contaminated by changes in compressor isentropic 
efficiency (Figure 4.27). The effects of suction line pressure drop and isentropic 
efficiency will be removed later during the numerical analysis, to be shown later. 
 Figure 4.28 illustrates the experimentally obtained R410A and R744 cycles in a 
T-h diagrams, both for a cooling capacity of 3.3 kW. The air temperature along R744 gas 
cooler and R410A condenser is approximated by a counter-flow arrangement with 
respect to the refrigerant.  
 
  
Figure 4.28: Experimentally obtained R410A and R744 cycles for a cooling capacity of 3.3 kW 
(System#2) 
0 50 100 150 200 250 300 350 400 450
-20
0
20
40
60
80
100
120
Specific enthalpy [kJ/kg]  
T
em
p
er
a
tu
re
 [
°C
]
s
 =
 1
.0
8
 k
J
/k
g
K
s
 =
 1
.3
1
 k
J
/k
g
R744 - Actual cycle (Qevap=3.32kW)
R410A - Actual cycle (Qevap=3.34kW)
Tevap = 5.6°C
W input = 1455 W
Pgcro = 8.70 MPa
COP = 2.28
xout = 0.98 (refrig. balance)
DTapproach = 1.0°C
MR = 23.3 g/s
Tevap = 6.9°C
W input = 1109 W
Tcond = 43.5°C
COP = 3.01
DTSH = 2.8°C
DTSC = 2.2°C
MR = 20.7 g/s
hisen = 0.661 / hmech = 0.724 / hcomp = 0.910
hisen = 0.643 / hmech = 0.834 / hcomp = 0.772
R410A
R744
Condenser ai
r temperature
Gas cooler ai
r temperature
T
eai  
= 27°C 
T
cai  
= 35°C 
mfa
e
 = 0.18 kg/s 
mfc
c
 = 0.45 kg/s 
SC = 2°C (R410A) 
SH = 2°C (R410A) 
x
ero  
= 0.99 (R744) 
P
gcro 
= P
maxCOP
 (R744)  
SH = 0°C 
Qe = 3.3 kW 
61 
 
 
 Figure 4.28 further demonstrates that, for a given cooling capacity and the exact 
same heat exchangers, the transcritical R744 system can reach much smaller approach 
temperature in the gas cooler than the R410A system with respect to the condenser. As 
pointed out by Hrnjak (2010), smaller gas cooler approach temperatures are facilitated by 
the counter-flow design of the heat exchanger that exposes the exit of the gas cooler to 
the inlet (coldest) air. Furthermore, it can be visualized that the saturation temperature 
drop along the evaporator is much larger for R410A than for R744. 
 
4.6.3 Numerical Analysis  
 
A numerical analysis on the effect of the size of the HXs for System#2 was 
carried out for both fluids R410A and R744 with the experimentally validated model. The 
experimental data was limited to a small range, so one of the objectives is to extrapolate 
the analysis to larger or smaller HX sizes than those of the experiments. Furthermore, in 
order to focus solely on the effect of HX size, the effects of isentropic efficiency and 
suction line pressure drop were removed by keeping both of them at constant values. 
For both fluids, the compressor isentropic efficiency was maintained constant at 
70%, while the suction line pressure drop was set to zero. For R410A, evaporator 
superheat and condenser subcooling were typically set to zero. For R744, the high-side 
pressure was varied in order to find the maximum COPs at each relative HX size 
condition. All R744 numerical results were based on COP maximizing high-side 
pressures. In addition, based on experimental results, an evaporator exit quality of 99% 
and an internal heat exchanger effectiveness of 90% were set in the R744 system. Air 
side conditions were maintained the same for both refrigerants. 
Figures 4.29 and 4.30 show numerical results of the effect relative size of HXs, in 
terms of SUAair, on COP (with and without fans power) and air-refrigerant temperature 
difference. Theoretical limits of COP obtained by cycle analysis considering heat 
exchangers and air flow rates of infinite size are also displayed in Figure 4.29. For R744, 
the theoretical limit of COP was obtained assuming the refrigerant temperature at the gas 
cooler exit and the refrigerant saturation temperature at the evaporator exit equal to air 
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inlet temperatures, a compression isentropic efficiency of 70% and an internal heat 
exchanger effectiveness of 90%. For R410A theoretical limit, it was assumed refrigerant 
saturation temperatures at condenser and evaporator equal to air inlet temperatures and 
the same compression isentropic efficiency of 70%, without internal heat exchanger. 
Theoretical COP limits of 10.5 (R744) and 22.9 (R410A) were calculated 
First, the COP without the fans power will be analyzed. The numerical results of 
Figures 4.29 and 4.30 confirm the R744 system becomes more competitive in terms of 
COP at smaller sizes (larger cooling capacities) but it is less sensitive to COP 
improvement from oversizing the HXs than R410A. At the smallest size in Figure 4.29 
(SUAair = 0.41 K
-1
), the R744 COP is only 15% smaller than that of the R410A, while at a 
size twice as large (SUAair = 0.82 K
-1
), this difference increases to 34%. This performance 
difference is still smaller than what it typically predicted by cycle analysis assuming 
infinite size HXs, where R744 has a COP 54% lower than that of R410A. Cycle analysis 
typically does not account for differences in heat transfer characteristics and transport 
properties between R744 and R410A which allow the former to reach smaller air-
refrigerant temperature differences in both condenser/gas cooler and evaporator for a 
given size of HX (or required cooling capacity). These conclusions are consistent to those 
drawn by Hrnjak (2010) while comparing the experimental performance of R134a and 
R744 automotive air conditioning systems. 
Along the same HX size range, from SUAair = 0.41 K
-1 
to SUAair = 0.82 K
-1
, the 
R744 system COP increased by 59%, while for R410A it was up by 104%. R744 system 
COP is less sensitive to oversizing / undersizing than R410A for the same reasons 
pointed out during the experimental analysis. First, the air-refrigerant temperature in the 
R410A condenser is much more sensitive to oversizing than that in the R744 gas cooler. 
For instance, between SUAair = 0.41 K
-1
  and SUAair = 0.82 K
-1
, the gas cooler approach 
temperature decreased by 0.1°C, while in the condenser it dropped by 5.6°C. Over the 
same range, the temperature difference in the evaporator reduced by 9.4°C (R744) and 
14.2°C (R410A). The R410A evaporator was more sensitive due to greater effect of 
decreasing refrigerant side frictional pressure drop while cooling capacity was reduced. 
Between SUAair = 0.41 K
-1
 (Qe = 4.0 kW) and SUAair = 0.82 K
-1 
(Qe = 2.0 kW), the drop in 
the refrigerant evaporation temperature decreased from 0.3°C to 0.05°C with R744 and 
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from 4.7°C to 0.6°C with R410A. In addition, it has been shown that the R410A cycle is 
more sensitive to changes in the evaporation temperature than the R744 cycle. It should 
be reminded that the frictional pressure drop in the R410A evaporator could always be 
reduced by redesigning the refrigerant circuiting, although refrigerant-side heat transfer 
coefficient could be penalized. The side-effects of refrigerant-side pressure drop will vary 
for different evaporator designs. 
 
 
Figure 4.29: Effect of relative size of HXs on theoretical and numerical COPs, with and without fans 
power taken into account, while reducing the cooling capacity (System#2). 
 
 
Figure 4.30: Effect of relative size of HXs on evaporator and condenser/gas cooler temperature 
differences, while reducing the cooling capacity (System#2). 
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When the fans power are taken into account, the R410A COP reaches a maximum 
of about 8.2 at a very large HX size (SUAair = 2.7 K
-1
), almost 6 times larger than the 
originally designed size (SUAair = 0.47 K
-1
) or cooling capacity of 3.5 kW, where the COP 
was equal to 3.3. Regarding R744, the maximum COP (around 5.6) is possibly reached at 
a size (SUAair) of around 3.0 K
-1
. The R744 simulation model did not converge within the 
desired tolerance beyond SUAair of 3.0 K
-1
. 
 Figure 4.31 shows the ratio of COP (without fans power) over the theoretical COP 
limits (based on infinite size HX and air flow rates) for both R410A and R744 and the 
SUAair as a function of the relative size of the HXs in terms of TKlein. The continuous 
lines were generated by the numerical model while the dashed lines represent an 
extrapolation of the numerical results towards the theoretical limits.  
 
 
Figure 4.31: Effect of size of the HX in terms of TKlein on the COP ratio to R744 and R410A 
theoretical limits (System#2). 
  
According to Figure 4.31, as TKlein decreases, i.e. the heat exchangers become 
larger relative to the cooling capacity, the COP ratio increases. In addition, the 
extrapolation (dashed lines) of the numerical results seems to point consistently towards 
the COP ratio of 1.0 as the TKlein approaches zero. Although R744 showed lower 
absolute COP values than R410A, Figure 4.31 demonstrates that R744 is actually closer 
to its theoretical limit than R410A, for a given HX size based on the air-side thermal 
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resistance (SUAair). One could take the COP ratio as an additional measure of relative size 
of HXs. The closer to the theoretical limit of infinite HXs size and air flow rates, the 
larger the relative size of the heat exchangers. 
 
4.7 Separated Effect of the Relative Size of R744 Gas Cooler and R410A Condenser 
for System#2 
 
As previously mentioned, while reducing the cooling capacity with a fixed HX 
physical size, both evaporator and condenser end up being oversized relative to the 
cooling capacity. In this section, the separate effect of condenser/gas cooler relative size 
on the R410A and R744 systems performance is numerically investigated. In order to 
separate the effects of the gas cooler/condenser, the dimensions of these heat exchangers 
were varied while keeping those of the evaporator constant as well as the cooling 
capacity.  
Figure 4.32 shows the effect of the size of R744 gas cooler and R410A condenser 
relative to a fixed cooling capacity of 3.5 kW on the COP with and without the fans 
power taken into account and on the air-refrigerant temperature difference. The size of 
gas cooler/condenser was increased by incrementing its width while keeping constant 
depth and height as well as the air face velocity, which means that the air flow rate was 
higher as the face area becomes larger. At each relative size value (SUAair), R410A 
condenser and R744 gas cooler are identical. Figure 4.32 also displays the theoretical 
limits for both fluids. The procedure was the same as that described in Section 4.6, except 
for the evaporation temperature limit, which was set to be equal to the evaporator air exit 
temperature (7.8°C), since the cooling capacity was fixed. COP theoretical limits of 3.35 
(R744) and 5.90 (R410A) were obtained. 
The results from Figure 4.32 confirm that the R744 system COP is less sensitive 
to oversizing/undersizing the gas cooler than the R410A system COP with respect to its 
condenser. If the condenser/gas cooler size is doubled from the smallest value of 0.17 K
-1
 
to 0.34 K
-1
, the R744 COP (with fans power) increases by 23% while the R410A COP is 
46% higher. One could also conclude the R744 becomes more competitive in terms of 
COP as the size of the gas cooler/condenser becomes smaller. As previously discussed, 
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for a given size of condenser/gas cooler, the approach temperature is much smaller for 
R744 than for R410A and so is the room for further decrease with oversizing. Another 
way to quantify the relative size or the room for improvement with oversizing is by 
evaluating how close the actual COP is from the theoretical limit. Over the range the 
same range of size, from 0.17 K
-1
 to 1.0 K
-1
, the ratio of actual COP to the theoretical 
limit varies from 0.65 to 0.88 for R744 and from 0.39 to 0.72 for R410A. This confirms 
that, indeed, R744 gas cooler yields less COP improvement while oversizing. 
 
 
Figure 4.32: Separate effect of relative size of R410A condenser and R744 gas cooler, in terms of air-
side UA of each HX per unit of cooling capacity, on COP with and without fans power for a fixed 
cooling capacity of 3.5 kW (System#2). 
 
4.8 Comparison between size effects of Systems #1 and #2 for R410A 
 
 In this section, the effect of HXs size on COP in both systems #1 and #2 is 
compared. First, Table 4.2 shows a comparison between the original designs of Systems 
#1 and #2. All variables in Table 4.2 were obtained by the model.   
 
Table 4.2: Comparison between original designs of Systems #1 and #2 
 Qe (UA)air,e (UA)air,c (εC)e (εC)c TKlein SUAair COP 
 [kW] [kW/K] [kW/K] [kW/K] [kW/K] [K] [K-1] [-] 
System#1 2.6 0.64 1.23 0.20 0.46 19 0.72 5.77 
System#2 3.5 0.45 1.20 0.14 0.45 32 0.47 3.36 
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 Table 2 shows that, although System#1 has a smaller rated cooling capacity, its 
total (UA)air is 13% greater, thus yielding a relative size, in terms of SUAair, about 53% 
larger. The overall heat capacitance of System #1 is also 12% larger than that of 
System#2, due larger UA and air flow rates in the evaporator. The distribution of heat 
exchanger inventory between condenser and evaporator is also slightly different. For 
System#1, 66% of the total (UA)air is with the condenser, while for System#1 it is equal 
to 73%.  
 Figure 4.33 shows the variation of COP and COP ratio to theoretical limit with 
respect to relative size of HX in terms of TKlein, while Figure 4.34 displays the cooling 
capacity and the relative size in terms of SUAair.  It can be seen from Figure 4.33 that the 
COPs of both systems lie almost on the top of each other, at a given TKlein. That is 
because, in addition to same TKlein, isentropic efficiency is equal and heat exchanger 
inventory distribution is very similar. According to Figure 4.34, for a given TKlein, 
System#2 has a larger total heat exchanger inventory per unit of cooling capacity (SUAair) 
but  provides a smaller cooling capacity due to smaller air flow rates. 
  
 
Figure 4.33: Effect of size of heat exchangers, in terms of TKlein, on COP and COP ratio to 
theoretical limit, with and without fans (Systems #1 and #2). 
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generalized way to represent the relative size of the heat exchangers that is applicable to 
subcritical and transcritical systems. 
 
 
Figure 4.34: Cooling capacity and relative size of HXs in terms of SUAair, as a function of TKlein 
(Systems #1 and #2) 
 
 
4.9 Summary and Conclusions 
 
 The effect of size of the heat exchangers relative to the system capacity on the 
performance of two air-conditioning systems has been experimentally and numerically 
investigated for R410A and transcritical R744. 
 First, ways to quantify the relative size of HXs were discussed including measures 
given by the total UA value over the system cooling capacity and by TKlein. The latest 
appeared to be a more generalized measure of total heat exchanger size of the system, 
even though it does not provide information about how heat transfer conductance is 
distributed between evaporator and condenser. 
 The relative size of the HXs was experimentally varied by changing the cooling 
capacity while keeping the same heat exchangers. Experimental results showed that as 
the relative size of HXs is increased, air-refrigerant temperature differences decreased in 
the HXs and COP increases until it reaches a maximum of 9.5 (without fans power). This 
is a very high COP compared to off-the-shelf units whose COP typically range from 3 to 
5, but it is only 28% of the ideal Evans-Perkins COP. The drop in compressor isentropic 
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efficiency and the constraints of fixed condenser subcooling and evaporator superheat 
were pointed out as limiting factors for further increase in COP. With an experimentally 
validated model, these constraints were removed and the isentropic efficiency fixed so 
that the sole effect of the HXs oversizing would be examined. In this case, even though 
the COP (without fans power) would increase continuously towards the theoretical limit, 
the COP sensitivity to further oversizing is reduced significantly as the relative size is 
increased. When the fans power are included in the COP, the system becomes even less 
sensitive to oversizing and reaches a maximum of 8.5, about 60% larger than the original 
size COP of 5.3, but with HXs about five times larger. A COP of 8.5 would represent 
only 25% of the ideal Evans-Perkins COP. When an evaporator air exit temperature 
constraint was imposed, the maximum COP only reached 6.3. 
 With the experimentally validated model, the effects of oversizing condenser and 
evaporator were separated by physically increasing the face area of one heat exchanger 
while keeping the other one fixed as well as the cooling capacity. It has been shown that 
the system analyzed (System#1) is much less sensitive to oversizing condenser than 
evaporator, due to an already large size original condenser. Maximum COP while 
oversizing the condenser face area at a fixed face velocity reached 5.9, or 12% larger than 
the original COP. 
 This Chapter also investigated differences in COP sensitivity to size between 
subcritical R410A and transcritical R744 AC systems. The performance of both 
refrigerants with the same HXs and under same operating conditions was experimentally 
measured. Experimental and numerical results showed that the COP of the transcritical 
R744 system is significantly less sensitive to HX size than the R410A. While doubling 
the relative size of the HXs, R410A COP increases by 104% while that of transcritical 
R744 increased only 59%. On the other hand, one could also conclude that R744 
becomes more competitive in terms of efficiency as the relative size of the HXs is 
reduced (or cooling capacity increased for a fixed size). The major reason for the 
difference was associated with the gas cooler/condenser. Even though the COP of the 
transcritical R744 cycle is more sensitive to its gas cooler approach temperature than the 
R410A (condenser), the gas cooler approach temperature is much less sensitive to HX 
oversizing than the R410A condenser approach temperature due to differences in the air-
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refrigerant temperature glide. Secondary differences appeared in the evaporator due to 
greater sensitivity of R410A to refrigerant-side pressure drop. 
 The effect of HX size was also discussed in terms of the ratio between actual COP 
and theoretical COP limits (infinite size HX and air flow rates) for both subcritical 
R410A and transcritical R744. Numerical results were extrapolated towards infinite size 
HXs (or TKlein = 0), where COP ratios seemed to be consistent to the specific theoretical 
limits for both refrigerants. It was also concluded that, for a given HX size R744 COP 
ratio is larger than that of R410A. In addition, it was suggested that the COP ratio to 
theoretical limit could be used as a measure of HX relative size. 
 As recommendation for future work, it is suggested to include the depth and the 
air face velocity as additional degrees of freedom while varying the HXs size. Different 
ambient conditions or climate data could also be considered. The total cost of the A/C 
unit, including the expenses with energy consumption and the initial cost, could be 
estimated and used as a parameter for comparison among different sizes of HXs. 
Furthermore, the use of LCCP (Life cycle climate performance) analysis is also 
suggested as a future work.  
 Even though the analysis of the effects of HXs size was limited to two specific air 
conditioning systems, there is confidence that the major findings and trends observed can 
be extended to other applications.  
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                                                                           CHAPTER 5
EXPERIMENTAL INVESTIGATION OF TWO-PHASE EJECTOR 
AS THE WORK RECOVERY EXPANSION DEVICE IN AN R410A 
AIR CONDITIONING SYSTEM 
 
 
5.1 Introduction 
 
 A two-phase ejector can be used as the expansion device in vapor compression 
systems to reduce throttling losses while recovering expansion work. An ejector is 
capable of converting kinetic energy from the expansion process into pressure flow work, 
increasing compressor suction pressure and consequently reducing compressor net work.  
 In this section, the utilization of a two-phase ejector to recovery expansion losses 
in an air conditioning system operating with R410A is experimentally investigated. This 
study is a continuation of research efforts on ejectors at the ACRC, which began with Dr. 
Stefan Elbel and his advisor Prof. Pega Hrnjak. Stefan Elbel completed the work on R744 
ejector for air conditioning systems in 2007 and is frequently cited throughout this 
Chapter.  
 First, a numerical investigation of an R410A vapor compression cycle using an 
ejector to recover expansion losses is presented based on thermodynamic cycle analysis. 
The objective is to evaluate the potential of the device to improve the cycle COP with 
R410A. Second, the experimental methods and the test facility are presented. Finally, 
three sections discuss the experimental results, which are divided in ejector performance, 
system performance analysis and effect of ejector geometric parameters.  
 The specific objectives of this section are the following: 
 Provide experimental data for an R410A two-phase ejector prototype in an air 
conditioning system under several operating conditions; 
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 Evaluate the effect of ejector geometric parameters, such as mixing section length, 
diffuser angle and suction nozzle size on the ejector and system performance; 
 Evaluate the system performance of an R410A air conditioning system running 
with an ejector to recover expansion losses under a reasonable range of outdoor 
and indoor air temperatures, compressor speed, condenser subcooling and 
evaporator superheat; 
 Quantify separately the benefits of the ejector system due to work recovery and to 
near liquid-feeding evaporator by experimentally comparing the performance of 
ejector (Figure 5.1), flash gas bypass (Figure 5.2) and conventional (Figure 5.3) 
systems at the same operating conditions. More details about this approach will be 
given later. 
Condenser
Compressor
Flash tank
Metering valve
Ejector
Evaporator
Subcooling 
valve
 
Figure 5.1: Ejector cycle setup 
 
 
Condenser
Compressor
Flash tank
Vapor bypass 
valve
Evaporator
Expansion 
valve
 
Figure 5.2: Flash gas bypass cycle setup 
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Condenser
Compressor
Evaporator
Expansion 
valve
 
Figure 5.3: Conventional cycle setup 
 
 
5.2 Numerical investigation based on a thermodynamic cycle analysis 
 
In this section, a numerical analysis is performed to investigate the theoretical 
potential for COP improvement in a vapor compression cycle with a two-phase ejector 
relative to a conventional cycle. The ejector is modeled according to the approach 
proposed by Kornhauser (1990) and the overall cycle performance is based on 
thermodynamic cycle analysis. In additional to R410A, R134a, R744 and R1234yf are 
examined. Different operating conditions are also considered. 
 
5.2.1 Ejector Model 
 
The approach proposed by Kornhauser (1990) to perform the ejector calculations 
is described here. Kornhauser (1990) divided the ejector into four parts: motive nozzle, 
suction nozzle, mixing section and diffuser. Then, the author performed a series of 
simplifications on the conservation equations of mass, momentum and energy for each 
ejector part. The following assumptions were considered: 
- The flow throughout the entire ejector is adiabatic and at steady-state 
- Except for the mixing section, the flow is one dimensional, which means 
velocities and properties are constant at a given cross-section 
- The mixing process occurs at constant pressure, lower than the evaporation 
pressure. 
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- The refrigerant is always at thermodynamic quasi-equilibrium  
- Thermodynamic non-equilibrium effects are not considered directly in the model 
- Gravitational energy and body forces are neglected  
 
 In addition to the assumptions above, the processes in both nozzles and in the 
diffuser were modeled using efficiencies that relate the actual process to the adiabatic 
reversible (isentropic) one, as shown in Eqs. (5.1) to (5.3). Typical inefficiencies found in 
ejectors such as frictional pressure drop, shocks, non-equilibrium effects could be 
indirectly taken into account by lowering the efficiency values.  
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The complete iterative two-phase ejector calculation routine proposed by 
Kornhauser (1990) is described in details by Elbel (2007).  
Limitations of this approach are related to the assumptions. For instance, the flow 
is certainly not one-dimensional due to property (temperature, velocity, etc) gradients in 
the radial direction and to potential separated flow regimes. The hypothesis of 
thermodynamic equilibrium is also limited. In fact, it has been shown by other authors 
that the expanding flow in the motive nozzle may go through non-equilibrium states.   
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5.2.2 Thermodynamic cycle analysis 
 
The two-phase ejector calculation procedure was included in a thermodynamic 
cycle analysis routine, in order to predict the overall cycle performance with the ejector 
and compare it with that of a conventional cycle with an expansion valve. The entire 
routine was implemented in EES (2007) by Elbel (2007). Modifications on Elbel’s (2007) 
code were carried out to accommodate different refrigerants. For the thermodynamic 
cycle analysis of conventional (Figure 5.3) and Ejector (Figure 5.1) cycles, the following 
assumptions were taken: 
- Heat addition (evaporator) and heat rejection (condenser) occur at constant 
pressure 
- The refrigerant is saturated vapor at the evaporator exit and saturated liquid at the 
condenser exit 
- The compression process is isentropic 
- The refrigerant undergoes a throttling process in both the metering valve (ejector 
cycle) and the expansion valve (conventional cycle). 
- The COP is defined as the ratio between cooling capacity and compressor power. 
 
5.2.3 Results 
 
Figure 5.4 shows the COP improvements of the ejector cycle relative to the COP 
of conventional cycle. For R134a, R410A and R1234yf, the condensing and evaporating 
temperatures were fixed at 45°C and 5°C, respectively. For R744, evaporating 
temperature was set to 5°C, while the refrigerant temperature exiting the gas cooler was 
set to 38°C. At this operating condition, R744 carries out a transcritical cycle in which 
the heat rejection pressure is above the critical value. The suggested operating conditions 
are typical of residential air conditioning systems under standardized tests. The ejector 
component efficiencies according to Eqs. (5.1) to (5.3) were set to 0.7 each. Another 
degree of freedom is given by the mixing pressure. Kornhauser (1990) showed that the 
mixing pressure can be used to maximize the ejector performance and consequently, the 
cycle COP. When the mixing pressure is at its optimum value (maximum COP), the 
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velocity of motive and suction flows are equal and the mixing process occurs reversibly, 
without mixing losses caused by shearing between the two streams. Although the 
reversible process is impossible, according to Elbel (2007), the mixing pressure 
optimization could be carried out while varying the suction nozzle throat area. For all 
ejector cycle simulations, the mixing pressure was optimized using optimization features 
contained in EES (2007) software. In addition, for the R744 transcritical cycle, the heat 
rejection was also used to maximize COP. 
 
 
Figure 5.4: COP improvement due to ejector relative to conventional cycles for R134a, R410A, 
R1234yf at condensing and evaporating temperatures of 45°C and 5°C, respectively, and for R744 at 
the same evaporating temperature and a refrigerant gas cooler exit temperature of 38°C, based on 
thermodynamic cycle analysis.  Ejector component efficiencies were set to 0.7.  
 
According to Figure 5.4, R744 (22.8%) has the greatest potential for COP 
improvement with ejector due to its large relative throttling losses, followed by R1234yf 
(10%), R410A (9.6%) and R134a (7.5%).  
Operating conditions of condensing and evaporating temperature may also affect 
the potential for COP improvement with ejector. Figure 5.5 shows the results for R410A 
in which the ejector efficiencies were all set to 0.7. It can be seen that, for a given 
evaporating temperature, the COP improvement due to ejector increases with the 
condensing temperature, because of increasing throttling losses. For the same reason, as 
the evaporating temperature decreases the impact of the ejector on the cycle COP 
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increases. The ejector also contributes to reduce the heat rejection losses, since the ejector 
pre-compression effect allows the main compression process to start at a higher pressure 
and, subsequently, take a steeper isentrope towards the discharge. According to Figure 
5.5, cooling applications which operate under higher outdoor temperatures and lower 
indoor temperatures tend to benefit more from an ejector.  
 
 
Figure 5.5: Effect of condensing and evaporating temperatures on the estimated COP improvement 
due to ejector relative conventional cycles, for R410A, base . Ejector component efficiencies were set 
to 0.7. 
 
Figure 5.6 shows the effect of ejector component efficiencies on the COP 
improvement relative to the conventional cycle, for R410A at condensing and 
evaporating temperatures of 45°C and 5°C, respectively. It can be observed that as the 
component efficiency is increased, i.e. ejector losses are reduced, COP improvement rises 
up to a maximum of about 32%.  
The numerical analysis just presented has demonstrated that the ejector cycle can 
yield reasonable COP improvement for R410A in comparison to the conventional cycle 
and, thus, justifies an experimental work. 
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Figure 5.6: Effect of ejector individual component efficiency on the COP improvement due to ejector, 
for R410A, at condensing and evaporating temperatures of 45°C and 5°C. 
  
5.3 Experimental apparatus and methods 
 
5.3.1 Original R744 Ejector Prototype 
 
 The initial idea was to use the same modular prototype ejector designed and tested  
by Elbel (2007) with R744 as a drop-in with R410A. However, based on preliminary tests 
with R410A, modifications on original design had to be carried out and will be described 
in the section 5.3.2. 
 The original prototype ejector designed by Elbel (2007) is illustrated in Figure 5.6 
and briefly described next. The prototype consists of four modules (inlet, motive, mixing 
section and diffuser modules) connected by screws and sealed with several VITON O-
rings. Elbel’s (2007) ejector design combined suggestions from several literature sources, 
specially ASHRAE (1983), and calculations of the cross-sectional areas using models 
such as Henry and Fauske’s (1971), Kornhauser’s (1990) and Homogeneous Equilibrium 
Model (HEM). 
 The motive nozzle was designed by Elbel (2007) as a converging-diverging type 
in order to allow the primary subsonic flow to accelerate in the converging section 
towards critical conditions at the motive nozzle throat and then to continue the expansion 
in the diverging section as a supersonic flow. Converging and diverging angles were 
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originally 36° and 2.3°, respectively. The motive nozzle throat diameter was designed 
using an empirical model proposed by Henry and Fauske (1971) in which potential 
metastability effects due to delayed flashing were present. For the design conditions 
expected by Elbel (2007) with R744, a throat diameter of 1 mm was obtained, which led 
to a motive nozzle exit plane diameter of 1.5 mm.  
 
Suction nozzle
(size determined by shim 
thickness)
Suction flow
(four ports)
Motive nozzle
Motive
flow
Mixing section
Diffuser
 
Figure 5.7: Prototype ejector (Elbel, 2007) 
 
 A suction nozzle was designed by Elbel (2007) in an attempt to reduce the mixing 
losses by pre-accelerating the suction flow prior to the mixing section. With the design 
conditions as inputs, the HEM model was used to obtain the cross-sectional areas.  In 
addition, the prototype allowed the suction nozzle area to be changed by varying the 
number of shims placed between the motive nozzle and the mixing section modules.  
 As suggested by ASHRAE (1983), the mixing section was designed by Elbel 
(2007) as a double-coned convergent region to better approximate a constant pressure 
mixing. Other suggestions include typical angles and lengths. The diameter (2.8 mm) of 
the cylindrical part of the mixing section was calculated using the HEM model. The 
prototype also allowed variation of the mixing section length, from a baseline value of 
7.5 mm, by adding extension modules of 25 mm, 50 mm and 75 mm. 
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 The diffuser designed by Elbel (2007) also followed suggestions from the 
literature. In order to examine the effect of  the diffuser angle on the ejector performance, 
modules with angles of 3°, 5°, 10° and 15° were built. 
  
5.3.2 R410A Ejector Prototype Design 
 
 Since the initial attempt was to use the same modular prototype ejector developed 
by Elbel (2007) with R744 as a drop-in with R410A, calculations were made to estimate 
the new R410A system capacity. Using the geometric parameters of the original R744 
ejector prototype and Henry and Fauske’s (1971) model, a motive mass flow of R410A 
of about 25 g/s was estimated. In addition, the model was prescribed with motive nozzle 
inlet conditions typical of those found at the exit of condensers in air conditioning 
applications: a condensing pressure equal to 2724 kPa, i.e. saturation temperature of 45°C, 
and subcooling of 2°C. A commercial R410A compressor with a rated capacity 3.5 kW 
and variable speed features ranging from 30 Hz to 120 Hz was found to be adequate. 
 Preliminary tests were carried out with the original prototype ejector. At low mass 
flow rates the system did not reach subcooling conditions upstream of the motive nozzle 
inlet. Instead, sight glass visualization revealed two-phase flow. The lack of subcooling at 
the condenser exit, or before the motive nozzle inlet, is known to cause deterioration of 
the system performance which would make the test unrealistic. The absence of 
subcooling was an indication that the motive nozzle throat was probably oversized for the 
refrigerant flow rates. Next, the compressor speed was raised further to increase the 
motive flow rate. However, the system performance began to deteriorate due to lack of 
suction entrainment which eventually led the evaporator to starve. Although this behavior 
could be a sign of chocking of the suction nozzle flow, calculations indicate Mach 
numbers of 0.1.  
 A few modifications were made based on the preliminary tests. Motive nozzle 
throat diameter and suction nozzle were modified. The motive nozzle throat diameter was 
reduced to 0.87 mm in order to restrict the flow and consequently try to reach subcooling 
conditions at motive flow rates in which suction flow entrainment was appropriate. The 
diameter of the motive nozzle exit plane was maintained at 1.5 mm, so the diverging 
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angle was increased from 2.3° to 2.9°. In addition, the outer diameter of the motive 
nozzle exit plane was reduced from 3.0 mm to 2.5 mm in an attempt to increase the 
suction nozzle and facilitate entrainment, even though Mach calculations did not indicate 
a constraint. The final modified drawings are shown in the Appendix E in details. Given 
the mass flow rate from Henry and Fauske’s (1971) model, R410A refrigerant conditions 
at the remaining cross-sectional areas were obtained using HEM. The calculated R410A 
Mach numbers were very similar to those calculated for the R744 design conditions. 
Later, results will show that the modified R410A ejector design worked successfully.  
 
5.3.3 Experimental Test Facility 
 
In this section, the experimental facility and the components of the R410A air 
conditioning system are described in details. Figure 5.8 illustrates the diagram of the 
experimental setup for the ejector air conditioning system, while Figure 5.9 shows a 
photograph of the facility. 
Condenser and evaporator were installed inside the closed-loop wind tunnels 
which were built according to standards from ASHRAE (1992). Air flow rate and inlet 
temperature to the heat exchangers (condenser and evaporator) were controlled by 
variable speed blowers and electric heaters, respectively. A fresh air intake in the 
condenser loop was used to compensate heat released from the condenser and the electric 
heaters. In the evaporator loop, an auxiliary cooling coil was used to dehumidify the air, 
maintaining dry conditions at the main evaporator inlet. The other components of the 
refrigeration circuit were placed in between the wind tunnels in order to allow realistic 
piping lengths.  
The compressor (Figure 5.10) was a hermetic rotary type with a variable speed 
inverter and swept volume of 16.1 cm
3
 per revolution. The condenser (Figure 5.11) of the 
system was a microchannel cross-counterflow type with four slabs, each with 41 parallel 
microchannel tubes, originally designed for R744. The height, width, and depth of the 
brazed aluminum coil are 483 mm, 406 mm, and 35 mm, respectively. The fin pitch and 
louver angle are equal to 1.15 mm and 27°, respectively.  
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Figure 5.8: Layout of the experimental test facility 
 
The evaporator (Figure 5.12) is a round-tube in-fin type originally designed for a 
US Army Environmental Control Unit operating with R22. The heat exchanger overall 
dimensions are 432 mm (width), 229 mm (height) and 95 mm (depth), with a fin pitch 
equal to 2.1 mm and a total of 45 tubes. 
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Figure 5.9: Photograph of the experimental facility (Elbel, 2007) 
 
 
 
Figure 5.10: Compressor 
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Figure 5.11: Condenser (Elbel, 2007) 
 
 
Figure 5.12: Evaporator 
 
In order to separate liquid from vapor after the diffuser exit, a flash tank (Figure 
5.13) was installed. The liquid level was monitored through the sight glass. An oil return 
valve allowed oil accumulated in the flash tank (see Figure 5.8) to be sent back to the 
compressor when needed. Elbel (2007) has shown that excessive oil accumulation in the 
flash tank can yield a high oil concentration mixture to be fed into the evaporator and, 
subsequently, cause a reduction of the evaporator heat transfer performance and the 
system COP. On the other hand, once the oil return valve is opened, liquid refrigerant can 
end up being carried with oil directly into the suction of the compressor. This can cause 
not only reduction of cooling capacity but also the possibility of liquid slugs to reach the 
compressor. Elbel (2008) showed that, for R744, an internal heat exchanger in which the 
cold side is installed between the flash tank and the compressor and the hot side, in 
between the gas cooler exit and the ejector inlet, can be used to evaporate and superheat 
the liquid refrigerant from the oil return valve while cooling down the stream from the 
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gas cooler. Thus, the refrigerating effect of the liquid refrigerant is recovered and the 
liquid slugs are avoided if the internal heat exchanger is properly sized. For systems 
running with R410A, however, the internal heat exchanger is thermodynamically 
detrimental and has not been installed. Later, exploratory tests revealed that, because of 
the low oil concentration rate of this R410A system, it was possible to maintain the oil 
return valve closed for several hours while the system was operating without causing 
reduction of the system performance. The oil return valve would be eventually opened 
after the system was turned off. In addition to vapor-liquid separation, the flash tank was 
also used to store refrigerant mass during different operating conditions. 
Figure 5.14 shows a photograph of the modular prototype ejector used in this 
study. The pressure taps, the four-leg suction distributor and the suction and motive flow 
ports are indicated in the photograph. 
 
 
Figure 5.13: Flash tank (Elbel, 2007) 
  
86 
 
 
Figure 5.14: Modular prototype two-phase ejector (Elbel, 2007) 
 
Since the motive nozzle throat diameter of the ejector was designed for the 
maximum refrigerant mass flow rate expected, a needle valve, called here subcooling 
valve, was used to control the condenser exit subcooling at lower mass flow rates by 
restricting the flow (see Figure 5.8). The needle from the valve could be later integrated 
into the motive nozzle as implemented by Elbel and Hrnjak (2008) to control the high 
side pressure in an R744 transcritical system. Since the suction nozzle cross-sectional 
area of the ejector is fixed, a metering valve was used to control the refrigerant flow 
through the evaporator and, consequently, the evaporator exit superheat.   
The same facility was also capable of testing the flash gas bypass system (FGB) 
by removing the ejector from the refrigeration circuit and rearranging a few refrigerant 
lines. Subcooling and metering valves of the ejector system (EJE) were used in the FGB 
system as expansion and vapor bypass valves, respectively. In order to test the 
conventional system (CV), the flash tank, the vapor bypass valve and a few refrigerant 
pipes were removed from the FGB system. Special care was taken to keep similar piping 
lengths in the low-pressure side of the three systems in order to minimize differences in 
pressure drop that could later influence system performance comparisons. 
The cooling capacity was obtained from an air-side energy balance using flow 
nozzle pressure drop measurements combined with relative humidity and Type-T 
temperature readings. In addition, for the CV system, the evaporator capacity was 
independently determined with refrigerant-side measurements by multiplying the mass 
Motive flow
Four-leg 
distributor
Suction flow
Pressure taps High-pressure 
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flow rate to the specific enthalpy difference across the heat exchanger. A power 
transducer measured the compressor electric power which combined with the air-side 
cooling capacity yielded the coefficient of performance, COP.   
The refrigerant circuit was typically charged with about 2 kg of refrigerant R410A 
for the ejector system. Before charging, the refrigerant circuit was always connected to a 
vacuum pump in order to remove moist, air and other impurities.  
Experimental data was recorded every six seconds during fifteen minutes at 
steady-state, which was typically achieved about three hours after the start-up. The data 
acquisition system was a HEWLETT-PACKARD 75000 type, equipped with a voltmeter 
module and four multiplexer cards for a total of 64 channels. Two of the multiplexer 
cards read thermocouple signals, while the other two read other volt signals coming from 
pressure transducers, mass flow meters, etc.  
The steady-state experimental data recorded was averaged and the resulting data 
was processed with EES (2007) in order to calculate thermodynamic properties and 
perform other calculations. 
 
5.3.4 Experimental Uncertainties 
 
The accuracies of the instruments are described by Elbel (2007). The same author 
also carried out an uncertainty propagation analysis for this facility. He obtained an 
uncertainty of ±6% for the air-side and refrigerant-side cooling capacities and ±5% for 
the COP.  
For the CV system, independently obtained air and refrigerant side energy 
balances were available and agreed within ±3% (Figure 5.15). During the calculation of 
refrigerant-side cooling capacity, the presence of oil was neglected since the oil 
circulation rate measured was less than 1%. For FGB and EJE systems, a Coriolis-type 
mass flow meter had been initially mounted between the exit of the flash tank and the 
metering valve. However, consistent fluctuations on the mass flow meter signal of ±20% 
were observed. A sight glass was then installed upstream of the mass flow meter and 
vapor bubbles were visualized. This means that two-phase flow was entering the mass 
flow meter which is known to cause fluctuations on the signal. Frictional pressure drop 
88 
 
along the line was probably causing the saturated liquid exiting the flash tank to partially 
evaporate. Another reason for the problem could be mal-separation of liquid and vapor 
phases in the flash tank. Visualization of the liquid inside the flash tank through its sight 
glass, however, did not indicate that vapor bubbles would be entraining in the liquid port. 
   
 
Figure 5.15: Air and refrigerant side cooling capacities 
 
Table 5.1 shows the results of three tests carried out with the EJE system at the 
same operating conditions with the objective of verifying the repeatability of the 
experimental data. It can be observed that the maximum difference in cooling capacity 
and COP was only 1.6% within the three tests, while the compressor mass flow rate 
varied by just 1%. The remaining variables also deviated within acceptable limits.     
 
 
Table 5.1: Repeatability results at Tindoor = 17°C, Toutdoor = 45°C, CS = 35Hz 
 
QCOOLING WEL,CP COP MCP PERO PCRO 
 
[kW] [kW] [-] [g/s] [°C] [kPa] 
Test 1 1.910 0.757 2.525 13.4 959 3134 
Test 2 1.907 0.757 2.520 13.4 957 3135 
Test 3 1.939 0.758 2.558 13.5 965 3139 
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5.3.5 Test Conditions  
 
The numerical analysis demonstrated that the operating conditions affect the 
impact the ejector on the system COP. During the experimental work, the ejector 
performance and the potential for COP improvement with ejector are also investigated at 
different operating conditions. The condenser air inlet temperature, i.e. outdoor 
temperature, was set to 38°C, 45°C and 52°C, for a fixed evaporator air inlet temperature, 
i.e. indoor temperature, of 17°C. In addition, the indoor temperature was set to 10°C, 
17°C and 27°C, for a fixed outdoor temperature of 45°C. The objective of such test 
matrix was to cover evaporation temperatures ranging approximately from 0°C to 15°C 
and condensing temperatures from around 40°C to 60°C. Air flow rates were kept at 0.24 
m
3
/s (corresponding face velocity of 2.5 m/s) in the evaporator and 0.47 m
3
/s 
(corresponding face velocity of 2.4m/s) in the condenser for all test conditions.  
 
5.4 Experimental Results: Ejector Performance  
 
Several phenomena can affect the ejector performance. Shocks, frictional pressure 
drop, metastability effects, recirculation and unmatched velocities in the mixing section 
can end up reducing the ejector efficiency. An overall approach for the ejector 
performance was chosen rather than using specific efficiencies for each ejector 
component. This section focuses on the analysis of the ejector performance in terms of 
overall efficiency, pressure lift ratio and mass entrainment ratio, all calculated from 
experimentally obtained quantities, for fixed geometric parameters.  
The definition of ejector efficiency used in this study is given by Eq. (5.4). It 
relates the actual work rate recovered by the ejector to the maximum work rate recovery 
potential.  
 
max,rec
rec
ejec
W
W


  
(5.4) 
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The expressions for maximum work rate recovery and actual work recovered are 
shown in Eqs. (5.5) and (5.6), following the approach proposed and detailed by Elbel 
(2007).  
 
 BACPrec hhmW   max,  (5.5) 
 
 
 DCEVrec hhmW    (5.6) 
 
The compressor (or ejector motive nozzle) mass flow rate was measured by the 
mass flow meter positioned at the compressor discharge line. The evaporator (or ejector 
suction flow) mass flow rate, however, was calculated dividing the air side cooling 
capacity by the refrigerant side enthalpy difference across the evaporator. As 
aforementioned, direct measures of the evaporator mass flow rate by the Coriolis meter 
showed large fluctuations. Figure 5.16 illustrates the refrigerant state points used to 
calculate the ejector efficiency. The enthalpy at state A was determined by the pressure 
and temperature measured at inlet of the subcooling valve (see Figure 5.8) while that of 
the state B was obtained from the entropy at state A and the ejector diffuser outlet 
pressure. By taking state B as described, the pre-throttling process in the subcooling 
valve becomes part of the ejector process. This is fair considering a possible integration 
of the needle of the valve into the ejector motive nozzle. The enthalpy at state C was 
determined using the ejector diffuser outlet pressure and the entropy at state D while the 
enthalpy at state D was obtained from pressure and temperature at the evaporator exit.  
Although the ejector efficiency in Eq. (5.4) does not provide information on the 
individual performance of each ejector part (motive and suction nozzles, mixing chamber 
and diffuser), such definition requires only standard measurements of high accuracy 
(Elbel and Hrnjak, 2008).  
 As aforementioned, the subcooling valve (SV) was used to maintain an 
appropriate degree of subcooling, i.e. refrigerant enthalpy, at the condenser exit for 
different operating conditions. However, it introduces an additional throttling process, 
affecting the ejector efficiency as defined by Eq. (5.4). The impact of the SV throttling on 
the ejector performance was estimated as follows. First, pressure was measured after the 
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valve to determine state S assuming an isenthalpic process through the valve (see Figure 
5.16). Second, the state B’ was obtained from the entropy at state S and the ejector 
diffuser outlet pressure. As a result, the enthalpy difference between states B’ and B 
would be equal to the loss of work recovery potential due to throttling in the subcooling 
valve. Such loss revealed to be less than 10% of the maximum work recovery potential 
(Eq. 5.5), which theoretically would result in less than 2% drop in efficiency for an 
ejector with 20% efficiency. This efficiency reduction, however, was outweighed by the 
benefit of having an appropriate degree of subcooling at the condenser exit. In a similar 
situation, Elbel (2007) also had to compromise ejector efficiency and high-side pressure 
control while using a needle valve inserted at the motive nozzle to maximize COP in a 
transcritical R744 system. 
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Figure 5.16: P-h diagram with the refrigerant state points used for the ejector efficiency calculation 
 
 The ejector performance was also characterized by mass entrainment ratio and 
pressure lift ratio whose definitions are shown in Eqs. (5.7) and (5.8), respectively. 
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 During the ejector operation, it is desired that both the entrainment ratio and 
pressure lift ratio are as high as possible. However, experimental results in shows there is 
interdependence between the two quantities, i.e. as the entrainment ratio increases, the 
pressure lift ratio decreases and vice versa. This is because a given amount of work 
recovery potential can be used either to pump a large suction flow across a small 
difference or vice versa (Elbel, 2007). The variation of the entrainment ratio at Figure 
5.17 was obtained at fixed operating conditions of compressor speed (35 Hz), outdoor 
temperature (45°C), indoor temperature (17°C) and condenser subcooling (3°C) while 
changing the opening of the metering valve. The ejector geometric parameters were also 
fixed: diffuser angle of 3°, short mixing chamber and suction nozzle with no shims 
(minimum cross sectional area). As the metering valve opening was reduced, the 
entrainment ratio decreases and the evaporator superheat increases (Figure 5.17), because 
of the decrease in the evaporation pressure.  
 
 
Figure 5.17: Interdependence between pressure lift ratio and entrainment ratio and variation of the 
evaporator superheat, while changing the opening of the metering valve  
 
Figure 5.17Figure 5.19 shows that the ejector efficiency becomes larger as the 
superheat increases. Although it is unclear why this has happened, the ejector efficiency 
remained within acceptable values, from 15% to 19%. The variation of the evaporator 
superheat also affects the system performance as will be seen later. 
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Figure 5.18: Ejector efficiency versus evaporator superheat while entrainment ratio was reduced by 
changing the opening of the metering valve. 
 
5.4.1 Effect of Condenser Subcooling while Manipulating the Subcooling Valve 
 
The effect of the condenser subcooling on the ejector performance is investigated 
in this section. The condenser subcooling was varied by changing the subcooling valve 
opening, while compressor speed (35 Hz), outdoor temperature (45°C), indoor 
temperature (17°C) and evaporator superheat (3°C) also remained fixed. The ejector 
geometric parameters were the following: diffuser angle of 3°, short mixing chamber (7.5 
mm) and suction nozzle with no shims (minimum cross sectional area). 
As the subcooling valve is closed to increase the subcooling, there is an increase 
in the throttling losses through the valve. Since the ejector efficiency is defined at a state 
before the valve, the increase in the flow restriction in the subcooling valve causes a 
decrease in the ejector efficiency (Figure 5.19). As previously mentioned, this decrease in 
efficiency is actually a result of the drop in work recovery potential due to the isenthalpic 
expansion through the subcooling valve.  
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Figure 5.19: Effect of condenser subcooling on the ejector efficiency on the ejector efficiency 
 
5.4.2 Effect of Compressor Speed 
 
The effect of the compressor speed on the ejector performance is investigated in 
this section. Other operating conditions, such as outdoor temperature (45°C), indoor 
temperature (17°C), evaporator superheat (3°C) and condenser subcooling (3°C) 
remained fixed. The geometric parameters were also kept the same as those in section 
5.4.1. Figure 5.20 shows that, for this ejector, there seems to be a more favorable 
operating point in terms compressor speed, around 35 Hz, where the ejector efficiency 
reaches a maximum. Between 30 Hz and 45 Hz, however, the ejector efficiency still 
remained within a reasonable range from around 10% to 16%. During the experiments, 
the compressor speed was raised to 50 Hz, but stable operating condition was not 
achieved and the ejector efficiency remained lower than 10%. In addition, it was not 
possible to entrain enough refrigerant flow into the evaporator in order to reduce the 
superheat to 3°C. The suction flow seemed to have reached a maximum. A similar 
phenomenon was observed by Elbel (2007). It was first speculated that was due choking 
at the suction nozzle. However, calculations revealed that the Mach number of the 
R410A at the suction nozzle was about 0.1. Elbel (2007) pointed out to the existence of a 
constant capacity feature of ejectors that had been previously described by Munday and 
Bagster (1977). They speculated that, rather than in the suction nozzle, the suction flow 
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would choke in a fictive throat generated by an expanding motive flow cone downstream 
diverging portion of the motive nozzle and the walls of the mixing section. 
 
 
Figure 5.20: Effect of the compressor speed on the ejector efficiency 
 
5.4.3 Effect of Outdoor and Indoor Temperatures 
 
The effect of outdoor and indoor temperatures on the ejector performance is 
investigated in this section. Other operating conditions, such as evaporator superheat 
(3°C) and condenser subcooling (3°C) and compressor speed (35 Hz) were kept constant. 
The geometric parameters also remained the same as those in the section 5.4.1. 
Tables 5.2 and 5.3 summarize the ejector performance results. In Table 5.2, 
ejector efficiency increased from 13.5% to 19.2% as the outdoor temperature varied from 
38°C to 45°C. In Table 5.3, ejector efficiency remained around 16% for indoor 
temperatures of 10°C and 17°C and decreased to 12.2% at 27°C. It can be observed that 
high outdoor temperatures and lower indoor temperatures favored higher ejector 
efficiencies, even though the ejector performance was not that much degraded at the least 
favorable conditions. In other words, the ejector performed better at the worst operating 
conditions, i.e. where the system operates less efficiently.  For an almost identical 
prototype ejector running with R744, Elbel (2007) obtained efficiencies from 7% to 15%. 
Elbel (2007) also concluded that higher outdoor temperatures yielded larger ejector 
efficiencies.  
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Table 5.2: Experimental ejector mass entrainment ratio, suction pressure ratio and efficiency for 
different outdoor temperatures (38°C, 45°C, 52°C) and fixed indoor temperature (17°C), condenser 
subcooling (3°C), evaporator superheat (3°C),  diffuser angle (3°), mixing chamber length (7.5 mm) 
and minimum suction nozzle cross sectional area. 
 
Tindoor / Toutdoor cpm
 
Tmn,in Pmn,in Tsn,in Psn,in m s ejec 
[°C] [g s-1] [°C] [MPa] [°C] [MPa] [-] [-] [%] 
17 / 38 13.5 42.6 2.50 8.6 0.945 0.71 1.04 13.5 
17 / 45 13.5 49.1 2.73 8.9 0.961 0.67 1.06 16.1 
17 / 52 13.5 55.2 3.01 9.6 0.973 0.62 1.11 19.2 
 
Table 5.3: Experimental ejector mass entrainment ratio, suction pressure ratio and efficiency for 
different indoor temperatures (10°C, 17°C, 27°C) and fixed outdoor temperature (45°C), condenser 
subcooling (3°C), evaporator superheat (3°C),  diffuser angle (3°), mixing chamber length (7.5 mm) 
and minimum suction nozzle cross sectional area. 
 
Tindoor / Toutdoor cpm
 
Tmn,in Pmn,in Tsn,in Psn,in m s ejec 
[°C] [g s-1] [°C] [MPa] [°C] [MPa] [-] [-] [%] 
10 / 45 12.4 48.0 2623 2.7 790 0.62 1.08 15.7 
17 / 45 13.5 49.1 2728 8.9 961 0.67 1.06 16.1 
27 / 45 17.1 49.8 2960 16.5 1188 0.71 1.04 12.2 
 
5.5 Experimental Results: System Performance 
  
5.5.1 Effect of Evaporator Superheat and Condenser Subcooling 
 
 In this section, the effect of a two typical operating parameters, evaporator 
superheat and condenser subcooling, on the ejector system performance is investigated. 
The evaporator superheat was varied by changing the metering valve opening 
(Figure 5.21), while compressor speed (35 Hz), outdoor temperature (45°C), indoor 
temperature (17°C) and condenser subcooling (3°C) were maintained fixed.  The ejector 
geometric parameters were the following: diffuser angle of 3°, short mixing chamber and 
suction nozzle with no shims (minimum cross sectional area). 
Figure 5.21 indicates that the COP reaches a maximum at a superheat around 4°C, 
even though additional data points in between 1°C and 4°C are not available. For values 
greater than 4°C, the COP drops sharply by about 3% at 10°C. Typically, a lower 
evaporator superheat improves the overall heat transfer performance of the evaporator 
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and increases COP of conventional systems. The COP results in Figure 5.21, however, 
may be contaminated by the effect of ejector performance. It has been shown in Figure 
5.18 that the ejector efficiency may increase with the evaporator superheat. An increase 
in the ejector efficiency alone would improve the system COP. Thus, the maximum COP 
in Figure 5.21 could be the result of a trade-off between evaporator and ejector 
performance. The compressor inlet pressure (Figure 5.21) can also help to explain the 
COP behavior. As the metering valve is closed to increase the superheat, the evaporation 
pressure decreases and so does the compressor inlet pressure, which ends up increasing 
compressor work and decreasing COP. The exception would be between 1°C and 4°C 
where the COP decreases as the compressor inlet pressure slightly increased. The 
superheat value of 1°C, however, may be not accurate due to the possible presence of 
liquid droplets which could be hitting the immersed thermocouple, causing large 
fluctuations of the temperature signal. Thus, even though a superheat of 1°C is measured, 
it is possible that the flow is already a two-phase flow. In general, for the other data 
points, an evaporator superheat was kept fixed around 3°C, which combined low 
temperature fluctuations with near COP maximized values. 
The condenser subcooling was varied by changing the subcooling valve opening 
(Figure 5.22), while compressor speed (35 Hz), outdoor temperature (45°C), indoor 
temperature (17°C) and evaporator superheat (3°C) were maintained fixed.  
 
Figure 5.21: Effect of the evaporator superheat on the COP of the ejector system, while changing the 
opening of the metering valve 
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Figure 5.22 does not indicate a clear the relationship between COP and condenser 
subcooling. The difference between the COP values, however, is quite small, in the order 
of 1%. Thus, the condenser subcooling does not seem to play an important role on the 
performance of this system within the range of values of subcooling obtained. However, 
an increase in the subcooling reduces the impact of the ejector on the system, since both 
the work recovery potential (Figure 5.22) and the ejector efficiency decrease (Figure 
5.19). A condenser subcooling of 3°C was kept constant for the other experimental tests. 
 
Figure 5.22: Effect of the condenser subcooling on the COP of the ejector system, while changing the 
opening of the subcooling valve 
 
5.5.2 Quantification of Work Recovery and Liquid Feeding Benefits 
 
In addition to the primary improvement due to work recovery, a typical two-phase 
ejector cycle (Figure 5.1) can improve the evaporator performance due to near liquid-
feeding operation (Elbel and Hrnjak, 2008). Elbel and Hrnjak (2004b) experimentally 
investigated the performance of an R744 transcritical system with liquid-fed evaporator 
in a setup called flash gas bypass (Figure 5.2). They showed that the liquid-fed 
microchannel evaporator yielded reduced pressure drop and more homogeneous 
refrigerant distribution in the headers in comparison to the conventional operation in 
which the refrigerant exiting the gas cooler was directly expanded into the evaporator 
inlet. Although the overall system performance is generally improved with a liquid-fed 
evaporator, the level of efficiency increase is a function of the heat exchanger design. For 
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instance, a microchannel evaporator with poor refrigerant distribution in the headers and 
excessive refrigerant-side pressure drop will probably benefit more from liquid-feeding 
than an evaporator with an improved design. Thus, COP improvements from ejector 
systems, when compared to conventional ones, are also expected to depend on the 
evaporator design and not only on the ejector work recovery performance. One of the 
objectives of this section is to quantify separately the benefits of the ejector system due to 
work recovery and to near liquid-fed evaporator. The approach consists of experimentally 
comparing the performance of ejector (Figure 5.1), flash gas bypass (Figure 5.2) and 
conventional (Figure 5.3) systems at the same operating conditions. By comparing 
conventional and flash gas bypass systems, the improvement due to liquid-fed evaporator 
(round-tube in-fin type) will be quantified. In parallel-flow evaporator designs, such as 
microchannel types, additional improvements due to improved distribution were reported 
(Beaver et al., 1999 and Tuo at al., 2011) but are not present in this experimental setup. 
When flash gas bypass and ejector systems are compared, it will be possible to quantify 
the COP benefit solely due to ejector work recovery. The refrigerant used is still R410A, 
due to its widespread use in air conditioning and heat pump applications.  
First, the performance of ejector (EJE), flash gas bypass (FGB) and conventional 
(CV) systems is compared at a fixed operating condition: indoor and outdoor 
temperatures of 17°C and 52°C, respectively. The evaporator superheat was maintained 
at 3°C by controlling the expansion valve in the CV system, the vapor bypass valve in the 
FGB system or the metering valve in the EJE system. The condenser subcooling was also 
kept constant at 3°C by adding or removing refrigerant charge in the CV systems or by 
using the expansion valve and the subcooling valve in the FGB and EJE systems, 
respectively.   
For the same compressor speed, an ejector system typically yields simultaneous 
increase of cooling capacity and COP over a conventional system, as reported by Elbel 
and Hrnjak (2008). In this study, for COP to be the only measure of improvement, the 
three systems were compared at the same cooling capacity. The EJE system was tested 
first at a compressor speed of 35 Hz and resulted in a cooling capacity of 1.77 kW. Then, 
experimental data was obtained for the FGB system at two cooling capacities 
(compressor speeds), one above and one below the cooling capacity of the EJE system. 
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Finally, a linear interpolation was performed in between the two data points in order to 
obtain the COP and other dependent variables exactly at the cooling capacity of 1.77 kW, 
as shown in Table 5.4. The same procedure was repeated for the CV system. The results 
for CV, FGB and EJE systems at matching cooling capacities are summarized at Table 
5.5. 
 
Table 5.4: Linear interpolation with experimental data from the FGB system in order to match 
ejector cooling capacity at indoor and outdoor temperatures of 17°C and 52°C, respectively, and 
fixed condenser subcooling (3°C), evaporator superheat (3°C),  diffuser angle (3°), mixing chamber 
length (7.5 mm) and minimum suction nozzle cross sectional area. 
 
System  
configuration 
CS Qe Wcp,el COP cpm  evm  Pev Pcp,in DPev Tev Tcd Tcp,out is,cp 
[Hz] [kW] [kW] [-] [g s-1] [g s-1] [°C] [kPa] [kPa] [°C] [°C] [°C] [-] 
FGB (Measured) 35 1.63 0.862 1.89 12.2 7.5 989 980 14 7.0 57.3 87.5 0.52 
FGB (Interpolated) 38 1.77 0.954 1.86 13.5 8.1 970 960 15 6.4 57.6 88.7 0.53 
FGB (Measured) 40 1.86 1.009 1.84 14.3 8.5 959 948 16 6.0 57.8 89.4 0.54 
 
 
Table 5.5: EJE, FGB and CV system results for performance comparison at matching cooling 
capacities and at indoor and outdoor temperatures of 17°C and 52°C, respectively, and fixed 
condenser subcooling (3°C), evaporator superheat (3°C),  diffuser angle (3°), mixing chamber length 
(7.5 mm) and minimum suction nozzle cross sectional area. 
 
System  
configuration 
CS Qe Wcp,el COP cpm  evm  Pev Pcp,in DPev Tev Tcd Tcp,out cp,is Wcp,is 
[Hz] [kW] [kW] [-] [g s-1] [g s-1] [°C] [kPa] [kPa] [°C] [°C] [°C] [-] [kW] 
EJE (Measured) 35 1.77 0.879 2.02 13.5 8.3 973 1060 24 6.6 57.9 85.0 0.52 0.454 
FGB (Interpolated) 38 1.77 0.954 1.86 13.5 8.1 970 960 15 6.4 57.6 88.7 0.53 0.505 
CV (Interpolated) 41 1.77 1.010 1.76 13.5 13.8 920 905 83 4.6 57.7 91.6 0.53 0.537 
 
 Table 5.5 shows that the COP was increased by 5.9%, from 1.76 (CV system) to 
1.86 (FGB system) solely due to the benefit of the liquid-fed evaporator. The main 
mechanism of improvement was found to be in the form of lower refrigerant-side 
pressure drop in the evaporator (DPev). Since the evaporator of the FGB system utilized 
the entire latent heat of vaporization, a 41% lower evaporator mass flow rate (
evm ) was 
required for the same cooling capacity, relative to the evaporator of the CV system in 
which subcooled refrigerant was directly expanded into the heat exchanger. In addition, 
the evaporator of the FGB system operated with a lower average refrigerant quality than 
that of the CV system. Both lower evaporator mass flow rate and average quality 
contributed to an 82% reduction in the refrigerant-side pressure drop (DPev), from 83 kPa 
101 
 
(CV system) to 15 kPa (FGB system). An estimate of the two-phase evaporator 
refrigerant-side frictional pressure drop was performed for CV and FGB, based on the 
correlation by Friedel (1979). Inlet pressure, tube inner diameter, heat flux, average 
quality in the evaporator and mass flow rate (mass flux) were given inputs. According to 
the estimate, the FGB would yield a decrease in pressure drop of about 67% relative the 
conventional system, which seems relatively consistent to measured reduction of 82%. 
 The reduction of the refrigerant-side pressure drop resulted in higher evaporator 
exit (Pev) and compressor inlet pressures (Pcp,in) for the FGB system which subsequently 
lowered the compression work. Since the evaporator was a round-tube in-fin type with 
air-side heat transfer resistance dominant over that of the refrigerant-side, changes in 
refrigerant-side heat transfer performance due to liquid-feeding are probably negligible. 
 By comparing FGB and EJE systems, the sole effect of work recovery could be 
quantified since both systems benefited from liquid-fed evaporators. Indeed, the two 
systems showed similar evaporator performance, since the exit saturation temperatures 
(Tev) in the evaporator of FGB and EJE systems were almost equal, 6.4°C and 6.6°C, 
respectively (Table 5.5).  The effect of the expansion work recovery by the ejector is 
directly noticed in the form of higher compressor inlet pressure (Pcp,in), from 960 kPa 
(FGB system) to 1060 kPa (EJE system), due to a lift from an evaporator exit pressure of 
973 kPa (EJE system) to a ejector exit pressure of 1078 kPa. COP was increased by 8.4%, 
from 1.86 (FGB system) to 2.02 (EJE system). The combined effect of liquid-fed 
evaporator and work recovery resulted in a total COP increase of 14.8%, when CV and 
EJE systems were compared. The actual thermodynamic cycles of the CV, FGB and EJE 
systems can be visualized in the pressure-enthalpy diagram shown in Figure 5.23. All 
state points of the cycles were obtained with measured refrigerant-side pressures and 
temperatures, except for those of the ejector cycle at the lowest pressure level (ejector 
mixing pressure), which were estimated after assuming isentropic processes.  
 Since the cooling capacity was the same for the three system setups, the COP 
improvement appeared in terms of lower compressor power. Such improvement was 
independently linked to a decrease in isentropic compression work rate (Wcp,is), which 
was calculated using experimentally measured inlet temperature, inlet and outlet 
pressures and mass flow rate across the compressor. Table 5.5 shows a 6.0% reduction in 
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isentropic compression work rate from CV to FGB system, which is consistent to the 
actual compressor electric power (Wcp,el) saved, of 5.5%. The decrease in isentropic work 
rate from FGB to EJE system was equal to 10%, while compressor electric power was 
reduced by 7.9%. In addition to energy savings, the EJE system also yielded lower 
compressor discharge temperature (Table 5.5), while condensing temperatures were 
almost equal. As pointed out by Elbel and Hrnjak (2008), the ejector can also increase the 
compressor isentropic efficiency, due to lower compressor pressure ratio. However, in 
this study the compressor isentropic efficiency was found to be slightly lower for the EJE 
system (Table 5.5), possibly due to operation at lower than designed compressor speed. 
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Figure 5.23: EJE, FGB and CV cycles based on experimental data at matching cooling capacities and 
at indoor and outdoor temperatures of 17°C and 52°C, respectively, and fixed condenser subcooling 
(3°C), evaporator superheat (3°C). For the EJE system,  diffuser angle (3°), mixing chamber length 
(7.5 mm) and minimum suction nozzle cross sectional area were fixed. 
 
 
5.5.3 Effect of Outdoor and Indoors Temperatures: EJE, FGB and CV systems  
 
 Figure 5.24 shows normalized COP of FGB and EJE systems relative to CV 
system as a function of the outdoor temperature. The indoor temperature was maintained 
at 17°C and the remaining operating conditions such as air flow rates, condenser 
subcooling and evaporator superheat were the same as those of tests shown in Table 5.5. 
For each outdoor temperature, the three system configurations were compared at equal 
cooling capacities by following the same interpolation procedure previously described. 
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Figure 5.24 shows that COP increased between 4.9% and 9.0% due to the liquid-fed 
evaporator, when FGB and CV systems were compared. As previously discussed, the 
main mechanism of improvement was the reduction in refrigerant-side pressure drop 
across the evaporator. The result was an increase in the compressor inlet pressure for the 
same cooling capacity, as observed in Figure 5.25, reducing compressor power and 
increasing COP. The improvements due to the flash gas separation were expected to 
become greater at higher outdoor temperatures due to a larger amount of flash gas 
generated during the expansion process in these conditions. However, from the outdoor 
temperature of 45°C to 52°C, the COP improvement from the FGB system decreased 
from 9.0% to 4.9%. The experimental tests were repeated and confirmed the same results. 
A physical explanation for such non-expected trend was not found, although COP 
experimental uncertainties could still justify these results. The EJE system improved COP 
between 3.1% and 8.4% in comparison to the FGB system, with the most improvement 
obtained at higher outdoor temperatures, because of two reasons. One is related to greater 
work recovery potential at higher outdoor temperatures (Figure 5.26) due to larger 
throttling losses associated with higher condensing pressures. In other words, there is 
more room for improvement with ejector when system operates at higher outdoor 
temperatures. The second reason is related to higher ejector efficiency (Figure 5.26) at 
higher outdoor temperatures, which means that a greater portion of the work recovery 
potential is realized in terms of work recovered. In fact, Figure 5.25 shows that the 
increase in compressor inlet pressure, which is proportional to the work recovered, is 
greater at higher outdoor temperatures. The pressure lift of the ejector is also inversely 
proportional to its mass entrainment ratio, which was lower at higher outdoor 
temperatures (see Table 5.2), contributing to a higher increase in compressor inlet 
pressure. In comparison to the CV system, the EJE system improved COP from 8.2% to 
14.8% as outdoor temperature varied from 38°C to 52°C (Figure 5.24). 
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Figure 5.24: Normalized COP of EJE and FGB systems relative to the CV system as a function of 
outdoor temperature at a fixed indoor temperature of 17°C 
 
 
 
Figure 5.25: Compressor inlet pressure of EJE, FGB and CV systems as a function of outdoor 
temperature at a fixed indoor temperature of 17°C 
  
 Figure 5.27 shows normalized COP of FGB and EJE systems relative to CV 
system as a function of the indoor temperature. The outdoor temperature was maintained 
at 45°C. From CV to FGB system, it can be observed that the COP was improved 
between 7.3% and 9.0% due to liquid-fed evaporator. When FGB and EJE were 
compared, the impact of work recovery on COP varied from 5.7% to 1.9% as the indoor 
temperature was decreased from 27°C to 10°C. The EJE system resulted in a COP 
increase up to 13.4% at the lowest indoor temperature (10°C) tested. 
1.082 
1.130 
1.148 
1.049 
1.090 
1.059 
1.00
1.04
1.08
1.12
1.16
1.20
36 39 42 45 48 51 54
C
O
P
 /
 C
O
P
C
V
 
Outdoor temperature [°C] 
EJE system
FGB system
850
900
950
1000
1050
1100
36 39 42 45 48 51 54
C
o
m
p
r
e
ss
o
r
 i
n
le
t 
 p
r
e
ss
u
r
e
 [
k
P
a
]  
Outdoor temperature [°C] 
CV system
FGB system
EJE system
Liquid-fed 
evaporator 
Ejector 
work 
recovery 
Liquid-fed 
evaporator 
Ejector 
work 
recovery 
T
indoor
 = 17°C 
α
diff
 = 3° 
L
mix
 = 7.5 mm 
A
sn 
= minimum 
SH = 3°C 
SC = 3°C 
 
T
indoor
 = 17°C 
α
diff
 = 3° 
L
mix
 = 7.5 mm 
A
sn 
= minimum 
SH = 3°C 
SC = 3°C 
 
105 
 
 
 
Figure 5.26: Work recovery potential and ejector efficiency for the EJE system as a function of 
outdoor temperature at a fixed indoor temperature of 17°C 
 
 
 
Figure 5.27: Normalized COP of EJE and FGB systems relative to the CV system as a function of 
indoor temperature at a fixed outdoor temperature of 45°C 
 
 
5.6 Experimental Results: Effect of Geometric Parameters of the Ejector  
  
 The effect of ejector geometries on ejector and system performance is 
investigated in this section. Three different geometric parameters were changed: diffuser 
angle (3°, 5° and 10°), mixing section length (7.5 mm, 32.5 mm and 57.5 mm) and 
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outdoor temperature (45°C), indoor temperature (17°C), evaporator superheat (3°C) and 
condenser subcooling (3°C) remained fixed. 
 A long diffuser, i.e. a small diffuser angle, yields a large frictional pressure drop, 
which would reduce ejector performance. On the other hand, a short diffuser could lead 
to flow separation and the formation of recirculation zones which could reduce the 
ejector performance as well. Thus, it seems that a trade-off could exist between the 
frictional pressure drop and separation effects while the diffuser angle is varied. 
Table 5.6 shows that the ejector efficiency decreases as the diffuser angle 
increases, maybe due to an increase in flow separation losses. Mixing section length and 
suction nozzle size remained fixed at 7.5 mm and minimum, respectively. The best 
performance was achieved with the diffuser angle of 3°, even though the difference in 
ejector efficiency between 3° and 5° is small. The largest drop in ejector efficiency, from 
14.7% to 5.5%, occurred when the diffuser angle was reduced from 5° to 10°.  Diffuser 
angles smaller than 3° were not available, so the expected trade-off was not observed. In 
principle, as the diffuser gets even longer, the frictional pressure drop would eventually 
be high enough to the reduce ejector performance.  
  
Table 5.6: Effect of diffuser angle on ejector performance and system COP at indoor and outdoor 
temperatures of 17°C and 45°C, respectively, and fixed condenser subcooling (3°C) and evaporator 
superheat (3°C) 
 
Lmix αdiff Asn m s ejec COP Qe 
[mm] [°] [-] [-] [-] [%] [-] [kW] 
7.5 3 minimum 0.67 1.06 16.2 2.56 1.94 
7.5 5 minimum 0.66 1.05 14.7 2.51 1.90 
7.5 10 minimum 0.64 1.02 5.5 2.40 1.81 
 
 In addition, Table 5.6 demonstrates that the system performance behavior 
followed that of the ejector efficiency. Both cooling capacity and COP decreased with the 
increase in the diffuser angle due to the drop in the ejector efficiency, while the system 
achieved its highest COP with the angle of 3°. 
 The static wall pressure distributions were used to provide additional 
understanding about the effect of the different ejector geometries. Figures 5.28 and 5.29 
compare the static wall pressure distributions for the diffuser angles of 3° and 5° while 
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mixing section length and suction nozzle area remained fixed as in the two first rows of 
Table 5.  
 
 
Figure 5.28: Static wall pressure profile along the ejector for the diffuser angle of 3°, mixing section 
length of 7.5 mm and suction nozzle of minimum area at indoor and outdoor temperatures of 17°C 
and 45°C, respectively, and fixed condenser subcooling (3°C) and evaporator superheat (3°C)    
 
 According to Figures 5.28 and 5.29, both pressure profiles are very similar, which 
is consistent to very close values of ejector efficiency at the angles of 3° and 5° (Table 
5.6). Figure 5.28 shows that most of the pressure recovery, about 76%, occurs in the 
diffuser and only 24% in the mixing section. Opposite trends were reported in the 
literature. For an almost identical ejector, Elbel (2007) reported 67% of the pressure 
recovery in the mixing section with R744. ASHRAE (1983) stated that the mixing section 
can be responsible for 50% to 75% of the total pressure lift of the ejector. According to 
Elbel (2007), the velocity decrease associated with momentum transfer between motive 
and suction streams and potential two-phase shocks are believed to be the reasons for the 
pressure increase in the mixing section. Furthermore, it was also expected that the lowest 
pressure would be achieved at the motive nozzle exit, where the velocity is the highest, as 
shown by Elbel (2007) with R744. Instead, according to Figures 5.28 and 5.29, it seems 
that the flow further reduces its pressure in the mixing chamber, before it starts increasing. 
Differences between Elbel (2007)’s results with R744 and the current data with R410A 
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could be related to refrigerant properties and to the reduction of the length and increase of 
the angle of the motive nozzle divergent section. 
 
 
Figure 5.29: Static wall pressure profile along the ejector for the diffuser angle of 5°, mixing section 
length of 7.5 mm and suction nozzle of minimum area, at indoor and outdoor temperatures of 17°C 
and 45°C, respectively, and fixed condenser subcooling (3°C) and evaporator superheat (3°C) 
 
The effect of the mixing section length has also been explored by adding 
extensions from the shortest (length of 7.5 mm) one. Three different lengths were tested: 
7.5 mm, 32.5 mm and 57.5 mm. Diffuser angle and suction nozzle size remained fixed at 
5° and minimum, respectively. In principle, a longer mixing section yields larger 
frictional pressure drop while a shorter mixing section may not allow a complete mixing 
of motive and suction streams. In both cases, the ejector performance could deteriorate. 
Table 5.7 demonstrates that the ejector efficiency decreases as the mixing section 
becomes longer, probably because of increasing frictional pressure drop. The highest 
ejector efficiency was reached with the smallest length available (7.5 mm). Table 5.7 also 
indicates that the system performance behavior followed that of the ejector efficiency, i.e. 
cooling capacity and COP decreased with the increase in the mixing section length. These 
results indicate that, for both ejector and system performance, shorter mixing chambers 
seem to be preferred. Similar trends were reported by Elbel (2007) with R744. 
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Table 5.7: Effect of the mixing chamber length on ejector performance and system COP, at indoor 
and outdoor temperatures of 17°C and 45°C, respectively, and fixed condenser subcooling (3°C) and 
evaporator superheat (3°C) 
 
Lmix αdiff Asn m s ejec COP Qe 
[mm] [°] [-] [-] [-] [%] [-] [kW] 
7.5 5 minimum 0.66 1.05 14.7 2.51 1.90 
32.5 5 minimum 0.65 1.04 10.0 2.43 1.84 
57.5 5 minimum 0.65 1.02 5.3 2.40 1.79 
 
Figure 5.30 show the static wall pressure distributions for the diffuser angle of 5° 
and the mixing section of 57.5 mm. This configuration can be compared to that of Figure 
5.29 (mixing section of 7.5 mm and diffuser angle of 5°). In addition, a comparison can 
be made with the setup of Figure 5.28, which has a smaller diffuser angle but the same 
overall length (diffuser and mixing chamber). When compared to Figures 5.28 and 5.29, 
the static wall pressure distribution in Figure 5.30 displays a different scenario. Figure 
5.30 indicates that the flow further expands almost into the entire mixing section 
extension. After that, it develops a sharp peak in pressure before it slightly re-expands 
and raises its pressure again in the diffuser. Elbel (2007) noticed a similar pressure profile 
with the same combination of mixing section length and diffuser angle, for R744. It is 
speculated that this peak was caused by a strong shock, which yields large drop in the 
ejector efficiency (Table 5.7). 
The effect of the suction nozzle area has also been analyzed. Two opposite 
configurations were tested:  
1) Minimum possible area, in which no shims were used.  
2) Maximum possible area, in which 10 shims were used to eliminate the suction 
nozzle.  
Diffuser angle and mixing section length remained fixed at 3° and 7.5 mm, 
respectively. The suction nozzle aims to pre-accelerate the secondary flow before it 
mixes with the primary flow so that mixing losses are reduced and the ejector efficiency, 
improved. According to Elbel (2007), a too restrictive suction nozzle can generate a high 
frictional pressure drop and deteriorate the ejector performance. 
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Figure 5.30: Static wall pressure profile along the ejector for the diffuser angle of 5°, mixing section 
length of 57.5 mm and suction nozzle of minimum area, at indoor and outdoor temperatures of 17°C 
and 45°C, respectively, and fixed condenser subcooling (3°C) and evaporator superheat (3°C)    
 
Table 5.8 shows that the minimum area resulted in the highest ejector efficiency 
as well as the best COP. This is probably associated the reduction of the mixing losses as 
the suction flow is more accelerated with the smaller suction nozzle. Both entrainment 
ratio and pressure lift ratio were larger for the minimum size suction nozzle. Similar 
trends were observed by Elbel (2007) with R744. 
 
Table 5.8: Effect of the suction nozzle cross sectional area on ejector performance and system COP 
Lmix αdiff Asn m s ejec COP Qe 
[mm] [°] [-] [-] [-] [%] [-] [kW] 
7.5 3 minimum 0.67 1.06 16.2 2.56 1.94 
7.5 3 maximum 0.64 1.04 11.1 2.42 1.93 
 
 
5.7 Summary and Future Work 
   
 The use of a two-phase ejector to recover expansion losses in R410A vapor 
compression systems has been investigated in this Chapter. Initially, a numerical 
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approach based on cycle analysis revealed that R410A cycles could benefit more from an 
ejector in terms of COP than R134a, but less than R744.  
 Then, experimental data were presented for an R410A air conditioning system 
working with a prototype ejector as the expansion device. First, the ejector performance 
as a component was examined and results revealed that higher evaporator superheat and 
lower condenser subcooling (probably due to reduced flashing delay) seem to favor 
higher ejector efficiencies. Furthermore, the ejector performance increased at higher 
outdoor and lower indoor temperatures. Ejector efficiencies of up to 19.2% were obtained. 
 In addition, an experimental approach was taken to separately quantify the two 
major improvements provided by the ejector cycle, liquid-fed evaporator and work 
recovery.  To do so, the performance of the ejector system (EJE) was first compared to 
that of a flash gas bypass system (FGB) to measure the COP improvement only due to 
work recovery, since both systems benefited from a liquid-fed evaporator. The COP 
increase from FGB to EJE system ranged from 1.9% to 8.4%, with the greatest 
improvements obtained at lower indoor and higher outdoor temperatures. The mechanism 
of improvement was the lift in compressor inlet pressure due to the ejector, subsequently 
decreasing compressor power relative to the FGB system. Then, the FGB system was 
compared to a conventional system (CV) to quantify the COP increase due to the liquid-
fed evaporator. Results revealed COP improvements ranging from 4.9% to 9.0%, from 
CV to FGB system. The mechanism of improvement was the reduction in evaporator 
refrigerant-side pressure drop, which increased the compressor inlet pressure in the FGB 
system in comparison to the CV system, subsequently decreasing compressor power. 
Finally, the EJE and CV systems were compared, resulting in COP gains varying from 
8.2% to 14.8% due to both contributions of liquid-fed evaporator and work recovery. The 
greatest improvements were again achieved at lower indoor and higher outdoor 
temperatures. All system comparisons were carried out at the same cooling capacity so 
that COP would be the only measure of performance improvement.  
Some geometric parameters of the ejector, such as diffuser angle, mixing chamber 
length and suction nozzle cross-sectional area were also varied. Experimental data 
indicated that that small diffuser angles, short mixing chambers and small suction nozzles 
areas would result in higher ejector efficiencies and COPs for this prototype ejector. 
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Regarding generalization of the results, COP improvements and ejector 
efficiencies will certainly depend on ejector geometry and system architecture. However, 
the major findings and the trends observed regarding effect of geometric parameters and 
operating conditions on COP improvements and ejector performance could probably be 
extrapolated to other systems, since they seem to be physically consistent.  
To the best of author’s knowledge, the major scientific contributions of this 
Chapter regard the separation of liquid-feeding and work recovery mechanisms of 
improvement and vast experimental data for an R410A ejector that became available, 
probably for the first time in the open literature.  
As future work, the following suggestions are provided: 
 Examine the effect of the motive nozzle throat diameter, since ejector and 
system performances seemed to be very sensitive to this parameter; 
 Examine the effect of the mixing chamber diameter (relative to the motive 
nozzle exit diameter) to better understand its potential effect on the 
entrainment ratio; 
 Investigate other fluids, such as R1234yf due to its reasonable potential to 
benefit from ejector; 
 Explore different cycle arrangements with the ejector. 
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                                                                              CHAPTER 6
THEORETICAL AND NUMERICAL INVESTIGATION OF THE 
EFFECT OF CONDENSER SUBCOOLING ON THE 
PERFORMANCE OF VAPOR COMPRESSION SYSTEMS 
 
 
This chapter will be focus first on a theoretical evaluation of the effect of 
condenser subcooling and its potential trade-off, using cycle analysis. Important 
thermodynamic properties related to this trade-off will be identified and a sensitivity 
analysis will be presented for different refrigerants. Second, a preliminary numerical 
investigation of COP improvement with condenser subcooling for different refrigerants 
will be carried out using a comprehensive model of an air conditioning system. Chapters 
7 to 9 will be discussing experimental results related to different aspects of condenser 
subcooling with a complimentary numerical analysis.  
 
6.1 Theoretical Analysis 
 
 First, this section will develop a purely thermodynamic approach to investigate 
the potential performance trade-off related to condenser subcooling in vapor compression 
cycles. Second, this approach will be applied to explore the effect of refrigerant 
thermodynamic properties and operating conditions on the COP improvements due to 
condenser subcooling.  
Figure 6.1 illustrates a schematic of a water-cooled tube-in-tube condenser with 
(Figure 6.1a) and without (Figure 6.1b) subcooling and Figure 6.2 outlines the respective 
vapor compression cycles on a T-h diagram. A prime (‘) denotes the cycle with 
subcooling.  
Due to the presence of subcooled liquid (Figure 6.1a), the two-phase heat transfer 
area is reduced relative to a condition without subcooling (Figure 6.1b). As a result, 
saturation temperature rises in the condenser (∆Tc,sat, Figure 6.2) which subsequently 
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increases specific compression work (∆w, Figure 6.2). On the other hand, refrigerant 
temperature at the condenser outlet decreases (∆Tc,out, Figure 6.2), increasing 
subsequently the refrigerant enthalpy difference through the evaporator (∆q, Figure 6.2). 
This logic can be expressed by Eq. (6.1) and suggests that COP may undergo a 
maximum, resulting from a trade-off between increasing specific refrigerating effect (by 
∆q) and compression work (by ∆w). Non-subcooled and subcooled cycles COPs were 
defined according to Eqs. (6.2) and (6.3). As illustrated in Figure 6.2, strictly speaking, 
the subcooling (∆Tc,sub) can be a result of both a decrease in refrigerant condenser exit 
and an increase in condensing temperatures. 
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Figure 6.1: Schematic of a water-cooled condenser with (a) and without (b) subcooling 
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Figure 6.2: With and without subcooling basic cycles in a T-h diagram 
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The gain in refrigerating effect (∆q) and the baseline non-subcooled refrigerating 
effect (q) can be written according to Eqs. (6.4) and (6.5). An isenthalpic expansion was 
assumed. The enthalpy at state 3 is that of the saturated liquid at the condensing 
temperature, while the enthalpy at the evaporator outlet (h1) is that of the saturated vapor 
at the evaporating temperature. The relative increase in refrigerating effect (∆q/q) is 
given by Eq. (6.6). 
 
'33 hhq   (6.4) 
 
3'1 hhq   (6.5) 
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'33
hh
hh
q
q



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Alternatively, “∆q” and “q” can be defined according to Eqs. (6.7) and (6.8), after 
assuming a constant liquid specific heat. Combining Eqs. (6.7) and (6.8), a not as 
accurate but more insightful expression for “∆q/q” is given by Eq. (6.9).  It shows that 
the relative change in refrigerant effect due to the variation of the refrigerant outlet 
temperature to the condenser depends on the ratio of liquid specific heat to latent heat of 
vaporization and on the temperature lift, (Tc - Te)sat. It suggests that reducing the 
temperature of the refrigerant at the condenser exit would be more welcome for 
refrigerants with large liquid specific heat and smaller latent heat of vaporization and for 
operating conditions with high temperature lifts.   
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 A similar approach can be taken for the increase in compression work. The 
increase in isentropic compression work (∆w) and the baseline non-subcooled isentropic 
compression work (w) can be written according to Eqs. (6.10) and (6.11), respectively. 
The relative increase in isentropic compression work (∆w/w) is given by Eq. (6.12).  
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Table 6.1 shows calculated values of ∆q/q (Eq. (6.6)) and ∆w/w (Eq. (6.12)) for 
several refrigerants, with fixed ∆Tc,out = 5°C and ∆Tc,sat = 1°C, respectively. Condensing 
and evaporation temperatures were fixed at 5°C and 45°C, respectively. In Table 6.1, 
R404A is the refrigerant with the highest potential gain in refrigerating effect (8.3%) due 
to a small latent heat of vaporization (161 kJ/kg), even though the liquid specific heat 
(1.6 kJ/KgK) is not very high relative to other fluids. The second largest ∆q/q is from 
R1234yf (7.4%), about 1.9% larger than R134a, also due to a narrow latent heat of 
vaporization. Several widely used refrigerants such as R410A, R290, R600a, R134a and 
R407C are within a range of 5.3% to 6.4%. Besides their high liquid specific heats, R717 
and R718 have low potential to gain refrigerating effect due to very large latent heat of 
vaporization. Regarding the increase in compression work (∆w/w), all fluids behave 
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similarly within a range of 1.9% to 2.8% with R717 and R718 having the highest 
sensitivity to increase in condensing temperature. 
 
Table 6.1: Effect of refrigerant properties on the relative increase in refrigerating effect and 
compression work 
 
Refrigerant cplc ,  efgh ,  q
q*
 
w
w **  
[-] [kJ (kg K)
-1
] kJ kg
-1
 [%] [%] 
R11 0.9 187 2.9 2.3 
R12 1.0 149 4.6 2.2 
R1234yf 1.5 160 7.4 2.1 
R134a 1.5 195 5.5 2.2 
R152A 1.9 301 4.2 2.2 
R22 1.6 200 5.3 2.3 
R290 2.9 367 5.7 2.2 
R404A 1.6 161 8.3 2.1 
R407C 1.7 205 6.1 1.9 
R410A 1.9 217 6.4 2.3 
R600a 2.6 346 5.3 2.1 
R717 5.0 1244 2.4 2.5 
R718 4.2 2489 0.9 2.8 
 
* based on ∆Tc,out = 5°C 
** based on ∆Tc,sat = 1°C 
 
Figures 6.3 and 6.4 show the results for ∆q/q (Eq. (6.6)) and ∆w/w (Eq. (6.12)) as a 
function of condensing temperature for some widely used refrigerants. In the low 
condensing temperature range (up to 30°C), it can be seen that R744 is actually the 
refrigerant with the highest potential gain in refrigerating effect due a very small latent 
heat of vaporization combined with a high liquid specific heat associated with proximity 
to critical point. In Figure 6.3, for all refrigerants, as the condensing temperature 
increases and approaches their respective critical points, the liquid specific heat becomes 
higher and the latent heat of vaporization decreases, which subsequently increases the 
refrigerating effect gain (see Eq.(6.9)). An additional contribution is given by higher 
temperature lifts, (Tc - Te)sat, that also increase with condensing temperature since 
evaporating temperature was fixed (see Eq. (6.9)). Regarding the increase in compression 
work (Figure 6.4), it can be observed that all refrigerants become less sensitive to ∆Tc,sat 
at higher condensing temperatures, due to increase in temperature lift, (Tc - Te)sat.  
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Figure 6.3: Relative gain in refrigerating effect for a ∆Tc,out = 5°C, as a function of the condensing 
temperature 
 
 
Figure 6.4: Relative increase in isentropic compression work for a ∆Tc,sat = 1°C, as a function of the 
condensing temperature. 
 
Table 6.1 and Figures 6.3 and 6.4 provided a simplified analysis of the effect of 
thermodynamic properties on the sensitivity of refrigerating effect and compression work 
to fixed increments in saturation (∆Tc,sat = 1°C) and outlet (∆Tc,out = 5°C) condenser 
temperatures, respectively. However, in order to determine the COP change due to 
subcooling, the actual values of ∆Tc,sat and ∆Tc,out must be obtained. These increments are 
a function of the heat transfer characteristics in the refrigerant and secondary fluid 
streams and can only be determined by numerically modeling or experimentally testing 
an actual condenser.  
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6.2 Preliminary numerical analysis of the subcooling trade-off and the effect of 
refrigerant properties 
  
In this section, a comprehensive system model of an air conditioner will be 
described and used to further elaborate on the trade-off involving condenser subcooling 
and the effect of refrigerant thermodynamic properties.  
 
6.2.1 Model description 
 
A comprehensive simulation model was developed and programmed in EES 
(2006) for a conventional system comprising air-to-refrigerant multi-pass cross-flow 
parallel microchannel condenser and evaporator, a hermetic compressor and an expansion 
valve. A general description of the heat exchangers is shown in Table 6.2, where it can be 
seen that condenser and evaporator heat transfer areas are typical of those used in 12,000 
BTU/h state-of-the-art residential air conditioning split systems. For all fluids of interest, 
the heat exchangers used in the simulation were the same in terms of refrigerant-side and 
air-side heat transfer areas (Table 6.2). The only exception was the pass arrangement 
(Table 6.3), which was modified accordingly to accommodate reasonable refrigerant-side 
pressure drop for all refrigerants. 
 
Table 6.2: General description of condenser and evaporator 
 Condenser Evaporator 
Air side area (m2) 14.01 8.42 
Ref. side area (m2) 1.54 0.92 
Face area (m2) 0.40 0.24 
Depth (mm) 24 24 
Fin spacing (mm) 1.27 1.27 
Fin type Louvered Louvered 
Fin material Aluminum Aluminum 
Tube OD (mm) 2.0 x 24 2.0 x 24 
Number of tubes 40 40 
Port diameter (mm) 0.8 0.8 
Ports per tube 12 12 
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Table 6.3: Description of the pass arrangements of condenser and evaporator 
 Condenser Evaporator 
R1234yf 
2 passes 
32 tubes (1st) 
8 tubes (2nd) 
1 pass 
40 tubes 
R134a 
2 passes 
32 tubes (1st) 
8 tubes (2nd) 
1 pass 
40 tubes 
R410A 
3 passes 
18 tubes (1st) 
14 tubes (2nd) 
8 tubes (3rd) 
2 passes 
20 tubes (1st) 
20 tubes (2nd) 
R717 
3 passes 
18 tubes (1st) 
14 tubes (2nd) 
8 tubes (3rd) 
2 passes 
20 tubes (1st) 
20 tubes (2nd) 
 
The system components were modeled separately in modules and linked through 
thermodynamic properties (enthalpy and pressure) and refrigerant mass flow rate. For the 
compressor, a fixed isentropic efficiency of 70% was assumed for all refrigerants. 
Potential secondary effects of subcooling on the compressor efficiency will be discussed 
later during the experimental work. In addition, it was assumed that 15% of the input 
power to the compressor was lost by heat rejection through the shell, with the remaining 
85% being absorbed by the refrigerant. Regarding the expansion, an isenthalpic process 
was assumed. The heat exchangers were modeled using a finite volume method. For the 
2-pass and 3-pass condensers, each pass was divided into 30 and 20 volumes, 
respectively. A total of 20 volumes were used in the evaporator. Each finite volume 
contained the total number of tubes of the respective pass, since the refrigerant 
distribution in the headers was considered homogeneous. This means that, within the 
same pass, each microchannel tube receives an equal amount of mass flow rate, at the 
same enthalpy and pressure conditions. On the air side, uniform inlet temperature and 
velocity were also assumed. For each finite volume, the heat transfer rate and the 
refrigerant outlet conditions (pressure and enthalpy) were calculated using the 
effectiveness-NTU method for a cross-flow heat exchanger in which the two fluids were 
unmixed. In order to determine the “UA” value of each finite volume, only refrigerant 
and air side convection resistances were considered, while conduction and contact 
resistances were neglected. The fin efficiency was calculated according to Incropera et al. 
(2006). The refrigerant and air side heat transfer correlations used in the model are listed 
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in Table 6.4. Fully dry conditions were assumed throughout the evaporator. The 
refrigerant-side pressure drop in each finite volume was calculated from widely used 
friction factor correlations (Table 6.4) for major losses, while minor losses were 
neglected. Heat transfer with the surroundings and refrigerant-side pressure drop across 
connecting lines were also neglected. 
 
Table 6.4: Air and refrigerant side heat transfer and pressure drop correlations 
Refrigerant condensation heat transfer 
coefficient 
Cavallini (2006) 
Refrigerant boiling heat transfer coefficient Gungor and Winterton (1976)   
Refrigerant single-phase heat transfer 
coefficient 
Turbulent flow: Gnielinski (1976) 
Laminar flow: Incropera et al. (2006) 
Air side heat transfer coefficient and friction 
factor for louvered fins 
Chang and Wang (1997) 
Two-phase refrigerant pressure drop Friedel (1979) 
Single phase refrigerant pressure drop Friction factor from Churchill (1977) 
 
The input variables of the model are condenser and evaporator geometric 
parameters, inlet air temperature and velocity to the heat exchangers, refrigerant 
superheat at the evaporator outlet and subcooling at the condenser outlet as well as the 
system cooling capacity. Typical outcomes of the model are evaporating and condensing 
temperatures, refrigerant-side pressure drop through the heat exchangers and COP.  
Additional details regarding the model and experimental validation are shown in 
the Appendixes A and B. 
  
6.2.2 Results and discussion 
 
 First, the system simulation model was used to evaluate impact of subcooling on 
condenser performance. The operating conditions were typical of residential air-
conditioning applications: condenser and evaporator air inlet temperature of 35°C and 
27°C, respectively, air face velocity of 1.0 m/s in both heat exchangers, in addition to a 
fixed evaporator exit superheat of 1°C.  
 Figures 6.5 and 6.6 show numerically obtained refrigerant temperature and 
refrigerant-side heat transfer coefficient profiles along the microchannel condenser for 
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two simulation runs, at 0°C and 15°C of subcooling. At both values of subcooling, the 
cooling capacity was kept at 4 kW. The refrigerant is R410A. For the 15°C subcooling 
condition, it can be observed that the subcooling zone introduces an area with lower 
temperature difference between inlet air and refrigerant in comparison to the same 
portion of the heat exchanger at 0°C of subcooling. In addition, according to Figure 6.6, 
there is a reduction in refrigerant-side heat transfer coefficient in the subcooling zone 
because of single-phase flow, in comparison to the same region with two-phase flow. The 
refrigerant side heat transfer coefficient also reduces in the two-phase zone due to the 
decrease in the mass flow rate. The reduction of the mass flow rate is due to the increase 
in the enthalpy difference across the evaporator with subcooling while the cooling 
capacity has been kept constant. The sudden reduction of the heat transfer coefficient 
near the end of the second pass 15°C of subcooling is a consequence of the correlation 
used and the transition to the single-phase flow. The heat transfer coefficient then 
increases in the third pass due to an increase in mass flux.  
 
 
Figure 6.5: Refrigerant temperature profiles in the condenser for 0°C and 15°C of subcooling 
(R410A) 
  
 Both lower air-refrigerant temperature difference and refrigerant-side heat transfer 
coefficient contribute to a decrease in heat transfer rate in the subcooling region that is 
compensated by an increase in heat transfer rate in the two-phase region due to an 
increase in saturation temperature and, subsequently, in the air-refrigerant temperature 
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difference in this zone. In other words, to accommodate the subcooling zone, the two-
phase flow region is shrunken which causes an increase in condensing pressure 
(temperature). The eventual consequence is that the condenser performance, in terms of 
overall UA value based on air and saturated refrigerant temperatures, is reduced with 
subcooling. 
 
Figure 6.6: Refrigerant-side heat transfer coefficient for 0°C and 15°C of subcooling (R410A) 
 
From this point of the study, the simulation model is used to evaluate the effect of 
subcooling on the overall system performance for different refrigerants. The operating 
conditions were the same as those previously used: condenser and evaporator air inlet 
temperature of 35°C and 27°C, respectively, air face velocity of 1.0 m/s in both heat 
exchangers, in addition to a fixed evaporator exit superheat of 1°C.  
 Figure 6.7 shows simulation results of the saturation and outlet temperatures in 
the condenser, while Figure 6.8 presents the normalized COP, refrigerant enthalpy 
difference across evaporator and specific compression work, all as a function of the 
condenser subcooling. The fluid was R1234yf. For each condenser subcooling imposed 
to the simulation model, the cooling capacity was kept constant at 4 kW so that COP 
would be only measure of improvement.  
As subcooling increases, the saturation temperature in the condenser becomes 
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temperature decreases (Figure 6.7), consequently increasing the enthalpy difference 
across the evaporator (Figure 6.8). The trade-off between increasing compression work 
and refrigerating effect results in a maximum COP at a certain value of subcooling 
referred as optimum (Figure 6.8).  This trade-off is physically different from that which 
determines whether an internal heat exchanger improves or not the COP of single-stage 
cycles. According to Domanski et al. (1994), in single-stage internal heat exchanger 
cycles the increase in compression work is due to an increase in temperature and, 
subsequently, in specific volume at the compressor inlet, while in condenser subcooled 
cycles the compression work increases due to higher condensing pressures.  
 
 
Figure 6.7: Effect of condenser subcooling on refrigerant temperatures at the condenser (R1234yf) 
 
Besides the primary improvement of the subcooling - lower temperature at the 
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match cooling capacity of 4 kW decreased by about 10% due to the increase in 
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across the compressor which may reduce its efficiency depending on the compressor 
type. Since increments in pressure ratio due to subcooling are usually small, in the current 
simulation model this effect was not considered by maintaining the compression 
efficiency constant. 
 
Figure 6.8: Effect of condenser subcooling on normalized COP, refrigerating effect and specific 
compression work (R1234yf) 
 
Another likely consequence of increasing subcooling is higher refrigerant charge. 
Figure 6.9 shows numerical results for normalized refrigerant charge in the condenser 
and evaporator, calculated with homogeneous equilibrium model.  
 
 
Figure 6.9: Estimated refrigerant charge in the condenser and evaporator as a function of the 
subcooling (R1234yf) 
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According to Figure 6.9, at optimum subcooling (around 9°C), the refrigerant 
charge in the condenser is 70% higher than at zero subcooling, while in the evaporator 
the increase in charge is about 10%. On the other hand, a higher subcooling could 
provide an opportunity to reduce the diameter of refrigerant liquid lines between 
condenser and expansion device, without causing flashing and, consequently, decrease 
the refrigerant charge in these lines. Since a potentially higher overall refrigerant charge 
elevates the initial cost of the equipment, the energy savings due to higher COP must be 
paid off within the life-cycle of the commercial unit so that subcooling is economically 
advantageous. In addition, environmental impact should also be considered in terms of 
total equivalent warming impact – TEWI, since the indirect contribution due to energy 
savings is reduced at an optimum subcooling condition but the direct effect is most likely 
increased due to potentially higher refrigerant charge. 
Figure 6.10 shows the normalized COP as a function of the condenser subcooling 
for R1234yf, R410A, R134a and R717, while Table 6.5 summarizes the simulation 
results comparing the performance at zero and optimum subcooling. The cooling capacity 
was fixed at 4 kW and the operating conditions are the same as those in Figure 6.8. The 
heat exchangers description has been previously provided. It can be seen from Figure 
6.10 that the optimum subcooling is roughly 9°C for all four refrigerants, even though 
their thermodynamic properties (liquid specific heat and latent heat of vaporization) are 
quite different, especially R717. However, the refrigerant properties affect the maximum 
COP increase. Within the four refrigerants, R1234yf showed the greatest COP 
improvement (8.4%) due to subcooling, followed by R410A (7.0%), R134a (5.9%) and 
R717 (2.7%). Table 6.5 indicates that the dominant effect was the relative increase in 
evaporator enthalpy difference (∆q/q) from zero to optimum subcooling, while the 
relative increase in compression work (∆w/w) was much smaller. These improvements 
are consistent to the theoretical analysis presented in Figure 6.3 and Table 6.1, where 
R1234yf and R410A, after R744 and R404A, had the largest potential for increase in 
refrigerant effect (∆q/q). Both R134a and R1234yf showed similar increments in 
saturation (∆Tc,sat,in) and exit (∆Tc,out) temperature in the condenser (Table 6.5) and, 
although the latter was developed to replace the former as a drop-in solution, the R1234yf 
has a larger potential to benefit from subcooling due to its thermodynamic properties. 
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Table 6.5 also shows the area occupied by subcooled liquid at optimum conditions, 
relative to the total heat transfer area.  According to the model, if a subcooler was to be 
designed, the R1234yf would require a slightly larger heat transfer area for optimum 
subcooling conditions. 
 
 
Figure 6.10: Effect of condenser subcooling on normalized COP (R717, R134a, R410A and R1234yf) 
 
Table 6.5: Summary of simulation results 
Refrigerant 
Maximum 
COP 
increase 
Optimum 
subcooling 
Optimum 
subcooling 
area 
*
,, insatcT
 
*
,outcT  
**
,, avgsatcT  **
*
w
w  **
*
q
q
 
 [-] [°C] [-] [°C] [°C] [°C] [-] [-] 
R1234yf 8.4% 8.9 18% 0.9 -7.1 46.7 1.8% 10.3% 
R410A 7.0% 8.5 16% 1.1 -7.6 45.7 2.4% 9.5% 
R134a 5.9% 8.9 14% 0.9 -7.4 46.7 1.9% 8.0% 
R717 2.7% 8.4 7% 0.4 -8.5 45.5 1.2% 3.9% 
* Between zero and optimum subcooling condition  
** At zero subcooling condition  
 
In order to include subcritical R744 in the simulation analysis, air inlet 
temperature was reduced to 14°C in the condenser, while in the evaporator it was lowered 
to 0°C. Although less realistic, this operating condition allows R744 to remain subcritical 
and to be compared with other fluids in terms of potential for COP increase with 
subcooling. Figure 6.11 shows the normalized COP as a function of the condenser 
subcooling for R744, R410A, and R717. The cooling capacity was fixed at 4 kW. 
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Although the three refrigerants are very distinct in terms of thermodynamic properties, 
i.e. liquid specific heat and latent heat of vaporization, they all showed similar values of 
COP maximizing subcooling, around 8°C. Maximum COP improvement, however, is by 
far the largest for R744 (about 12%), followed by R410A (4.4%) and R717 (2.4%). The 
improvements are consistent to the thermodynamic analysis presented in Figure 6.3, 
where R744 showed the largest potential for increase in refrigerating effect and R717, 
one of the lowest. In addition, differences between the refrigerants lied on area occupied 
by subcooled liquid in optimum conditions. R744 would require the largest subcooling 
area (24%), followed by R410A (11%) and R717 (6%). 
 
 
Figure 6.11: Effect of condenser subcooling on normalized COP (R744, R410A and R717) 
 
6.3 Summary and Conclusions 
 
A theoretical study about the effect of condenser subcooling on the performance 
of vapor-compression systems has been presented.  
This study showed that, as condenser subcooling increases, the COP undergoes a 
maximum as a result of a trade-off between increasing refrigerating effect, due to the 
reduction of the condenser exit temperature, and increasing specific compression work, 
due to the increase in the condensing pressure. The increase in condensing pressure was 
associated with the reduction of the air-refrigerant temperature difference and the 
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refrigerant-side heat transfer coefficient once the two-phase region in the condenser is 
shrunken to accommodate the subcooled liquid region.  
It was also demonstrated that the thermodynamic properties associated with the 
relative increase in refrigerating effect, i.e. liquid specific heat and latent heat of 
vaporization, are dominant to determine the maximum COP improvement with condenser 
subcooling. Refrigerants with large latent heat of vaporization, such as R717 and R718, 
tend to benefit the least from condenser subcooling. For a typical AC system, simulation 
results indicated that R1234yf would benefit the most from condenser subcooling in 
comparison to R410A, R134a and R717 due to its smaller latent heat of vaporization. For 
a lower temperature operating condition, results revealed that subcritical R744 would 
have significantly higher potential for COP improvement with subcooling than R410A 
and R717. In addition it has been concluded that the COP maximizing subcooling does 
not seem to be a function of the thermodynamic properties for the same system under 
identical operating conditions. An extensive experimental study has been conducted to 
validate those findings and address other issues related to performance improvements due 
to condenser subcooling. 
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                                                                     CHAPTER 7
EXPERIMENTAL INVESTIGATION OF THE EFFECT OF 
CONDENSER SUBCOOLING ON THE PERFORMANCE OF R134A 
AND R1234YF AIR-CONDITIONING SYSTEMS WITH AND 
WITHOUT INTERNAL HEAT EXCHANGER 
 
 
7.1 Introduction 
 
 Using cycle analysis and a comprehensive system model of an air conditioning 
system, it has been shown in Chapter 6 that as the condenser subcooling increases the 
COP undergoes a maximum as a result of the trade-off between increasing refrigerating 
effect, due to the reduction of the condenser exit refrigerant temperature, and increasing 
specific compression work, due to the increase in condensing pressure. They also 
demonstrated that the thermodynamic properties related to the increase in the 
refrigerating effect, i.e. liquid specific heat and latent heat of vaporization, are dominant 
to determine the maximum COP improvement with condenser subcooling. 
 Subcooling prior to the expansion process can also be obtained by an internal heat 
exchanger, as described in the literature review. The internal heat exchanger (IHX) yields 
simultaneously an increase of refrigerating effect, due to lower inlet enthalpy to the 
evaporator, and an increase of specific compression work, due to the higher specific 
volume of the superheated vapor at the compressor inlet. A pure thermodynamic analysis 
shows that the resulting trade-off benefits COP for some refrigerants, such as R134a, 
R600a, R744, R1234yf for instance, while it is detrimental for others, such as R717. 
Since both condenser and IHX subcooling aim to decrease the throttling losses by 
decreasing the refrigerant temperature prior to the expansion process, there is a potential 
for them to compete for the same improvement if both are simultaneously present in the 
system. 
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 This Chapter aims to expand the theoretical study about condenser subcooling 
carried out in Chapter 6 with an experimentally based investigation. The effect of 
refrigerant properties on the benefits of the condenser subcooling will be addressed by 
experimentally comparing the performance of an automotive air conditioning system 
operating with R1234yf and R134a at various condenser subcooling values, but at fixed 
air side operating conditions and cooling capacity. As pointed out in Chapter 6, R134a 
and R1234yf have several similar thermodynamic properties, including temperature-
pressure saturation curve and liquid specific heat, but the former has lower latent heat of 
vaporization than the latter so it is likely to respond differently to condenser subcooling. 
 This Chapter will also experimentally examine the interference between 
condenser and internal heat exchanger generated subcooling with respect to COP 
improvements, for both R1234yf and R134a. Before the analysis, the experimental 
system and the test facility will be described in details. 
 
7.2 Experimental Methods  
  
7.2.1 System Description 
 
The system chosen was a modified 2007 production line R134a automotive air-
conditioning (AC) system. This system was chosen because of its variable-speed 
compressor can operate in a wide speed range and the facility in which it was already 
installed has a wide range of possible operating conditions in terms of outdoor and indoor 
air temperatures and flow rates. Although condenser subcooling is of special interest in 
automotive AC systems, this study is intended to be more generalized, with no specific 
ties to such application.  
Automotive AC systems are usually of two types: orifice tube system (Figure 7.1) 
and expansion valve (or TXV) system (Figure 7.2). A high-side liquid receiver and a low-
side accumulator operate as the mass storage device in the expansion valve and the 
orifice tube systems, respectively. The expansion valve system was found to be more 
appropriate for the subcooling study since the change in expansion valve opening and 
refrigerant charge allows a more convenient way to vary the condenser subcooling once 
132 
 
the liquid receiver is completely filled with liquid. The orifice tube is, however, a passive 
expansion device and subsequently does not allow any flow modulation. This could cause 
difficulties in maintaining a proper amount of refrigerant in the form of liquid in the 
condenser for a wide range of operating conditions. 
Since the original automotive AC was an orifice tube system, modifications were 
carried out as follows. An electronic expansion device replaced the orifice tube and the 
existing low-side accumulator was removed. A liquid-receiver with a sight glass (Figure 
7.3) was installed after the condenser.  
 
Compressor
Condenser
Orifice 
tube
Evaporator
Accumulator
1
st
 pass
2
nd
 pass
 
Figure 7.1: Original orifice-tube system 
Compressor
Condenser
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Valve
Evaporator
ReceiverSuperheat control
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 pass
 
Figure 7.2: Expansion valve system 
 
The compressor (Figure 7.4) has 10 cylinders with a total fixed displacement of 
214 cm
3
/REV and is connected through the same shaft to an electrical driving motor. The 
compressor speed can be varied using an auxiliary variable frequency drive. The existing 
microchannel condenser was replaced with another parallel cross-flow microchannel heat 
exchanger (Figure 7.5) of similar overall dimensions. This aluminum coil has a total face 
area of 0.24 m
2
, core depth of 16 mm, fin density of 18 louvered fins per inch and a total 
of 39 parallel microchannels tubes. Each microchannel tube has an external depth of 16 
mm and height of 1.6 mm. Its pass-arrangement comprises a single-slab and two passes, 
the first with 26 channels and the second with 13 channels. The total heat transfer area on 
the air-side is equal to 5.57 m
2
. The original evaporator, a plate-and-fin type (Figure 7.6), 
was maintained together with the original heating ventilation air conditioning (HVAC) 
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module.  This coil has a face area of 0.058 m
2
, a core depth of 73 mm, and fin density of 
13 fins per inch. A total of 19 plates are divided into 4 passes. The total heat transfer area 
on the air-side is equal to 4.53 m
2
. Connecting lines between components also differ from 
the original ones in terms of both length and diameter.  
 
 
 
Figure 7.3: Front-view of the liquid-receiver 
 
Figure 7.4: Compressor 
 
 
 
Figure 7.5: Condenser 
 
 An aluminum concentric double-tube internal heat exchanger with a length of 1.5 
m, typically used in automotive AC systems, was also installed in the system in order to 
study its interference with subcooling generated within the condenser.  
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Refrigerant 
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Figure 7.6: Evaporator 
  
   
7.2.2 Testing Facility  
 
The testing facility used for all condenser subcooling experiments comprises two 
environmental chambers, as shown in Figure 7.7. The indoor chamber accommodates the 
evaporator while the condenser is located inside the outdoor chamber. The compressor 
stand is located in between the two chambers.   
 
 
Figure 7.7: Testing facility (Peuker, 2010) 
 
Figure 7.8 shows a complete layout of the experimental setup, including the two 
chambers and the refrigeration circuit.  
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Figure 7.8: Layout experimental facility 
 
According to Figure 7.8, the condenser was installed at the inlet of an open-loop 
wind tunnel inside the outdoor chamber. The evaporator together with HVAC module 
was attached to the open-loop wind tunnel of the evaporator chamber. In the outdoor 
chamber, external chilled water and a set of PID-controlled electrical heaters were used to 
control the air inlet temperature to the heat exchanger. In the evaporator chamber, the air 
temperature was controlled only by PID-controlled electrical heaters. A dehumidifier was 
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able to keep dew-point temperatures low enough for fully dry-conditions to be 
maintained in the evaporator. The air flow rate was controlled with variable speed 
blowers in each of the wind tunnel. Air-side pressure drop across the flow nozzles was 
measured by differential pressure transducers while Type-T thermocouples measured the 
dry-bulb air temperature at the nozzle exits. The air flow rates were obtained using flow 
nozzle pressure drop measurements combined with air properties. T-type thermocouple 
grids were installed upstream and downstream of evaporator and condenser to measure 
the dry-bulb temperature. In the evaporator wind-tunnel, chilled-mirror dew-point sensors 
were also installed. Connecting copper tubes between components of the refrigeration 
circuit were thermally insulated in the low-pressure side of the refrigeration system. 
Type-T immersed thermocouples and absolute pressure transducers were conveniently 
placed throughout the refrigeration circuit as shown in Figure 7.8. In order to measure 
refrigerant mass flow rate, a Coriolis-type mass flow meter was installed between the 
liquid receiver and the expansion valve where subcooled liquid was always present in 
steady-state.  
The calculated air flow rate combined with dry-bulb and dew-point temperature 
readings were used to calculate the cooling capacity on the air side of the evaporator. In 
addition, the cooling capacity was independently obtained by an energy balance on the 
refrigerant side, using mass flow rate and enthalpies obtained from pressure and 
temperature readings across the evaporator. The compressor power was obtained using 
measurements from a torque transducer and a tachometer mounted in the shaft that 
connects the compressor to the electrical motor.  
An uncertainty propagation analysis carried out in EES (2007) revealed an 
experimental uncertainty of ±6% for the cooling capacity obtained from the air-side, ±3% 
for that obtained from the refrigerant side and ±5% for the COP calculated with the 
cooling capacity on the refrigerant-side. Air and refrigerant side cooling capacities 
typically agreed within ±3%.  
The experimental data was recorded by a Hewlett-Packard 75000 data acquisition 
system. A user-friendly interface developed in the Hewlett-Packard VEE software was 
capable of displaying data and charts on the computer screen as well as writing data on an 
Excel spreadsheet every five seconds. 
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7.3 Effect of Condenser Subcooling on R134a and R1234yf Systems Performance 
without Internal Heat Exchanger 
 
In this section, the effect of the condenser subcooling on the performance of the 
AC system without internal heat exchanger operating with R134a and R1234yf is 
experimentally investigated. Since the R1234yf was designed to replace the R134a as a 
drop-in substance in automotive air conditioning systems, both refrigerants were 
conveniently tested in the same system and operating conditions.  
During the experiments, the air temperature and face velocity at the evaporator 
inlet were maintained at 30°C and 2.6 m/s, respectively. At the condenser inlet, the air 
face velocity was kept at 1.5 m/s and the air temperature, at 35°C. In order to vary the 
condenser subcooling, refrigerant mass was added in increments after the liquid receiver 
was completely filled with liquid so that subcooled liquid would accumulate towards the 
condenser exit. For each value of subcooling, data was taken during 15 minutes after 
steady-state conditions were reached. The evaporator exit superheat was maintained at an 
average of 10±1°C by varying the opening of the electronic expansion valve accordingly. 
In order for COP to be the only measure of improvement as condenser subcooling was 
varied, the cooling capacity obtained from the air side was maintained at an average of 
4.1 kW, with deviations of ±0.3% around this value. The control of the cooling capacity 
was carried out by carefully changing the compressor speed.  
Figure 7.9 displays infrared images of the condenser frontal surface at various 
degrees of subcooling, for R1234yf. The dashed-lines are an attempt to separate liquid 
subcooling from two-phase/desuperheating regions. Figures 7.10 to 7.14 show the results 
for several system performance variables as a function of the condenser subcooling for 
R134a and R1234yf. Continuous and dashed lines in the charts indicate a curve fitting of 
the experimental points. Since the results in Figures 7.10 to 7.14 are inter-related, they 
will be analyzed simultaneously.  
 
138 
 
 
 
 
 
Figure 7.9: Infrared images at the inlet surface of the condenser for various degrees of subcooling 
with additional dashed lines to indicate approximately the area occupied the subcooled liquid 
 
As mass of refrigerant accumulates in the form of subcooled liquid at condenser 
exit, the two-phase/desuperheating region is reduced, as illustrated by the infrared images 
of the condenser frontal surface (Figure 7.9). This yields an increase in saturation 
temperature (Figure 7.10) while the liquid refrigerant exiting the condenser is cooled 
below saturation temperature (Figure 7.10). The increase in subcooling is a result of both 
reduction of condenser exit temperature and increase of saturation temperature. Figure 
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7.10 shows that the COP undergoes a maximum for both refrigerants at similar values of 
subcooling, i.e. about 9°C for R134a and around 11°C for R1234yf. The maximum COP 
is a result of the trade-off between increasing enthalpy difference through evaporator 
(Figure 7.11) and specific work (isentropic) of compression (Figure 7.11), as previously 
pointed out in Chapter 6 (Figures 6.7 and 6.8).  
  
 
Figure 7.10: Effect of condenser subcooling on normalized COP, inlet saturation and exit 
temperatures of the refrigerant in the condenser for R134a and R1234yf. 
 
The enthalpy at the evaporator inlet is reduced while the refrigerant exiting the 
condenser is subcooled, thus enlarging the enthalpy difference across the evaporator 
(Figure 7.11), for both refrigerants. The specific isentropic work of compression, 
however, first decreases at lower values of subcooling due to a reduction of the pressure 
ratio (Figure 7.12) and an increase in the compressor inlet pressure (Figure 7.13) even 
though the condensing pressure increases (Figure 7.10). This means that within lower 
values of subcooling the effect of the suction pressure increase (Figure 7.13) on the 
pressure ratio is dominant over that of the condensing pressure increase (Figure 7.10). At 
higher values of subcooling, however, as the condensing pressure rises sharply its effect 
becomes dominant over that of the compressor inlet pressure decrease, thus elevating the 
pressure ratio (Figure 7.12) and consequently the isentropic specific work of 
compression.    
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 It can be seen at Figure 7.12 that the isentropic efficiency reaches a maximum for 
both fluids, even though variations are small. The increase in the isentropic efficiency is 
caused by the decrease in pressure ratio (Figure 7.12) and the reduction of the compressor 
speed while matching the cooling capacity at different values of subcooling. Beyond its 
maximum value, the isentropic efficiency slightly drops mainly due to increasing 
pressure ratio. 
 
 
Figure 7.11: Effect of condenser subcooling on normalized refrigerant enthalpy difference across the 
evaporator, specific isentropic compression work and refrigerant mass flow rate, for R134a and 
R1234yf 
  
 Since the capacity was kept constant for each subcooling and the enthalpy 
difference across the evaporator increases with subcooling (Figure 7.11), the refrigerant 
mass flow rate is significantly reduced (Figure 7.11). As a consequence, refrigerant-side 
pressure drops across the system are reduced dramatically, as shown in Figure 7.13 for 
suction line, evaporator and condenser, for R1234yf only. In the condenser, the growth of 
the subcooled region also contributes to the decrease in pressure drop, since the single-
phase liquid flow has a lower frictional pressure drop than the two-phase flow. In the 
evaporator, an additional contribution to the pressure drop reduction is given by lower 
inlet qualities to the coil. According to Figure 7.13, the evaporator performance in terms 
of exit saturation temperature, however, does not seem to be affected, even though the 
refrigerant side pressure drop (Figure 7.13) decreased dramatically. 
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Figure 7.12: Effect of condenser subcooling on isentropic efficiency and compressor pressure ratio 
for R134a and R1234yf 
 
 
 
Figure 7.13: Effect of condenser subcooling on refrigerant side pressure drops (in evaporator, 
condenser and suction line) and saturation temperatures (at the evaporator exit and compressor 
inlet) for R1234yf 
 
 
Figure 7.14 further examined the effect of the subcooling on the performance of 
both heat exchangers for R1234yf. It can be observed the condenser effectiveness based 
on the inlet saturation temperature (Eq. (7.1)) is dramatically reduced by the subcooling. 
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experiments (Figure 7.11) showed that the subcooling region introduces an area with 
lower air-refrigerant temperature difference and heat transfer coefficient, which causes a 
drop in the overall condenser performance, here represented by the effectiveness (Figure 
7.14). On the other hand, the condenser capacity decreased between zero and COP 
maximizing subcooling due to increasing COP at matching cooling capacities. This 
compensates the decrease in condenser effectiveness, resulting in almost no increase in 
the condenser inlet saturation temperature between zero and 6°C (Figure 7.10). For the 
evaporator, effectiveness remained almost constant around 74% (Figure 7.14), 
demonstrating that its heat transfer performance is not affected by the variation of the 
condenser subcooling.  
 
 
Figure 7.14: Effect of condenser subcooling on normalized condenser capacity and evaporator and 
condenser effectiveness (R1234yf) 
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 Results in Figures 7.10 to 7.12 have shown that R134a and R1234yf respond 
differently to variations in condenser subcooling. According to Figure 7.10, the COP of 
the R134a system was improved by 9% while for R1234yf the COP increased up to 19%. 
These results are consistent to the numerical analysis carried out in Chapter 6 (Figure 
6.10) which demonstrated that the condenser subcooling can be more beneficial for 
R1234yf systems than for R134a systems. The reasons for these differences are explained 
next. 
 First, Figure 7.11 shows that refrigerant enthalpy difference across the evaporator 
of the R1234yf system is more sensitive to condenser subcooling than that of the R134a. 
Between zero and COP maximizing subcooling, the relative gain in refrigerating effect 
with subcooling of R1234yf was equal to 15% while for R134a it was only 8%. The Eq. 
(7.3), derived in Chapter 6, describes the relative gain in refrigerating effect with cooling 
the refrigerant at the condenser exit and helps to understand differences between the two 
refrigerants. R1234yf (163 kJ/kg) has a smaller latent heat of vaporization (hfg,e) than 
R134a (199 kJ/kg) but almost equal liquid specific heats. So according to Eq. (7.3), the 
R1234yf would benefit more from cooling the refrigerant at the condenser exit. In 
addition, Figure 7.10 shows that, between zero and COP maximizing subcooling, the 
decrease in the refrigerant exit temperature (Tc,out) is greater for R1234yf (-9.3°C) than 
for R134a (-7.7°C). 
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  Additional differences in COP improvement between the two refrigerants are 
related to specific isentropic compression work (Figure 7.11), which decreased by 1% for 
R1234yf and increase by 1.5% for R134a, between zero and COP maximizing subcooling. 
This difference is probably associated with relative increase in compressor inlet pressure 
with subcooling, since the sensitivity of isentropic compression work to increments in 
condensing temperature is very similar between the two refrigerants (Figure 6.4) and both 
of them showed similar increases in saturation temperature (Figure 7.10). Due to a higher 
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relative increase in the refrigerating effect of R1234yf, there was larger drop in 
refrigerant mass flow rate to match the cooling capacity. As a result, the reduction of 
suction line pressure drop with subcooling is more substantial for R1234yf than for 
R134a, which causes a greater impact on the increase in compressor inlet pressure 
towards reducing the R1234yf specific compression work between zero and COP 
maximizing subcooling.  
For both fluids, it can be concluded that the increase in enthalpy difference across 
the evaporator due to the drop in the condenser exit temperature is dominant over the 
effect of the isentropic compression work and condenser saturation temperature to 
determine the maximum COP improvement with subcooling. After the system reaches a 
maximum COP, the increase in specific isentropic compression work and the decrease in 
isentropic efficiency become dominant towards decreasing the COP. Similar conclusions 
have been drawn during the numerical analysis in Chapter 6. Under the perspective on 
the Second Law of the Thermodynamics, the condenser subcooling causes an increase of 
irreversibilities due to heat transfer with temperature difference in the condenser. 
However, the reduction in throttling losses due to a lower temperature at the expansion 
valve inlet is dominant and yields an increase in COP between zero and COP maximizing 
subcooling.  
Finally, Figure 7.15 shows infrared images of inlet surface of the condenser at 
COP maximizing subcooling for R134a and R1234yf. The dashed lines represent an 
attempt to indicate the area occupied by subcooled liquid. The images indicate that, for 
both refrigerants, the temperature of the bottom most channels of the second pass is lower 
than that of the upper channels. Most likely, the lower channels of the second pass are 
being fed with a lower quality two-phase flow, i.e. more liquid, than that of the upper 
channels. This could be due to pooling of liquid at the bottom of the inlet header of the 
second pass.  Usually, it is said that the second pass is being subject of mal-distribution of 
liquid. The mal-distribution is characterized by a non-uniformity of temperature among 
the channels of a same pass and will be discussed in more details in Chapter 10. 
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Figure 7.15: Infrared images at the inlet surface of the condenser at the COP maximizing subcooling 
for R1234yf (top) and R134a (bottom). 
 
 
7.4 Experimental and Numerical Investigation of the Interference between the 
Condenser and Internal Heat Exchanger Subcooling regarding COP improvements  
 
As discussed in the literature review, thermodynamic analysis (Domanski and 
Didion, 1994) and experimental studies (Boewe et. al., 1999 and Li et. al, 2004) have 
demonstrated that an internal heat exchanger (IHX) can improve the performance of 
conventional vapor compression systems for some refrigerants (such as R134a, R1234yf 
and R744), while it is not welcome for other substances (such as R717).  
Figure 7.16 illustrates typical cycles with and without internal heat exchange, 
while Figure 7.17 shows cycles with and without condenser subcooling, all of them in 
temperature-enthalpy diagrams. It can be seen that both condenser subcooled and IHX 
cycles have the potential to increase the refrigerating effect across the evaporator (by q) 
while reducing the temperature of the refrigerant before the throttling process. For the 
IHX cycle, the decrease of the refrigerant temperature at state 3 is internally achieved due 
heat transfer with the cold stream of refrigerant exiting the evaporator, while for the 
subcooled cycle, it is due to the heat transfer with the coolant in condenser. Both cycles 
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theoretically yield an increase in the specific compression work (by w), however, for 
the subcooled cycle this is caused by an increase in condensing pressure while for the 
IHX cycle it is due to an increase in specific volume at the compression inlet due to a 
higher temperature. Thus, the resulting trade-off between increasing refrigerating effect 
and specific compression work, which determines the COP increase, is fundamentally 
different between condenser and IHX subcooling. 
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Figure 7.16: Comparison between theoretical cycles with and without internal heat exchanger 
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Figure 7.17: Comparison between theoretical cycles with and without condenser subcooling 
 
Since condenser and IHX subcooling provide an increase the refrigerating effect 
by decreasing the refrigerant temperature prior to the throttling process, there is a 
potential for interference between the two improvements if both are simultaneously 
present in the system. Indeed, if condenser subcooling is present, the temperature before 
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the internal heat exchanger is, in theory, lower than that of a cycle without condenser 
subcooling. This may reduce the potential benefit of internal heat exchanger.  
 
7.4.1 Experimental Study 
 
 The main purpose of this section is to experimentally investigate the potential 
interference between condenser and IHX subcooling with respect to increase in 
refrigerating effect and, subsequently, COP improvement. The experiments will compare 
the performance of the systems with and without condenser subcooling and with and 
without internal heat exchanger, for both R1234yf and R134a. 
The experimental system under investigation is the modified R134a automotive 
AC previously described. In addition, an internal heat exchanger was installed. The IHX 
is a typical aluminum concentric double-tube heat exchanger used in automotive AC 
systems. It has been originally designed for R134a and has a total length of 1.5 m. 
Figures 7.18 and 7.19 show the layout of the systems with and without internal heat 
exchanger.  
The experiments also aim to compare the performance of the systems with and 
without condenser subcooling and with and without internal heat exchanger, for both 
refrigerants. During the experiments, the air temperature and face velocity at the 
evaporator inlet were kept at 35°C and 3.0 m/s, respectively. At the condenser inlet, the 
air face velocity was maintained at 1.5 m/s and the air inlet temperature, at 35°C. 
Throughout all the experiments, there was no dehumidification in the evaporator. In order 
to vary the condenser subcooling, refrigerant mass was added in increments after the 
liquid receiver was completely filled with liquid so that subcooled liquid would 
accumulate towards the condenser exit. This procedure was performed for both systems, 
with and without internal heat exchanger, and for both R134a and R1234yf.  For all 
degrees of subcooling, the evaporator exit superheat was maintained at an average of 
approximately 10°C. Experimental data was taken during 15 minutes after steady-state 
conditions were reached. Regardless the condenser subcooling value, the cooling capacity 
was kept constant at an average of 5.3 kW for the system without IHX, while for the 
system with IHX it was maintained at 5.4 kW. 
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Figure 7.18: System without IHX 
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Figure 7.19: System with IHX 
 
 Figure 7.20 shows the COP as function of the condenser subcooling for systems 
with and without internal heat exchanger, for R134a. The dashed lines represent a curve 
fitting of the experimental data in order to better visualize the trends. Table 7.1 
summarizes the performance results for the following data points: near zero condenser 
subcooling without internal heat exchanger (Point A); near zero condenser subcooling 
with internal heat exchanger (Point B); COP maximizing subcooling without internal heat 
exchanger (Point C); and COP maximizing subcooling with internal heat exchanger 
(Point D). Points A, B, C and D are indicated in Figure 7.20. Finally, Figure 7.21 
illustrates the actual cycles for the data points A, B, C and D in a P-h diagram, for R134a. 
An effectiveness of the IHX of 32% was calculated from the experimental data. 
 Figure 7.20 demonstrates that, for both systems with and without IHX, the COP 
reaches a maximum as condenser subcooling increases. As already mentioned, the 
maximum COP is a primary result of the trade-off between increasing refrigerating effect 
and specific compression work. Figure 7.20 also indicates an interference between 
condenser and IHX subcooling improvements, since the COP of the system with IHX 
appears to be less sensitive to the condenser subcooling than that without IHX. In fact, 
results of Table 7.1 and Figure 7.20 show that the maximum COP increase due to 
condenser subcooling for the system without IHX is equal to 18%, from a COP of 1.66 
(Point A) to 1.96 (Point C), whereas for the system with IHX, COP increases by only 9%, 
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from 1.93 (Point B) to 2.11 (Point D). Figure 7.20 also reveals that the COP maximizing 
subcooling is smaller for the system with IHX, most likely due to a smaller temperature 
difference between inlet air and condensing refrigerant and a larger enthalpy difference 
across the evaporator than those of the system without IHX. Changes in refrigerating 
effect, isentropic compression work and isentropic efficiency contributed to differences 
in the maximum COP increase from condenser subcooling as examined next.  
 
 
Figure 7.20: COP as a function of the condenser subcooling for systems with and without IHX for 
R134a at a fixed cooling capacity. Points A, B, C and D indicated above are described in Table 7.1 
 
 
Table 7.1: Summary of results comparing systems with and without condenser subcooling and with 
and without internal heat exchanger for R134a 
 
System operating point Tc,sub COP hevap hcp,is cp,is Tc,sat,in Tc,out Txv,in 
 [°C] [-] [kJ/kg] [kJ/kg] [-] [°C] [°C] [°C] 
Near zero condenser subcooling / 
without IHX (Point A, Figure. 7.20) 
0.4 1.66 128 41.7 0.58 60.1 58.7 55.9 
Near zero condenser subcooling /  
with IHX (Point B, Figure. 7.20) 
0.1 1.93 143 43.5 0.62 58.6 57.7 45.6 
COP maximizing condenser subcooling / 
 without IHX (Point C, Figure. 7.20) 
14.2 1.96 145 42.9 0.60 62.0 47.6 45.1 
COP maximizing condenser subcooling / 
with IHX (Point D, Figure. 7.20) 
11.4 2.11 154 43.4 0.62 60.4 48.3 38.1 
 
 In the system with IHX, the drop in the refrigerant temperature at the condenser 
exit (Tc,exit) due to condenser subcooling, from 57.7°C (Point B) to 48.3°C (Point D), is 
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smaller than that of system without IHX, from 58.7°C (Point A) to 47.6°C (Point C), 
because of its lower value of COP maximizing subcooling. As a result, the absolute gain 
in refrigerating effect (hevap) due to condenser subcooling is also reduced in the system 
with IHX. Since the evaporator enthalpy difference across the evaporator (hevap) is 
larger for the system with IHX (Figure 7.21), the relative gain in refrigerating effect due 
to condenser subcooling becomes even smaller. Table 7.1 shows that, with IHX, the 
relative gain in refrigerating effect (hevap) with condenser subcooling is equal to 8% 
(from Point A to C) in comparison to 13% without the IHX (from Point B to C). Smaller 
COP gains with condenser subcooling were also a result of the effect of the isentropic 
efficiency (cp,is), which increased by about 3% between zero and COP maximizing 
subcooling for the system without IHX, while for the system with IHX it was not affected.  
On the other hand, the isentropic specific work (hcp,is) increased by 3% in the system 
without IHX (from point A to C), but practically did not change for the system with IHX 
(from point B to D) even though condensing temperature rose by about 2°C in both 
systems. In summary, there is a clear indication that the IHX reduces the potential for 
COP improvement from condenser subcooling, since both compete towards reducing the 
temperature the temperature (enthalpy) of the refrigerant before the expansion process, i.e. 
diminishing the throttling losses.  
 
 
Figure 7.21: Actual cycles comparing systems with and without condenser subcooling and with and 
without internal heat exchanger for R134a. Data points A, B, C and D are referred to Table 7.1. 
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 Figure 7.20 and Table 7.1 also reveal that the presence of condenser subcooling 
reduces the COP improvement from the IHX. It can be seen that the COP increase due to 
IHX for conditions near zero condenser subcooling is equal to 16%, from 1.66 (Point A) 
to 1.93 (Point B), whereas at COP maximizing subcooling the IHX enhances the COP by 
only 8%, from 1.96 (Point C) to 2.11 (Point D). At COP maximizing subcooling, the 
liquid temperature at the IHX inlet, or at the condenser exit (Tc,out = 48.3°C), is lower 
than that at the system without IHX (Tc,out = 57.7°C). Because of a smaller temperature 
difference between cold and hot sides of the IHX, there is smaller temperature drop 
across the liquid side of IHX at COP maximizing subcooling conditions. In addition, 
since the condenser subcooling yields a larger evaporator enthalpy difference, the relative 
gain in refrigerating effect due to IHX becomes even smaller. Furthermore, at COP 
maximizing subcooling conditions, the effect of the IHX on the isentropic efficiency is 
reduced in comparison to its impact when the condenser subcooling is near zero. 
 Table 7.1 demonstrates that, in addition to the primary benefit of the internal heat 
exchanger, i.e. the reduction of the refrigerant enthalpy at expansion valve inlet and its 
throttling losses, secondary benefits came from reduction of the condensing temperature. 
For instance, the saturation inlet temperature to the condenser decreased from 62.0°C 
(Point C) to 60.4°C (Point D) after the IHX was added thanks to the decrease of the heat 
transfer rate in the condenser at a fixed cooling capacity. Finally, according to Table 7.1, 
the system with IHX at COP maximized conditions (Point D) resulted in the highest COP 
of all data points, with a total improvement of 27% relative to the condition with no 
improvement (Point A). 
 Figure 7.22 shows the COP as function of the condenser subcooling for systems 
with and without internal heat exchanger for R1234yf, for the same operating conditions 
as those of Figure 7.20. For the high condition, the COP near zero subcooling was not 
measured due to constraints of the system and had to be estimated based on an 
extrapolation of the experimental data at neighboring subcooling values.  As previously 
demonstrated for R134a (Figure 7.20), it can be seen that for R1234yf the presence of the 
IHX also reduces the COP improvement obtained from the condenser subcooling. 
Without IHX, the maximum COP increase relative to the condition at zero condenser 
subcooling was estimated to be about 36%, while for the system with IHX the COP 
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increased 17%. The COP gains of R1234yf are significantly larger than those observed 
with R134a for reasons already pointed out in the previous section. Similarly to R134a, 
for R1234yf the impact of the IHX at COP maximizing subcooling conditions is also 
smaller than that near zero subcooling values. At COP maximizing subcooling, the IHX 
improved the COP by 12%, while near zero subcooling the COP was up by 31% due to 
IHX.  
 
 
Figure 7.22: COP as a function of the condenser subcooling for systems with and without IHX 
(R1234yf). 
 
 
7.4.2 Numerical Investigation  
 
A semi-empirical model described in details and experimentally validated in 
Chapter 8 and in Appendix B has been modified to include an internal heat exchanger. 
The objective is to validate the system model including the internal heat exchanger and to 
verify whether the model can capture the interference between COP improvements from 
IHX and from condenser subcooling. Furthermore, the effect of the IHX effectiveness 
will be numerically investigated for different values of effectiveness other than the 
experimental value. Here, all numerical analysis was carried out with R1234yf. 
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The internal heat exchanger was modeled using a fixed value of effectiveness of 
32% which is the average effectiveness calculated from all experimental data with IHX, 
for R1234yf. Figure 7.23 shows the experimental values of the IHX effectiveness as a 
function of the condenser subcooling. The solid line represents the average value of 32%, 
which seems to agree well with the experimental data. The pressure drop across the 
internal heat exchanger was model using the same approach as that used for the suction 
line pressure drop in Chapter 8. 
 
 
Figure 7.23: Experimentally calculated internal heat exchanger effectiveness as a function of 
condenser subcooling (R1234yf) 
 
Figure 7.24 shows numerical and experimental results for the normalized COP as 
a function of the condenser subcooling for systems without IHX and with IHX, where 
three different values of effectiveness were considered (32%, 65% and 95%). The 
operating conditions were the same as those prescribed during the experimental part. For 
the configurations without IHX and with IHX of effectiveness 32%, it can be seen that 
the model agrees well with the experimental data. It shows that the model was able to 
capture both effects of condenser subcooling and IHX on COP. The model was then 
extrapolated to higher values of IHX. It can be observed that, as the effectiveness 
increases, the COP of the system becomes less sensitive to the condenser subcooling. At 
the highest effectiveness (95%), the maximum COP gain due to condenser subcooling 
was estimated to be of 7%, against 11% and 17% for values of effectiveness of 65% and 
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32%, respectively. Indeed, these results confirmed that there is significant interference 
between COP improvements from condenser subcooling and IHX.  
It is important to mention that for the numerical results with values of 
effectiveness of 65% and 95%, the pressure drop constant (Eq. 8.3) was maintained the 
same. This may not be realistic if the increase in effectiveness was due an increase in 
IHX length, which would cause an increase in refrigerant-side pressure drop that could 
affect the COP. The relationship between effectiveness, frictional pressure drop and 
length of IHX has been experimentally and numerically explored in details by Nelson and 
Hrnjak (2002).    
 
Figure 7.24: Experimental and numerical normalized COP as a function of the condenser subcooling 
for systems without IHX and with IHX of values of effectiveness equal to 32%, 65% and 95% 
(R1234yf). 
 
 
 
7.5 Conclusions and Future Work 
 
 The effect of condenser subcooling on the COP of an air conditioning system was 
experimentally investigated for two widely-used refrigerants, R134a and R1234yf, under 
the same operating conditions. The experimental results confirmed those obtained by 
Chapter 6 in a theoretical and computational study on the same topic.  
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effect, due to the reduction of the condenser exit temperature, and increasing specific 
compression work, due to the increase in the condensing pressure. From the experimental 
results without internal heat exchanger, it was concluded that the COP of the system 
operating with R1234yf can benefit more from the condenser subcooling than that with 
R134a due differences in thermodynamic properties. As pointed out by in Chapter 6 and 
confirmed by the experimental results presented in this paper, refrigerants with a larger 
latent heat of vaporization tend benefit less from condenser subcooling.  
 The experimental analysis for R134a and R124yf also confirmed that the presence 
of an internal heat exchanger significantly reduces the COP increase due to condenser 
subcooling, since both improvements compete towards reducing the throttling losses. To 
the best of author’s knowledge, such interference has not been subject of any study in the 
open literature. It has been shown that without IHX, the maximum COP improvement 
due to condenser subcooling was equal to 18% against 9% for the system with IHX. A 
more effective IHX could potentially mitigate the effect of the condenser subcooling even 
further. Besides the interference between IHX and condenser subcooling, the use of both 
simultaneously still yields a more efficient air conditioning system. 
 Even though the experimental data was limited to a specific air conditioning 
system, independent numerical results (Chapter 6) have already indicated similar trends. 
Thus, it should be possible to transfer the major findings of this Chapter to other vapor 
compression applications. 
 As future work, it is suggested the experimental investigation of the effect of 
condenser subcooling in water heat-pump applications, due to the potential to benefit 
from the water temperature glide in the subcooling region of a counter-flow heat 
exchanger. By the way, Hrnjak (2010) had discussed the benefit of using multi-slab 
cross-flow microchannel heat exchangers with a counter flow orientation relative to the 
air in gas cooling applications. The same concept could be explored in condensers in 
order to facilitate subcooling due to a more favorable glide matching between air and 
refrigerant. 
 It is also recommended the effect of condenser subcooling to be experimentally 
investigated for other refrigerants, such as R744 and R717, since they represent high and 
low potential to benefit for subcooling, as discussed in Chapter 6. 
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                                                                              CHAPTER 8
INVESTIGATION OF THE COMBINED EFFECT OF THE AIR-
REFRIGERANT TEMPERATURE DIFFERENCE AND THE 
CONDENSER SUBCOOLING ON THE SYSTEM PERFORMANCE  
 
 
  
8.1 Introduction 
  
 It is almost intuitive that the temperature difference between the inlet air and the 
condensing refrigerant can affect the subcooling in the condenser. The larger this 
temperature difference, in theory, the greater the room for subcooling the liquid in the 
condenser. For a given resistance to heat transfer, a higher air-refrigerant temperature 
difference in the condenser can be the result of a larger heat transfer rate. For instance, a 
given air-cooled AC system with heat exchangers of fixed air-dominant resistance to heat 
transfer may be subject to different cooling loads depending on the operating conditions. 
In case of variable speed systems, the compressor speed may be increased to raise the 
cooling capacity and match the cooling demand.  As a consequence, heat transfer rate in 
the condenser will increase as well as the air-refrigerant temperature difference. On the 
other hand, for a given condenser heat transfer load, a higher resistance to heat transfer 
also yields a larger air-refrigerant temperature difference. For instance, it is known that, 
especially due to space constraints, automotive AC condensers typically have smaller 
heat transfer areas per unit of cooling capacity than those of stationary, commercial or 
industrial applications.  
 This Chapter will examine the effect of the air-refrigerant temperature difference 
in the condenser on the COP gains due to subcooling, based on experimental data and 
numerical analysis, for R134a and R1234yf. 
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8.2 Experimental Study 
 
In order to investigate the effect of the air-refrigerant temperature difference 
across the condenser on the COP benefits due to subcooling, the experimental system 
previously described in Chapter 7 was tested at three different cooling capacity settings, 
i.e. low, medium and high, as shown in Table 8.1. By changing the cooling capacity, the 
heat transfer rate in the condenser is also varied and, as a result, the air-refrigerant 
temperature difference in the condenser is changed since air-side heat transfer area and 
air inlet conditions are kept constant. Variations of refrigerant-side heat transfer 
coefficient are negligible since the air-side resistance is dominant in this condenser. Table 
Table 8.1 shows that the cooling load was changed by varying both the air inlet 
temperature and face velocity of the evaporator as well as the compressor speed (not 
shown), while air inlet temperature and face velocity of the condenser were kept constant.  
At each cooling capacity, in order for COP to be the only measure of improvement as 
subcooling was varied, the evaporator heat transfer rate on the air-side was matched 
within ±0.3% by manipulating the compressor speed accordingly. The condenser 
subcooling was varied in small increments by adding refrigerant charge while the 
evaporator exit superheat was kept at 10°C by manipulating the expansion valve opening. 
Two different refrigerants were tested in the same system and under the same operating 
conditions: R134a and R1234yf. 
 
Table 8.1: Test conditions for varying relative condenser size 
Capacity setting Toutdoor Tindoor Vf,e Vf,c Qcooling 
[-] [°C] [°C] [m/s] [m/s] [kW] 
Low 35.0 25.0 2.0 1.5 2.6 
Medium 35.0 30.0 2.6 1.5 4.1 
High 35.0 35.0 3.0 1.5 5.3 
 
Figure 8.1 shows the temperature difference between the inlet air and the 
saturated refrigerant (Tar) and the ratio between the air-side heat transfer area and the 
heat transfer rate in the condenser (Acond/Qcond) versus the cooling capacity, all 
experimentally obtained near zero subcooling, for R134a and R1234yf.  
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Figure 8.1: Temperature difference between inlet air and saturated refrigerant and ratio of the air-
side heat transfer area to the heat transfer rate in the condenser (Acond/Qcond) versus the cooling 
capacity, at zero subcooling (R134a and R1234yf) 
 
 
Figure 8.1 serves to illustrate the fact that the air-refrigerant temperature 
difference in the condenser increases with the cooling capacity, due to the increase in 
heat transfer rate in the condenser, as already suggested. In addition, as heat transfer rate 
is increased for a fixed heat transfer area, the relative size of the condenser, represented 
by the ratio “Acond/Qcond”, is reduced. Thus, one can also think of low, medium and high 
capacity settings as “large”, “intermediate” and “small” condenser sizes belonging to 
different systems. 
 Figures 8.2 and 8.3 show results for normalized COP, inlet saturation temperature 
and exit temperature of the refrigerant as a function of the condenser subcooling for high, 
medium and low cooling capacities with R134a. The continuous lines in the charts 
indicate a curve fitting of the experimental points.  
 According to Figure 8.2, regardless the cooling load, the COP reaches a 
maximum as the subcooling is increased. In other words, the system efficiency was 
improved by the condenser subcooling, relative to baseline condition without subcooling, 
for all cooling loads. As mentioned in Chapter 6 and 7, the maximum COP is primary a 
result of a trade-off between increasing evaporator enthalpy difference, due to the 
decrease of the refrigerant temperature at the condenser exit (Figure 8.3), and increasing 
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specific compression work, due to an increase in the saturation temperature (Figure 8.3), 
although secondary factors may also be important.  
 
 
Figure 8.2: Effect of condenser subcooling on normalized COP for high, medium and low cooling 
capacities (R134a) 
 
   
 
Figure 8.3: Effect of condenser subcooling on inlet saturation and exit refrigerant temperatures for 
high, medium and low cooling capacities (R134a) 
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 One important finding from Figure 8.2 is that the COP maximizing subcooling 
increases with the cooling load. At the high cooling load, the COP maximizing 
subcooling is around 14°C, while for medium and low loads it decreases to 9°C and 5°C, 
respectively. Likewise, one could also say that the COP maximizing subcooling increases 
with the reduction of the size of the condenser (in terms of UA, for instance) relative to 
its heat transfer rate. At higher cooling loads, the heat rejection rate is greater, leading to 
a higher temperature difference between inlet air (at 35°C) and saturated refrigerant in the 
condenser, as seen in Figure 8.3. A larger air-refrigerant temperature difference provides 
a greater room for subcooling in the condenser, subsequently leading to an increase of the 
COP maximizing subcooling. Under the perspective of the Second Law of 
Thermodynamics, throttling losses are larger when the air-refrigerant temperature 
difference is higher. Since subcooling aims to reduce the refrigerant temperature at the 
condenser exit and consequently the throttling losses, one could think that a higher 
subcooling would be more welcome in such operating conditions. 
 COP gains can be evaluated in terms of evaporator enthalpy difference (hevap), 
isentropic specific work (his,cp) and isentropic efficiency, with help from the Eq. (8.1). 
From Figure 8.2, it can be observed that the higher the cooling load, the higher the 
maximum COP improvement. For the high load, COP increases up to 20% while for 
medium and low loads maximum improvements were about 9% and 3%, respectively. In 
terms of relative size of the heat exchanger, these results indicate that applications where 
the size or overall heat transfer coefficient of the condenser is smaller relative to the heat 
transfer rate would tend to benefit more from condenser subcooling. Since the COP 
maximizing subcooling is higher for larger cooling loads, a greater reduction of the 
refrigerant temperature at condenser exit takes place until the system reaches the 
maximum COP, as seen in Figure 8.3. From zero to COP maximizing subcooling, the 
refrigerant temperature at the condenser exit reduces by 11.4°C at the high load, against 
7.7°C and 3.6°C for medium and low loads, respectively. The larger the temperature drop 
at the condenser exit yields a greater the relative gain in refrigerating effect, which has 
been shown in Chapter 6 and 7 to be the dominant effect to determine maximum COP 
gains due to subcooling. In Chapter 6, it was also demonstrated that the increase of the 
temperature lift, due to the rise in the condensing temperature, can also increase relative 
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gain in refrigerating effect. For high, medium and low loads, the relative increase in 
refrigerating effect was equal to 14%, 9% and 4%, respectively, at maximum COP 
conditions, which mostly explains the higher COP gains obtained at higher cooling 
capacities. As pointed out in Chapter 7, changes in the isentropic compression work due 
to subcooling play a minor role towards the maximum COP improvements. 
 
cpis
e
cpis
h
h
COP
,
,


  (8.1) 
 
 The COP improvements were also affected by changes in the isentropic efficiency 
of the compressor. Between zero and COP maximizing subcooling, the isentropic 
efficiency increased 5% and 1% for high and medium loads, respectively, due to the 
effect of lower compressor speeds to match the cooling capacity as subcooling was 
increased. At the low load, however, the isentropic efficiency actually decreased, most 
likely due to compressor operation at lower than designed compressor speeds. 
 Figure 8.4 shows infrared images taken at the condenser frontal surface under 
COP maximizing subcooling conditions for each of the cooling capacity settings. The 
dashed lines are an attempt to indicate the subcooling region. As cooling load increases, 
there is more heat rejection in the condenser and consequently the size of the condenser 
relative to its heat transfer rate is smaller. As a result, one could think that, in order to 
maximize COP, less area should be taken from the condensing zone to accommodate the 
subcooling region. The images, however, suggest the opposite. It can be seen that the 
higher the cooling capacity, the larger the subcooling area needed to maximize COP. In 
other words, at higher loads more area should be allocated to subcool liquid in order to 
maximize COP.  
In Figure 8.5, the actual thermodynamic cycles of the maximum COP data points 
for high, medium and low loads are shown in a T-h diagram. It further illustrates the 
increase of the temperature difference between inlet air at 35°C and condensing 
refrigerant as the cooling capacity increases. It can also be noted the larger subcooling in 
the condenser exit at higher cooling loads. 
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Figure 8.4: Infrared images taken at the inlet surface of the condenser at COP maximizing 
subcooling for high, medium and low cooling capacities. Additional dashed lines indicate 
approximately the area occupied by the subcooled liquid. 
 
 
 
Figure 8.5: COP maximizing subcooling cycles at low, medium and high cooling capacities (R134a) 
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 Figure 8.6 shows the normalized COP as a function of the condenser subcooling 
for high, medium and low cooling capacities with R1234yf. For the high condition, the 
COP near zero subcooling was not measured due to constraints of the system and had to 
be estimated based on an extrapolation of the experimental data at neighboring 
subcooling values. When compared to R134a results, similar conclusions can be drawn 
for R1234yf. The COP was improved by the subcooling for all cooling loads. Like R134a, 
for R1234yf the larger the cooling capacity the higher the COP maximizing subcooling 
and maximum COP improvement. For the high load, COP increases up to 44% 
(estimated by extrapolation) while for medium and low loads maximum improvements 
were about 18% and 6%, respectively. COP improvements are larger for R1234yf than 
for R134a due to the effect of refrigerant properties, such as latent heat of vaporization, 
as discussed in Chapter 7. 
 
 
Figure 8.6: Normalized COP as a function of the condenser subcooling for high, medium and low 
cooling capacities (R1234yf) 
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improvement and zero COP maximizing subcooling when the temperature difference is 
zero. This is due to the fact that no subcooling would be possible if the saturation 
temperature was equal to the air inlet temperature (infinite air flow rate and size of 
condenser). It can be observed that, although the COP maximizing subcooling is very 
sensitive to the temperature difference in the condenser, it does not appear to be a 
function of the refrigerant choice for this heat exchanger. The normalized maximum COP 
is, however, dependable on the refrigerant choice for the same temperature difference. 
Similar conclusions were drawn in a numerical investigation carried out in Chapter 6. 
 
 
Figure 8.7: COP maximizing subcooling and normalized maximum COP (with respect to COP at 
zero subcooling for the given cooling capacity) as a function of the temperature difference between 
outdoor air (outdoor) and condensing refrigerant at maximized COP conditions, for R134a and 
R1234yf. A single curve fitting (continuous line) is suggested for both refrigerants regarding COP 
maximizing subcooling. 
 
 
8.3 Numerical Investigation  
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effect of condenser subcooling and subsequently to show the possibility to generalize the 
experimental results.  
The model was developed so that compressor, evaporator and connecting lines 
were treated either with input of experimental data or coefficients regressed from the 
experimental results. Since the focus is on the subcooling, the condenser was the only 
component comprehensively modeled with a finite-volume approach, independent of the 
experimental data. 
The evaporator was modeled using an average evaporator effectiveness obtained 
from the experimental data (Figure 8.8) at the three cooling capacities and for both R134a 
and R1234yf. Although changes in evaporator effectiveness were expected since the air 
face velocity was varied for each cooling capacity, Figure 8.8 show that the experimental 
values obtained according Eq. (8.2) were fairly constant. In fact, an average evaporator 
effectiveness of 0.74, indicated by the horizontal line in Figure 8.8, yields an error band 
of only ±2%. In the model, the evaporator effectiveness is used to obtain the saturation 
temperature at the evaporator exit. In addition, an evaporator exit superheat of 10°C was 
given as input to determine the refrigerant exit temperature in the evaporator. 
 
 
Figure 8.8: Experimental evaporator effectiveness as function of the condenser subcooling for all 
three cooling capacities and both R134a and R1234yf. 
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The experimental analysis in Chapter 7 has shown that the suction line pressure 
drop may vary with the subcooling and affect the COP improvements. In order to model 
the pressure drop across this line, an average experimental frictional pressure drop 
coefficient of ksl = 2.6E-3 cm
-4
 was obtained, according to the Eq. 8.3. Figure 8.9 shows 
that the majority of the predicted pressure drop values agreed within ±5% with the 
experimental data. The suction line was also assumed adiabatic. 
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Figure 8.9: Experimental versus predicted suction line pressure drop 
 
For the compressor, experimentally obtained values of isentropic efficiency (Eq. 
8.4) for each data point were applied directly as inputs to predict the compressor input 
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For the liquid line, between condenser exit and inlet of the expansion valve, an 
average temperature drop of 2.7°C was assumed. Experimental data deviated from 
±0.8°C around that average. Pressure drop across the liquid line was neglected. The 
expansion process was assumed isenthalpic.  
The condenser was model comprehensively with a finite volume method, rather 
than semi-empirically. Each of the two passes of the condenser was divided into 25 
volumes. Each finite volume contained the total number of tubes of the respective pass, 
since the refrigerant distribution in the headers was considered homogeneous. On the air 
side, uniform inlet temperature and velocity were also assumed. For each finite volume, 
the heat transfer rate and the outlet enthalpy were calculated using the effectiveness-NTU 
method for a cross-flow heat exchanger in which the two fluids were unmixed. In order to 
determine the “UA” value of each finite volume, only refrigerant and air side convection 
resistances were considered, while conduction and contact resistances were neglected. 
The fin efficiency was calculated according to Incropera et al. (2006). The refrigerant and 
air side heat transfer correlations used in the model are listed in Table 6.4. The 
refrigerant-side pressure drop in each finite volume was calculated from widely used 
friction factor correlations (Table 6.4) for major losses, while minor losses were 
neglected.  
Typical input variables of the model are condenser geometric parameters, inlet air 
temperature and velocity to the heat exchangers, refrigerant superheat at the evaporator 
outlet and subcooling at the condenser outlet as well as the system cooling capacity. 
Typical outcomes of the model are evaporator and condenser saturation temperature, 
refrigerant temperature at the condenser exit and COP. 
Figures 8.10 and 8.11 show results of the experimental validation of the model for 
inlet saturation and exit temperatures of the refrigerant in the condenser as well as for the 
normalized COP with respect to its maximum value at the given capacity setting. The 
lines represent the numerical results. The refrigerant is R1234yf. According to Figure 
8.10, the model was able to capture well the effect of subcooling on both saturation and 
exit temperatures, for the three cooling capacities. Deviations from the experimental data 
were mostly within the ±1°C range for both temperatures. For the normalized COP 
(Figure 8.11), the numerical results also showed good agreement with the experimental 
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data. For high and medium capacities, the numerical normalized COPs deviated less than 
1% from the experimental values while for the low capacity, errors were smaller than 
2.5%.  
 
 
Figure 8.10: Experimental validation of inlet saturation and exit temperatures of the refrigerant in 
the condenser predicted by the model (R1234yf) 
 
 
Figure 8.11: Experimental validation of the normalized COP predicted by the model (R1234yf) 
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subsequently calculate the heat transfer area occupied by the subcooled liquid. Figure 
8.12 shows numerical results for the normalized COP as a function of the designated area 
ratio for subcooling (DASUB).  
 Figure 8.12 indicates that, in order to maximize COP for a given cooling load, 
more area should be allocated for subcooling liquid in the condenser as the cooling 
capacity increases. These results are consistent to the analysis of the infrared images of 
the condenser surface (Figure 8.4) which suggested that the COP maximizing subcooling 
area was larger at higher cooling loads. Interestingly enough, a closer look at Figure 8.12 
also reveals that if a subcooler pass of fixed area was to be designed, a value of 20% of 
the total area would yield COP to be less 2% lower than the maximum values for each of 
the cooling loads. Results in Figure 8.12 also resemble those numerically obtained by 
Yamanaka et al. (1997) and reproduced by Abraham et al. (2006). They showed that, for 
a vehicular AC system, the higher the compressor speed, the larger the designated 
subcooling area needed to maximize COP. 
 
 
Figure 8.12: Numerical results for normalized COP as a function subcooling area ratio (R1234yf) 
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8.4 Summary and Future Work 
 
 The effect of the air-refrigerant temperature difference in the condenser on the 
COP improvements from condenser subcooling was experimentally investigated for 
R134a and R1234yf in a vehicular air-conditioning system. The results indicated that the 
larger the air-refrigerant temperature difference, due to large cooling capacity for a given 
condenser size, the higher the COP maximizing subcooling and the maximum COP 
improvement from condenser subcooling. For R1234yf, as the temperature difference in 
the condenser increased from 12°C to 29°C, the COP maximizing subcooling increased 
from 6°C to 16°C and the COP gains, from 6% to 44%. For R134a, COP gains ranged 
from 3% to 20% as temperature difference in the condenser varied from 11°C to 27°C. It 
has been concluded that applications or operating conditions in which the size of the 
condenser relative to its heat transfer load is smaller will tend to benefit more from 
condenser subcooling. 
 Numerical and experimental results (infrared images) also revealed that the COP 
maximizing subcooling area increases with the cooling capacity. Likewise, applications 
or operating conditions in which the size of the condenser relative to its heat transfer load 
is small will require a larger subcooling area ratio to maximize COP. However, for a 
fixed system, the numerical analysis also indicated that a fixed subcooling area of 
approximately 20% would maintain the COP not lower than 2% of its maximized value, 
within the range of cooling loads considered. 
 To the best of author’s knowledge, this Chapter contributes further to the topic of 
effects of condenser subcooling on the performance of air conditioning systems 
 Although conclusions were drawn from experimental data of a specific air 
conditioning system, numerical results from an independently modeled condenser 
confirmed the experimental findings. Thus, it should be possible to extend these 
conclusions to other applications. 
 As future work, it is suggested the investigation of effects of subcooling in other 
operating conditions, such as low-temperature applications. 
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                                                                           CHAPTER 9
EXPERIMENTAL COMPARISON BETWEEN DESIGNATED AND 
NON-DESIGNATED AREAS FOR CONDENSER SUBCOOLING IN 
AN AIR CONDITIONING SYSTEM 
 
  
 
9.1 Introduction  
 
Previous sections have shown the importance of condenser subcooling for COP 
improvements. Several aspects affecting the benefits of the subcooling have been 
explored such as refrigerant properties, size of the condenser relative to the system 
capacity and interference with internal heat exchanger. In this section, the focus will be 
on the way that the condenser subcooling is achieved. 
 Condenser subcooling can be achieved in a so-called non-designated area after the 
liquid-vapor interface is eliminated inside the condenser tubes as liquid accumulates 
towards the exit of the heat exchanger. This is typically obtained during a refrigerant 
charge procedure as shown schematically in Figure 9.1, for a typical air conditioning 
system equipped with a 2-pass cross-flow condenser, a thermostatic expansion valve 
(TXV) and no mass storage device. Several authors have experimentally obtained similar 
curves, such as Farzad and O’Neal (1994), Choi and Kim (2002), Pottker and Melo 
(2007), Corberan et al. (2008), while using an expansion valve to control the evaporator 
superheat. The majority of the refrigerant mass added to such a system accumulates in the 
form of liquid in the condenser, increasing the subcooling, while a small portion stays in 
the evaporator as inlet quality decreases.  
All experimental data examined so far in Chapters 7, 8 and 9 have been based on 
subcooling generated in a non-designated area of the condenser, by increasing the 
refrigerant charge, even though the system was equipped with a liquid receiver. This is 
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because, during the experiments, the receiver was located after the last pass of the 
condenser and maintained completely filled with liquid, allowing condenser subcooling 
to be generated within the condenser. 
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Figure 9.1: Typical variation of the subcooling with the refrigerant charge in a non-designated area 
 
 Condenser subcooling can also be generated in a so-called designated area when a 
liquid receiver is installed before the last pass of the condenser, as illustrated by Figure 
9.2. As refrigerant charge is added, the subcooled liquid first fills the last pass, between 
points A and B (Figure 9.2). After point B, liquid begins to accumulate in the receiver 
and the condenser subcooling becomes fixed in the designated area, between points B and 
C. Such air-conditioning (AC) systems are normally designed to operate within this 
region, usually denominated “operating plateau”. Similar descriptions were given by 
Pomme, 1999 and Abraham et. al, 2006, supported by experimental data. Condensers 
with a designated area for subcooling are typically used in state-of-the-art automotive AC 
systems equipped with an integrated receiver, as described by Yamanaka et al. (1997) 
and Ravikumar and Karwall (2005). The receiver is used to store extra mass of 
refrigerant needed to meet high cooling load conditions and compensate for refrigerant 
leakages (Abraham et. al, 2006). Once the receiver is overflown with liquid (beyond 
point C), the additional mass would accumulate in the first pass, increasing subsequently 
the degree of subcooling (Point D).    
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Figure 9.2: Typical variation of the subcooling with the refrigerant charge in a designated area 
 
In the non-designated subcooling configuration (Figure 9.1), the condenser 
subcooling (refrigerant charge) can be used to maximize COP for the design condition, 
but subcooling may turn out to be excessive (system overcharged) or insufficient (system 
undercharged) in off-design operating conditions. Furthermore, in case of refrigerant 
leakages, condenser subcooling may even disappear, reducing dramatically the system 
performance.   
In the designated subcooling approach (Figure 9.2), as long as liquid is 
accumulated in the receiver, subcooled liquid will always be present at the condenser exit. 
However, a fixed subcooling area does not guarantee that the system will operate under a 
COP maximizing subcooling in all operating conditions. In fact, experimental and 
numerical results have shown that the COP maximizing subcooling area depends on the 
cooling load thereby a fixed subcooling portion would be optimized only for one 
operating condition. 
Another difference between designated and non-designated subcooling may lie on 
refrigerant distribution in the parallel channels. Infrared images from the condenser with 
non-designated subcooling taken during previous experiments revealed mal-distribution 
of liquid in the last pass which could potentially affect the condenser performance. The 
images indicated that the bottom most channels of the last pass were most likely getting 
more liquid than the higher ones. In the designated subcooling, however, the subcooling 
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pass would not be subject to such issue if liquid is completely separated from vapor in the 
receiver. 
One of the objectives of this section is to investigate whether the way the 
subcooling is achieved affects the system performance in terms of COP. To do so, the 
performance of a system configuration in which the subcooling is generated in a non-
designated area is compared to that of an almost identical configuration in which 
subcooling is achieved in a designated area. To the best of the author’s knowledge there 
is not such experimental study in the open literature. Another point to be addressed is 
whether the control of the condenser subcooling in order to maximize COP, as suggested 
by Pomme (1999), would be worth it or a fixed subcooling area would be able to keep the 
system near COP maximizing subcooling values within the range of operating conditions 
considered. In the next Chapter, a complimentary numerical study based on a simulation 
model will try to elaborate on the effect of mal-distribution of liquid in the last pass on 
the condenser and system performance. 
 
9.2 Experimental Methods  
 
 The layouts of both configurations are illustrated in Figures 9.3 and 9.4. The 
experimental system under investigation is the modified R134a automotive AC 
previously described where the only difference between the configurations regards the 
condenser. The receiver was present in both configurations 
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Figure 9.3: System configuration with subcooling obtained within a non-designated (a) and a 
designated area (b) of the condenser 
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Both system configurations were tested under equal operating conditions, shown 
in Table 9.1, which includes three cooling capacities (low, medium and high) and are 
exactly the same as those in Table 8.1. The cooling capacity was increased by raising the 
compressor speed while air inlet face velocity and temperature of the evaporator were 
also changed accordingly. Throughout all the experiments, there was no dehumidification 
in the evaporator. The evaporator exit superheat was maintained at an average of 
approximately 10°C. Experimental data was taken during 15 minutes after steady-state 
conditions were reached. 
 
Table 9.1: Test conditions 
Capacity setting Toutdoor Tindoor Vf,e Vf,c Qcooling 
[-] [°C] [°C] [m/s] [m/s] [kW] 
Low 35.0 25.0 2.0 1.5 2.6 
Medium 35.0 30.0 2.6 1.5 4.1 
High 35.0 35.0 3.0 1.5 5.3 
 
The experimental data for the system with non-designated subcooling have 
already been presented in Chapter 8 for the same operating conditions. In order to vary 
the condenser subcooling, refrigerant mass had been added in increments after the 
receiver was completely filled with liquid so that subcooled liquid would accumulate 
towards the condenser exit. The condenser used was the same two-pass microchannel 
heat exchanger with a total of 39 channels and no subcooling pass, illustrated again in 
Figure 9.4a.  
For the experiments with designated area for subcooling, five almost identical 
condensers were used, as illustrated in Figs 9.4a to 9.4e. The heat exchangers were all 
made by the same manufacturer and have the exact same air and refrigerant side heat 
transfer characteristics except for the number of parallel channels in the last (or 
subcooling) pass, which varies: zero (no subcooling pass), 3, 6, 9 and 12 channels. The 
total number of channels, however, is fixed (39 channels). Therefore, the ratio (DASUB) 
between area allocated for subcooling and the total heat exchanger area is varied as 
following: 0%, 8%, 15%, 23% and 30%. By changing DASUB, the subcooling is expected 
to vary while the receiver was maintained approximately half full with liquid.  
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Figure 9.4: Layout of the condensers without and with designated areas for subcooling 
 
 
9.3 Results and Discussion 
 
 In this section, the performance of the system in which the subcooling is achieved 
in a non-designated (Figure 9.3a) area of the condenser is compared to that of an almost 
identical system configuration in which subcooling was obtained in a designated area 
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(Figure 9.3b). First, the results for system with designated area for subcooling are 
discussed.  
 Figure 9.5 shows the normalized COP and condenser subcooling as a function of 
DASUB, which is the ratio between the number of channels allocated for the subcooling 
divided by the total number of channels, as indicated in Figure 9.4. The dashed lines 
indicate a curve fitting of the experimental points. The cooling capacity was maintained 
constant within ±0.5% for each cooling load setting. 
 According to Figure 9.5, as the area ratio designated for subcooling (DASUB) 
increases, the condenser subcooling values become higher for a given cooling load. In 
addition, for a fixed DASUB, the subcooling is higher at larger cooling loads, due to higher 
temperature difference between air and refrigerant in the condenser. It has been 
previously discussed for the non-designated condenser (Figure 8.2) that the system COP 
undergoes a maximum as subcooling is increased and the results for the system with a 
designated area for subcooling (Figure 9.5) follow the same trend.  
 Figure 9.5 also reveals that the higher the cooling capacity, the larger the COP 
maximizing designated area (DASUB) for subcooling. At the high load, the curve fitting 
indicates a COP maximizing DASUB of about 18%, while for medium and low loads the 
optimum values are approximately equal to 15% and 8%, respectively. Indeed, infrared 
images from the condenser with non-designated subcooling (Figure 8.4) indicated similar 
trends. In addition, these results confirm that a fixed DASUB does not guarantee that the 
system will operate at COP maximizing subcooling conditions at different cooling loads. 
On the other hand, a fixed designated area of 15% (6 out of 39 channels) would 
maximize COP for the medium load but also maintain this system near COP maximized 
conditions for high and low cooling loads, with less than 1% difference from their actual 
maximum values. Therefore, one could also conclude that, since a fixed DASUB would 
yield near maximized subcooling for the three cooling loads, an active control of the 
subcooling to maximize COP in a non-designated setup would not be worth it for this 
system under the operating conditions considered.  
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Figure 9.5: Normalized COP and condenser subcooling as a function of the ratio between the 
subcooling designated area ratio for high, medium and low cooling loads (R134a). 
 
Figure 9.6 shows the normalized COP, inlet saturation and exit temperature in the 
condenser as a function of the condenser subcooling obtained with DA and NDA, for the 
high cooling load. Each of the five subcooling values for the DA case represent a 
different condenser (0%, 8%, 16%, 23% and 31% of DA) whereas for the NDA case, all 
subcooling values were all obtained from the same condenser by varying the refrigerant 
charge. NDA and DA cases are, however, normalized at the same subcooling and COP. It 
can be seen that both NDA and DA condensers yielded almost the same value of 
maximum COP improvement, although the COP maximizing subcooling values were 
about 3°C apart. It can also be noted that the increase in inlet saturation temperature due 
to subcooling is almost identical in NDA and DA cases, which would indicate that the 
corresponding increase in specific compression work would also be similar. The value of 
the refrigerant temperature at the condenser exit for NDA and DA configurations is also 
similar, especially near COP maximizing subcooling values. However, near a subcooling 
of about 7°C, the exit temperature of the DA configuration is around 2°C lower than that 
of the NDA configuration. As a result, the COP of DA configuration was around 2% 
higher than that of the NDA configuration in the same region. At subcooling values 
larger than 14°C, however, the COP of the NDA configuration becomes higher than that 
of the DA configuration.  
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Figure 9.6: Normalized COP, inlet saturation and exit refrigerant temperature as a function of the 
condenser subcooling for designated (DA) and non-designated subcooling (NDA), at the high cooling 
load condition (R134a). 
 
 Figure 9.7 shows the normalized COP as a function of the subcooling obtained 
with DA and NDA condensers, for all cooling loads (high, medium and low) in a similar 
fashion as in Figure 9.6. 
 
 
Figure 9.7: Normalized COP as a function of the condenser subcooling for designated (DA) and non-
designated subcooling (NDA), at high, medium and low cooling loads (R134a). 
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 According to Figure 9.7, both NDA and DA configurations yielded similar values 
of maximum COP improvement for all cooling loads, with differences of less 1.5%. 
Besides small deviations, it can be concluded from Figure 9.7 that the way (DA or NDA) 
subcooling is achieved may not be important to this system performance in terms of 
maximum COP. At higher values of subcooling, however, deviations between the 
performances of the two configurations seem to be more noticeable. Regarding COP 
maximizing subcooling, NDA and DA configurations resulted in similar values for 
medium and low loads. 
 Figure 9.8 shows infrared images taken at the frontal surface of the NDA and DA 
(DASUB of 15%) condensers, respectively, both at the same subcooling of 10°C, for the 
medium cooling load.  
 
 
Figure 9.8: Infrared images taken at the inlet surface of NDA (top image) and DA (bottom image) 
condensers at a subcooling of 10°C for the medium cooling load, with additional dashed lines to 
indicate approximately the area occupied by the subcooled liquid 
 
 Figure 9.8 suggests that the area occupied by subcooled liquid is of similar size in 
both heat exchangers. In addition, the infrared images show both NDA and DA 
condensers are subject of mal-distribution of liquid. The mal-distribution is characterized 
by a non-uniformity of temperature among the channels of a same pass. For the NDA 
condenser this non-uniformity appears throughout the entire second pass, where the 
bottom channels are at a lower temperature than the upper channels. This may be due 
Second pass
First Pass
Third Pass (Subcooling region)
First Pass
Second pass
Subcooling region
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liquid pooling in the bottom of the inlet header of the second pass, which would cause the 
lower channels to be fed with lower quality two-phase flow than that of inlet flow of the 
upper channels. For the DA condenser, the non-uniformity appears mostly in the right 
half of the second pass, where it can be seen that the three bottom most channels have a 
lower temperature than the rest of the channels of the same pass. The fact that DA and 
NDA condensers presented similar areas occupied by subcooled liquid at the same value 
of subcooling and both were subject to mal-distribution issues help to explain why they 
yielded similar performances.  
 
 
9.4 Conclusions and Recommendations 
 
 Although experimental results for R134a demonstrated that condensers with a 
higher air-refrigerant temperature difference (smaller condenser size relative to its heat 
transfer load) will demand a larger COP maximizing designated area ratio, a fixed DASUB 
yielded COPs within 1.5% difference from the maximized values, within the range of 
cooling capacities considered. This was an indication that an active control of subcooling 
in order to maximize COP (in a non-designated area) may not be worth it in a superheat 
controlled TXV system. Numerical results from an experimentally validated model 
confirmed these findings in Chapter 8. 
 An experimental comparison between subcooling generated in NDA and DA of 
the condenser revealed that both configurations yield similar values of maximum COP 
improvement within the range of cooling capacity considered. The results suggested that 
the way condenser subcooling is achieved, either in a DA or a NDA, may not be 
important in terms of COP. 
 Although there were no significant differences in system performance between 
having a fixed designated area and controlling subcooling, one could raise question of 
whether to control the expansion valve opening with evaporator superheat (TXV) or 
condenser subcooling. Figure 9.9 shows a system layout where the expansion valve 
would be piloted by the condenser subcooling signal while a J-tube low-side accumulator 
would function as a mass storage device for off-design conditions and to maintain the 
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evaporator exit wet. The same system layout is used in transcritical R744 system where 
the expansion valve is used to control the high-side pressure. A subcooling-controlled 
system could be topic of future investigation. 
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Figure 9.9: System layout with subcooling control and low-side accumulator 
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                                                                           CHAPTER 10
NUMERICAL INVESTIGATION OF THE EFFECT OF 
REFRIGERANT MAL-DISTRIBUTION ON THE PERFORMANCE 
OF A MICROCHANNEL PARALLEL-FLOW CONDENSER 
 
 
 
10.1 Introduction 
 
Due to their excellent compactness, parallel-flow microchannel condensers are 
widely used in automotive air-conditioning systems and are expanding into other 
applications, such as stationary air-conditioning/heat-pump systems and commercial 
refrigeration. Park and Hrnjak (2008) experimentally compared the performance of 
microchannel and round-tube condensers of the same total volume and heat transfer area 
in a R410A residential air conditioning system. Results showed that the microchannel 
condenser yielded improvements of up to 13% in COP while reducing the condensing 
temperature in comparison to the system with the round-tube condenser. Reduction of the 
refrigerant charge was also reported as an advantage of these heat exchangers due to 
smaller internal volumes. Microchannels heat exchangers are also used as evaporators, 
especially in automotive air-conditioning and R744 applications.  
Refrigerant mal-distribution is one of the major challenges in microchannel heat 
exchangers. This phenomenon is characterized by an uneven distribution of refrigerant 
flow within multiple parallel tubes connected through inlet and outlet manifolds, usually 
called headers. As pointed out by several authors, such as Beaver et al. (1999), Fei et al. 
(2002), Vist and Pettersen (2004), Elbel and Hrnjak (2004), Hwang et al. (2007), Brix et 
al. (2009), Ablanque et. al. (2010) and Tuo et al. (2011), the mal-distribution of 
refrigerant in evaporators can yield reduced heat transfer coefficient due to dry-out 
conditions and generate zones with small air-refrigerant temperature difference, known as 
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pinching. As a consequence, the overall heat transfer effectiveness of the heat exchanger 
is reduced, decreasing cooling capacity and COP. 
Mal-distribution in manifolds may appear in single-phase flows, but is typically 
more pronounced in two-phase flows due to the separation of liquid and vapor phases. 
The mal-distribution does not only appear due to uneven distribution of the two phases in 
the manifolds, but can also be caused by mal-distribution of air face velocities and 
temperatures (Brix et.al, 2009). Several authors experimentally studied the liquid-vapor 
distribution of two-phase flow in manifolds, such as Vist and Pettersen (2004) and 
Hwang et. al. (2007). Fei et. al. (2002) measured the distribution of a developing two-
phase refrigerant after the inlet header in a plate-fin evaporator, as well as identified flow 
regimes by means of flow visualization. In addition, Bowers et al. (2006) studied the 
effect of design parameters of the header, such as entrance length, microchannel 
protrusion, mass flow rate and quality, on the distribution of two-phase R134a in 
horizontal manifold-feeding parallel channels. Kulkarni et al. (2004) used a simulation 
model to investigate the effects of mal-distribution of refrigerant in microchannel 
evaporators with respect of header design parameters. More recently, Ablanque et al. 
(2009) proposed a one-dimensional model to predict the flow distribution in manifolds 
with branching conduits. In the same work, they validated their numerical results against 
experimental data for single-phase and two-phase flow.  
The impact of refrigerant mal-distribution on the heat transfer performance of the 
evaporator has also been the topic of a few studies. Beaver et al. (1999) experimentally 
showed performance degradation in a single-pass microchannel evaporator due to mal-
distribution of R744. Brix et al. (2009) numerically studied the effect of refrigerant mal-
distribution on the heat exchanger performance of a parallel microchannel evaporator 
using a one-dimensional model for two channels. Significant drop in capacity was 
observed when an uneven refrigerant distribution was compared to the homogeneous 
distribution case. Elbel and Hrnjak (2004) showed that the heat transfer performance of a 
microchannel evaporator operating with R744 can be improved by liquid-feeding, using a 
setup called flash gas bypass, in comparison to sending a higher quality two-phase flow 
from the expansion device directly into the inlet header. The main mechanism of 
improvement of the flash gas bypass was a more homogeneous refrigerant distribution 
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within parallel microchannel tubes. Tuo et. al. (2011) also showed significant 
enhancement in the performance of an R134a evaporator due to an improved refrigerant 
distribution provided by a flash gas bypass setup. Bowers et al (2010) proposed a 
statistical methodology for quantifying the refrigerant distribution using infrared 
thermography. 
Studies involving the effect of mal-distribution in heat exchangers are mostly 
focused on the evaporator. However, the same problem may be present in microchannel 
condensers where manifolds also have to handle distribution of two-phase flow within 
parallel tubes. Vist and Pettersen (2004) pointed out that, in condensers, uneven 
distribution of refrigerant can create regions with reduced heat transfer due to liquid 
accumulation. In fact, infrared images taken from an automotive microchannel condenser 
(Figure 8.4) revealed mal-distribution of liquid in the last pass, which could potentially 
affect the condenser performance. The images indicated that the bottom channels of the 
last pass were delivering highly subcooled refrigerant while the refrigerant at exit of the 
top channels was likely not even subcooled. It was suggested that the bottom channels 
were probably receiving a lower quality two-phase than the top ones. Park and Hrnjak 
(2008) presented a model of a multi-pass microchannel condenser in which mal-
distribution of refrigerant was taken into account. They concluded that the consideration 
of a non-uniform distribution of refrigerant did not significantly affect the predicted 
condenser overall heat transfer rate. 
The main objective of this study is to numerically investigate the effect of 
refrigerant mal-distribution on the performance of a parallel-flow microchannel 
condenser as well as on the overall system COP. Using a semi-empirical system model, 
mal-distribution will be specifically studied on the last pass of the condenser, where 
subcooled liquid is generated. Rather than modeling the distribution in the header, 
different inlet quality distributions are prescribed, from the best case (homogenous 
distribution) to worse case scenarios, and the condenser/system performance will be 
systematically compared. In addition, different operating conditions in terms of cooling 
capacity and condenser subcooling will be considered. 
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10.2 Methods 
 
A semi-empirical simulation model of a vehicular air conditioning system 
operating with R1234yf was developed for this study based on a previously model 
described (see Chapter 9 and Appendix A) and validated (see Appendix B). Compressor, 
evaporator and connecting lines were treated semi-empirically with coefficients regressed 
from experimental results, while the condenser was the only component simulated with a 
discretized one-dimensional model and widely used heat transfer and pressure drop 
correlations. 
The compressor was modeled with a constant isentropic efficiency of 61%, based 
on experimental results from Chapter 7. The energy loss by heat transfer through the shell 
was fixed at 10% of the total compressor power input. The evaporator was modeled with 
a fixed heat transfer effectiveness (Eq.(10.1)) of 74% which was also experimentally 
observed in results shown in Chapter 8 for the system operating with R134a and R1234yf. 
The pressure drop across the suction line was obtained by using an experimental pressure 
drop coefficient, the same as described in Chapter 8. Since the evaporator exit pressure is 
calculated from Eq. (10.1), the evaporator refrigerant-side pressure drop calculation was 
not necessary. Pressure drop across other connecting lines were neglected. All connecting 
pipes were assumed adiabatic. 
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The condenser modeled is an aluminum microchannel cross-flow heat exchanger 
(Figure 10.1) for automotive air-conditioning applications with a total face area of 0.24 
m
2
, core depth of 16 mm, fin density of 18 louvered fins per inch and a total of 39 
parallel multi-port microchannel tubes. Each microchannel tube has an external depth of 
16 mm and height of 1.6 mm. Its pass-arrangement comprises a single-slab and two 
passes, the first with 26 channels and the second with 13 channels.  
The condenser was discretized with a finite volume approach. The first pass was 
divided into 25 elements of equal size where each of them contained the total number of 
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26 tubes.  By doing so, it has been assumed that each tube of the first pass is supplied 
with the same value of refrigerant mass flow rate at the same pressure and temperature. 
This is a reasonable assumption, since the refrigerant at inlet of the condenser is 
superheated vapor, thus less susceptible to mal-distribution. The refrigerant flow entering 
the second pass, however, is a liquid/vapor mixture. Thus, in order to address the mal-
distribution problem, each of the 13 tubes of the second pass was divided into 25 equally 
sized elements, totalizing 325 finite volumes. Finer discretization was tried, but the 
results were insensitive. For each microchannel tube, it was assumed no mal-distribution 
of refrigerant within the multiple ports. On the air side, a uniform velocity and 
temperature field was assumed throughout the entire heat exchanger.  
 
 
Figure 10.1: Microchannel condenser 
 
For each finite volume, the conservation of mass, energy and momentum was 
satisfied under steady state conditions. Conduction between neighboring volumes was 
neglected. In order to obtain the heat transfer rate in each volume, the effectiveness-NTU 
method for cross-flow heat exchangers was applied. The UA value of each volume was 
determined from the convection resistances on air and refrigerant sides. Conduction 
resistance through the tube walls and contact resistance between fins and tubes were 
neglected. The fin efficiency was determined according to Incropera et al. (2006).  
Air and refrigerant side heat transfer coefficient and frictional pressure drop were 
calculated using the correlations shown in Table 10.1. The listed correlations for air and 
single-phase refrigerant are widely-used for microchannel heat exchangers. Regarding 
two-phase flow, Cavallini et al. (2006) showed that their correlation for condensation 
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heat transfer in microchannels gives good agreement with experimental data from several 
different sources. Later, Del Col et al. (2010) also showed that the correlation from 
Cavallini et al. (2006) agrees with experimental data within ±15% for R1234yf, with 
qualities ranging from approximately 5% to 95%. Regarding refrigerant-side pressure 
drop, Cavallini et al. (2006) demonstrated that predictions from Friedel’s (1979) 
correlation agree reasonably well with experimental data for low pressure fluids in 
microchannels tubes. Minor losses were neglected in this study. 
 In order to study the effects of mal-distribution in the last pass of the condenser, 
different inlet quality distributions were considered within the 13 microchannel tubes. 
Since the pressure drops along inlet and outlet headers as well as that due to entrance/exit 
effects were neglected in the model, the pressure drop along each microchannel tube must 
be equal. Finally, since the headers are assumed adiabatic, the conservation of energy 
must be also satisfied in both inlet and exit headers, according to Eq. (10.2), where N is 
total number of channels (13 channels) in the last pass. Rather than given as input, the 
mass flow rate in each channel is obtained by the model to satisfy the assumption of 
equal pressure drop along the tubes. The pressure drop, however, is a consequence of the 
given inlet quality, the refrigerant mass flux and the heat transfer rate along the tubes. 
 
Table 10.1: Air and refrigerant side heat transfer and pressure drop correlations 
Refrigerant condensation heat 
transfer coefficient 
Cavallini (2006) 
Refrigerant single-phase heat 
transfer coefficient 
Turbulent flow: Gnielinski (1976) 
Laminar flow: Incropera et. al. (2006)  
Air side heat transfer 
coefficient and friction factor 
for louvered fins 
Chang and Wang (1997) 
 
Two-phase refrigerant 
pressure drop 
Friedel (1979) 
Single phase refrigerant 
pressure drop 
Friction factor from Churchill (1977) 
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i
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1
,,,,   (10.2) 
   
The complete system of equations, which includes those from the condenser 
discretization and from the remaining components of the cycle, is solved by the 
Engineering Equation Solver, EES (2007). The inputs to the model are the following: 
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condenser geometric characteristics, air side inlet temperature and flow rates in the heat 
exchangers, cooling capacity, evaporator exit superheat, condenser subcooling and a 
given quality distribution for the inlet of the second pass of the condenser.  Typical 
outcomes of the model are evaporator and condenser saturation temperatures, the COP 
and the refrigerant mass flow rate and the temperature distribution along the tubes of 
second pass of the condenser. This model has been extensively validated in Chapter 8 and 
Appendix B assuming homogeneous refrigerant distribution in the condenser and since 
the model uses widely used heat transfer and pressure drop correlations, the author 
expects that the model is appropriate for studying mal-distribution cases. 
 
10.3 Results and Discussion 
 
 The second pass of this condenser is typically fed by a liquid/vapor mixture, thus 
is subject to mal-distribution problems. Since the objective of this study is not to model 
the two-phase flow distribution in the header, but to evaluate the effect of mal-
distribution of refrigerant on the condenser/system performance, the inlet quality 
distribution of the channels of the second pass was prescribed. Three different cases of 
inlet quality distribution are considered in this study, i.e. homogeneous, linear and liquid 
pooling, as shown in Table 10.2. In the homogeneous distribution, all 13 tubes are 
supplied with the same quality which is equal to that of the exit of the first pass. In the 
linear distribution, the inlet quality increases linearly from saturated liquid at the bottom 
most microchannel tube to higher qualities towards the top tube of the second pass. The 
linear constant f (Table 10.2) is determined by the model while satisfying the 
conservation of energy in the inlet header. Finally, in the liquid pooling distribution, a 
certain number of bottom most tubes receives saturated liquid, one intermediate channel 
gets a quality between zero and one, while the remaining upper channels are supplied 
with saturated vapor. The number of tubes receiving only liquid or vapor is constrained 
by the bulk quality in the inlet header. The quality at the intermediate channel is 
determined by the model in order to satisfy the conservation of energy together with the 
remaining channels. It can be noticed that, in principle, two limiting cases are being 
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considered. The homogeneous distribution would be the best case scenario, while the 
liquid pooling distribution is likely to yield the most severe refrigerant mal-distribution. 
 
Table 10.2: Description of the quality distribution cases 
1) Homogeneous  outsti xx ,1 , i = 1,13 (channels) 
2) Linear  
)13( ifxi  , i = 1,13 (channels). The factor f is determined by the model while 
satisfying the conservation of energy in the inlet header. 
3) Liquid pooling 
1ix , when i = 1,N0 + 2 (channels). The value of N0 is the maximum possible 
integer number of channels to be supplied with saturated liquid 
0ix , when i = 14 - N0,13 (channels) 
ei xx  , when i = 13 - N0 (channels). When xe is determined by the model while 
satisfying the conservation of energy in the inlet header. 
 
 
First, the effect of mal-distribution in condensers will be examined in details for a 
fixed operating condition in all three quality distributions. Second, the impact of mal-
distribution will be examined at different values of condenser subcooling and cooling 
loads.  
 Figure 10.2 shows results of inlet quality and mass flow rate in each tube as 
function of the tube number. The tube number 1 is the first one from the top, while the 
tube number 13 is the bottom most one. For results of Figure 10.2, air inlet temperatures 
to the evaporator and condenser were fixed at 30°C and 35°C. Air face velocities to the 
evaporator and condenser were maintained at 2.4 m/s and 1.4 m/s. The evaporator exit 
superheat was kept at 10°C and the condenser subcooling at 10°C. The cooling capacity 
was fixed at 4.1 kW so that the COP would be the only measure of system performance 
difference among the three cases. 
 According to Figure 10.2, for the homogeneous distribution, the inlet quality of 
23% is fixed for all tubes of the second pass and is equal to the exit quality of the first 
pass. As a consequence, the mass flow rates are all equal to 2.9 g/s. For the liquid pooling 
distribution, the seven lowest tubes end up receiving saturated liquid, the five highest 
tubes are supplied by saturated vapor and one intermediate tube receives a 41% quality 
mixture. Since liquid imposes less frictional pressure drop than the liquid/vapor mixture, 
the seven bottom most tubes admit a larger mass flow rate (4.9 g/s) than the five highest 
tubes (1.5 g/s) or the tube number 6 (2.4 g/s). For the linear case, the resulting quality 
191 
 
distribution varies from 0% to 54%, while the mass flow rate varies from 2.0 g/s to 4.0 
g/s. From Figure 10.2, it becomes clear that a mal-distribution of quality yields an uneven 
distribution of refrigerant flow rate within the channels of the second pass. 
 
 
Figure 10.2: Inlet quality and mass flow rate for each microchannel tube of the second pass at air 
inlet temperatures 30°C (evaporator) and 35°C (condenser), cooling capacity of 4.1 kW and a 
condenser subcooling of 10°C. 
  
 
Figure 10.3 displays the refrigerant subcooling distribution along the second pass 
of the condenser for the three quality distributions, for the same conditions as in Figure 
10.2. Since the average saturation temperature of the three cases is very similar (around 
57°C), the refrigerant subcooling distribution indirectly reflects the actual refrigerant 
temperature. It can be observed that both linear and liquid pooling distributions yield 
higher subcooling spots, i.e. colder regions, when compared to the homogenous 
distribution. Even though the exit subcooling was maintained fixed at 10°C of the three 
cases, regions with subcooling up to 14°C can be observed in both Fig. 3b and 3c, while 
refrigerant at the exit of the higher channels of the liquid pooling case are not even 
subcooled.  
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(a) 
 
(b) 
 
(c) 
 
Figure 10.3: Contour plot of the subcooling along the second pass of the condenser for homogeneous 
quality distribution (a), linear quality distribution (b) and liquid pooling quality distribution (c), at 
air inlet temperatures 30°C (evaporator) and 35°C (condenser), cooling capacity of 4.1 kW and a 
condenser subcooling of 10°C. 
 
Figure 10.4 shows the actual mean refrigerant temperature in each tube. 
According to Figure 10.4, for the liquid pooling case, tubes 7 to 13 have lower average 
refrigerant temperature than the same tubes in the homogeneous case due to a higher 
amount of subcooled liquid, as already seen in  
Figure 10.3. As a result, these tubes will have less potential for heat transfer. On 
the other hand, refrigerant in the tubes 1 to 5 in the liquid pooling case have higher 
average temperatures due to greater presence of two-phase flow and subsequently will 
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have higher potential for heat transfer than the same tubes in the homogeneous case. 
Similar conclusions apply for the linear case.  
 
 
Figure 10.4: Mean refrigerant temperature and refrigerant side heat transfer coefficient for each 
microchannel tube of the second pass at air inlet temperatures of 30°C (evaporator) and 35°C 
(condenser), cooling capacity of 4.1 kW and a condenser subcooling of 10°C. 
 
Another aspect to be taken into account is the average heat transfer coefficient of 
the refrigerant in each tube (Figure 10.4). According to Figure 10.4, even though the 
tubes 7 to 13 are completely filled with subcooled liquid in the liquid pooling distribution, 
their average heat transfer coefficient is only 13% lower than those in the same tubes for 
the homogeneous case, where there is two-phase flow in more than half of their length. 
The fact that the refrigerant mass flow rate and consequently the mass flux in tubes 7 to 
13 of the liquid pooling case is about 70% higher than that in the same tubes of the 
homogenous case ends up increasing the convection effect and partially compensating the 
fact that heat transfer coefficient for liquid flows is lower than for two-phase 
(condensing) flows, at a given mass flux. For tubes 1 to 5, a different scenario emerges. 
In the liquid pooling case, even though these tubes receive 50% less mass flow rate than 
the same tubes in the homogenous case, the effect of a higher quality is dominant to 
produce a heat transfer coefficient 47% higher than in the homogeneous case for the same 
tubes.  
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Figure 10.5 shows the heat transfer rate for each tube of the second pass. 
According to Figure 10.5, larger heat transfer coefficient and air-refrigerant temperature 
difference in the tubes 1 to 5 for the liquid pooling distribution results in higher heat 
transfer rate when compared to the homogeneous case. On the other hand, tubes 7 to 13 
show lower heat transfer rate in the liquid pooling case due to lower heat transfer 
coefficient and air-refrigerant temperature difference. 
 
 
Figure 10.5: Heat transfer rate for each microchannel tube of the second pass at air inlet 
temperatures of 30°C (evaporator) and 35°C (condenser), cooling capacity of 4.1 kW and a 
condenser subcooling of 10°C. 
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the entire heat exchanger, calculated through the sum of the UA values of all elements, is 
about 1% higher for the liquid pooling case in comparison to the homogenous 
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0.2°C higher than in the linear distribution. Most likely, the presence of a lower 
temperature (high subcooling) zone at the bottom right side of the second pass in the 
liquid pooling case was the dominant effect over the increase in overall UA value 
(UAtotal). As a result, condensing temperature (Tsat,in) slightly increased to compensate 
poor heat transfer rates in the cold zone. In fact, in the liquid pooling case, the overall 
heat transfer rate decreased in the second pass (Q2nd) but increased in the first pass (Q1st), 
due to higher a saturation temperature, when compared to the homogeneous distribution. 
Another way to evaluate the overall heat transfer performance of the condenser is by 
observing the area occupied by liquid subcooling in the second pass (Asc,2nd). Table 3 
shows that, in the liquid pooling case, 55% of the area of the second pass was occupied 
with subcooled liquid against 45% and 49% in homogeneous and linear distributions, 
respectively. The larger the subcooling zone, the smaller the condensing region, which 
leads to higher saturation temperature. In fact, even though the overall two-phase flow 
heat transfer coefficient in the liquid pooling case was larger, it was not enough to avoid 
a slight increase in the saturation temperature.  
 
 
Table 10.3: Summary of the results for the three quality distributions at air inlet temperatures of 
30°C (evaporator) and 35°C (condenser), cooling capacity of 4.1 kW and a condenser subcooling of 
10°C. 
 
Quality 
distribution 
Tsat,in Texit Q Q1st Q2nd UA2nd  UAtotal HTC2nd Asub,2nd COP 
  [°C] [°C] [kW] [kW] [kW] [W/K] [W/K] [kW/m
2K] [-] [-] 
Homogenous 56.7 46.2 5.84 4.17 1.67 148 461 1.89 0.45 2.10 
Linear 56.9 46.4 5.85 4.21 1.64 147 461 1.86 0.49 2.09 
Liquid pooling 57.4 46.9 5.88 4.29 1.59 153 466 2.27 0.55 2.06 
 
As shown in Table 10.3, the increase in saturation and refrigerant exit 
temperatures yielded a decrease in COP of about 1.9%, from a value of 2.10 in the 
homogeneous case, to 2.06 in the liquid pooling case. The increase in saturation 
temperature leads to larger specific work in the compressor while the higher condenser 
exit temperature decreases the refrigerating effect, therefore reducing COP. Between 
homogeneous and linear distributions, the decrease in COP was less than 0.5%.  Here, the 
COP is the only measure of overall system performance, since the cooling capacity was 
maintained constant. It is important to remember that the liquid pooling distribution is a 
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limiting case, probably the worst scenario, and still led to a COP reduction of only 2%. 
That being the case, COP reduction may be even smaller in milder cases of mal-
distribution. In addition, it can be concluded that an assumption of uniform distribution of 
refrigerant in the tubes may not affect significantly the modeling results of a condenser 
subject to mal-distribution problems. Park and Hrnjak (2008) had arrived at the same 
conclusion for a microchannel condenser of a residential air conditioning system. 
These results seem to be consistent to the experimental findings of Chapter 9. 
Infrared images (Figure 9.8) indicated that the condenser without a designated area for 
subcooling (the same condenser modeled in this study) was subject to significant mal-
distribution of liquid in the last pass, while for an almost equal condenser with a 
designated subcooling area the mal-distribution was very mild. However, according to 
results shown in Chapter 9 both condensers yielded similar values of COP (about 1% 
apart). It has been suggested that the mal-distribution of the condenser with non-
designated subcooling did not seem to affect the system performance in terms of COP. 
These results, however, contrast with those observed in evaporators by other 
authors.  Beaver et al. (1999), Brix et al. (2009) and Tuo et. al. (2011) have shown that 
evaporator and overall system performance are very sensitive to refrigerant mal-
distribution issues in microchannel evaporators. Several reasons can be speculated. First, 
in evaporators, dry-outs can quickly evolve to pinching problems. Once the flow becomes 
saturated vapor, its temperature can rapidly increase and approach the air inlet 
temperature due to small specific heat of vapor, reducing dramatically the heat transfer 
rate. In addition, the heat transfer coefficient of superheated vapor is much lower than 
that of subcooled liquid. Furthermore, depending on the operating conditions, the flow 
resistance on the tubes receiving a higher quality flow may be greater than those 
receiving a low quality mixture, which could reduce the mass flow rate and further 
worsen the heat transfer performance. 
The effect of refrigerant mal-distribution in the condenser on the system 
performance was also evaluated at different values of subcooling and cooling capacity. 
Results are shown in Tables 10.4 and 10.5.  
According to Table 10.4, COP seems to be more sensitive to mal-distribution at 
lower values of subcooling, for a fixed cooling capacity of 4.1 kW. At the subcooling of 
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zero, the homogeneous distribution yields a COP 3% higher than that of the liquid 
pooling case, while at the subcooling of 14°C this difference is only 1%. According to 
Table 10.5, the COP seems to be less sensitive to refrigerant mal-distribution at lower 
cooling capacities, considering a fixed condenser subcooling of 6°C. At 4.1 kW, the COP 
drop from the homogenous case to the liquid pooling condition was 3%, while for 2.5 kW, 
there was almost no difference in performance. 
 
Table 10.4: Summary of the results for the effects of mal-distribution and condenser subcooling, at 
air inlet temperatures 30°C (evaporator) and 35°C (condenser) and a fixed cooling capacity of 4.1kW 
 
 
Tsub = 0°C Tsub = 6°C Tsub = 10°C Tsub = 14°C 
Quality  
distribution 
Tsat,in UA2nd  COP Tsat,in UA2nd  COP Tsat,in UA2nd  COP Tsat,in UA2nd  COP 
[°C] [W/K] [-] [°C] [W/K] [-] [°C] [W/K] [-] [°C] [W/K] [-] 
Homogenous 56.5 168 1.77 56.2 156 2.00 56.7 148 2.10 57.9 137 2.17 
Linear 56.8 167 1.75 56.5 158 1.99 56.9 147 2.09 58.0 136 2.16 
Liquid pooling 57.5 160 1.71 57.2 160 1.94 57.4 153 2.06 58.3 142 2.15 
 
 
 
Table 10.5: Summary of the results for the effects of mal-distribution and cooling capacity at air inlet 
temperatures 25°C (evaporator) and 35°C (condenser) and a condenser subcooling of 6°C 
 
 
Qe = 2.5 kW Qe = 4.1 kW 
Quality  
distribution 
Tsat,in UA2nd COP Tsat,in UA2nd COP 
[°C] [W/K] [-] [°C] [W/K] [-] 
Homogenous 47.9 111 3.32 56.2 156 2.00 
Linear 47.7 121 3.34 56.5 158 1.99 
Liquid pooling 47.8 130 3.32 57.2 160 1.94 
 
 
10.4 Summary and Conclusions 
 
The effect of refrigerant mal-distribution on the performance of a parallel-flow 
microchannel condenser as well as on the overall performance of a vehicular air 
conditioning system has been numerically investigated. A semi-empirical model treated 
compressor, evaporator and connecting lines using experimentally obtained coefficients, 
while the condenser was discretized in one dimension and simulated using widely-used 
heat transfer and pressure drop correlations. While homogeneous refrigerant distribution 
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was assumed in the first pass of the condenser, for the second (last) pass three different 
inlet quality distributions were considered: homogeneous, linear and liquid pooling.  
Results showed that the system performance deterioration from the homogeneous 
(best case scenario) to the liquid pooling (worst case scenario) distribution ranged from 
0% to 3% in terms of COP. Results also indicated that lower values of condenser 
subcooling and larger capacities tend to increase the negative effect of mal-distribution 
on COP. Even though the liquid pooling distribution is probably the worst case in terms 
of mal-distribution in the condenser, its impact on COP was relatively small when 
compared to mal-distribution in evaporators. In milder cases, such as the linear 
refrigerant distribution, the COP deterioration was found to be even smaller, about 1%.  
Although the liquid pooling distribution yielded larger subcooled zones than the 
homogenous one, the former was found to have higher average refrigerant side heat 
transfer coefficient and consequently a larger overall UA value than the latter. According 
to the analysis, this compensating mechanism would reduce the impact of refrigerant 
mal-distribution in condensers.  
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APPENDIX A                                                                                          
MODEL DESCRIPTION 
 
 
 
A simulation comprehensive model was developed and programmed in EES 
(2007) and is described next.  
 
Microchannel Condenser 
 
The finite volume method was used to predict condenser performance and 
refrigerant working conditions. In case of homogeneous refrigerant distribution within 
the parallel microchannel tubes, each pass of the heat exchanger was divided into a 
certain number of elements, ranging from 10 and 30, where each element encompasses 
the total number of microchannels tubes in the pass. In case of mal-distribution of 
refrigerant, each microchannel tube of a pass was divided into a fixed number of volumes. 
On the air side, uniform inlet temperature and velocity was assumed. 
The conditions of air and refrigerant at the outlet of each element were 
determined by the effectiveness-NTU method for cross-flow heat exchanger with two 
unmixed fluids. For each element, inputs were mass flow rate, inlet pressure and enthalpy 
for the refrigerant side and face velocity, dry-bulb and dew-point air inlet temperatures 
for the air side. All geometry features were also given as inputs. Typical outputs were 
dry-bulb air outlet temperature and refrigerant outlet conditions (pressure and enthalpy).  
 The “UA” value of each element was determined only from refrigerant and air 
side convection resistances. Conduction and contact resistances were neglected. The fin 
efficiency was calculated according to Incropera et al. (2006). Refrigerant and air side 
pressure drops were also calculated across the element using appropriate correlations. 
Minor sources of refrigerant pressure drop, such as bends, area contractions/expansions 
and headers were neglected in this model. The mass of refrigerant was obtained using 
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cross-sectional area and inlet density in case of single-phase fluid while for two-phase a 
void-fraction model was adopted.  
Typically a condenser can be divided into three zones: desuperheating, 
condensing and subcooling. The model is capable of finding transitions between the 
zones inside a finite volume and then dividing the element into the two zones. To avoid 
discontinuities in the refrigerant side heat transfer coefficient, the two-phase correlation 
was used only from 0.05 to 0.95 of quality. From zero to 0.05 and from 0.95 to 1.0 of 
quality, heat transfer coefficient was a result of a linear interpolation was between two-
phase and single-phase heat transfer coefficients.  
 
Round-tube-in-fin Condensers 
 
The condenser model was modified to incorporate round-tube-in-fin heat 
exchangers. Each tube comprises one finite volume for which heat transfer and pressure 
drop calculations are carried out. The round-tube-in-fin condensers modeled are typically 
composed by several parallel circuits for which pressure is assumed equal.  
The tube circuiting is conveniently described in a matrix format where tube 
number, connecting tube number and circuit number are provided to the model. 
 
Round-tube-in-fin Evaporator 
 
The round-tube-in-fin evaporator was modeled in the same fashion as the condenser. 
The evaporator model is also capable of finding transitions between two-phase and 
superheating zones inside a finite volume and then dividing the element into the two 
zones. Discontinuities in the refrigerant side heat transfer coefficient are also avoided in 
the same way as in the condenser. 
 
Compressor and Expansion Valve 
 
For the compressor, either an experimentally determined or fixed isentropic 
efficiency model was assumed. In addition, to account for heat losses through the 
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compressor shell, the same approach was taken. Regarding the expansion, an isenthalpic 
process was assumed. 
 
Complete Air-Conditioning System  
 
The system components were modeled separately in modules and linked through 
thermodynamic properties (enthalpy and pressure) and refrigerant mass flow rate. Typical 
inputs to the system model are condenser subcooling, evaporator superheat, cooling 
capacity/refrigerant side mass flow rate, air side conditions in the heat exchangers (flow 
rates, inlet temperatures), geometry of the heat exchangers and compressor isentropic 
efficiency. 
 
Heat transfer, pressure drop and other correlations 
 
Table A.1 shows the correlations used in the model. 
 
Table A.1: Correlations 
Condensation refrigerant heat transfer 
coefficient 
Cavallini (2006) for microchannel HXs 
Dobson and Chato (1998) for round-tube in-fin HXs 
  
Boiling refrigerant heat transfer coefficient Gunger and Winterton (1976)  
Single-phase heat refrigerant transfer coefficient 
Gnielinski (1976) for turbulent flow 
Incropera et. al. (2006) for laminar flow 
Two-phase refrigerant pressure drop Friedel (1979)   
Single phase refrigerant pressure drop Friction factor from Churchill (1977) 
Air side heat transfer coefficient/friction factor       
- Flat (round-tube in-fin) Wang et al. (2000)   
- Louvered (microchannel) Chang and Wang (1997) 
- Slit (round-tube in fin) Wang et al. (2001)   
Fin Efficiency       
- Round-tube in fin Schimidt (1949) 
- Microchannel Incropera et al. (2006)   
Void fraction Rouhani and Axelsson (1970) 
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APPENDIX B                                                                                       
MODEL VALIDATION 
 
                                  
In this Appendix, results of the model validation against experimental data are 
provided from Figure B.1 to B.6, for round-tube-in-fin (RTF) and microchannel (MC) 
heat exchangers from three different manufactures, named M1, M2 and M3. Heat 
exchangers from manufacturer M1 and M2 are described in Chapter 4 while the 
description of that from manufacturer M3 is given in Chapter 8. 
Figure B.1 and B.2 shows that the numerical results of the condenser/gas cooler 
and evaporator heat transfer rates agree within ±10%. Regarding the refrigerant-side 
pressure drop of the round-tube-in-fin heat exchangers (Figure B.3) most of the points are 
within ±30% while the rest falls outside this range. One of the reasons for that could be 
associated with reduced accuracy of the differential pressure transducers at low values. 
For the microchannel heat exchangers, the numerically calculated refrigerant-side 
pressure drop typically under predicted the experimental values by 90%. These larger 
deviations could be associated with blocked microchannel ports, manufacturing 
variations of the port diameter and the absence of minor pressure drop losses in the model, 
such as those within the headers. 
The system model results (Figures B.4 to B.6) also show satisfactory agreement 
with the experimental data. Regarding the system COP (Figure B.4), the numerical 
results agreed within ±8%, while predicted values of the saturation temperature at the 
evaporator exit (Figure B.6), the saturation temperature at the condenser inlet and the gas 
cooler exit temperature (Figure B.6) agreed within ±1.5°C. 
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Figure B.1: Results of the experimental validation of the condenser/gas cooler heat transfer rate for 
microchannel (MC) and round-tube-in-fin (RTF) heat exchangers of four different manufacturers, 
named M1, M2 and M3. 
 
 
Figure B.2: Results of the experimental validation of the evaporator heat transfer rate for round-
tube-in-fin (RTF) of two different manufacturers, named M1 and M2. 
 
 
0
2
4
6
8
10
0 2 4 6 8 10
P
re
d
ic
te
d
 h
ea
t 
tr
a
n
sf
e 
ra
te
 [
k
W
] 
Experimental heat transfer rate [kW] 
RTF - M1 - R410A
MC - M2 - R410A
MC - M2 - R744 (gas cooler)
MC - M3 - R134a
MC - M3 - R1234yf
+10% 
-10% 
0.0
1.0
2.0
3.0
4.0
5.0
0 1 2 3 4 5
P
re
d
ic
te
d
 h
ea
t 
tr
a
n
sf
e 
ra
te
 [
k
W
] 
Experimental heat transfer rate [kW] 
RTF - M1 - R410A
RTF - M2 - R410A
RTF - M2 - R744
221 
 
 
Figure B.3: Results of the experimental validation of the refrigerant-side pressure drop for round-
tube-in-fin (RTF) of two different manufacturers, named M1 and M2. 
 
 
Figure B.4: Results of the experimental validation of COP for systems of two different manufacturers, 
named M1 and M2. 
-30% 
+30% 
0
10
20
30
40
50
0 10 20 30 40 50
P
re
d
ic
te
d
 r
ef
ri
g
er
a
n
t 
 p
re
ss
u
re
 d
ro
p
 [
k
P
a
] 
Experimental refrigerant pressure drop [kPa] 
RTF condenser - M1 - R410A
RTF evaporator - M2 - R410A
RTP evaporator - M2 - R744
-8% 
+8% 
0
2
4
6
8
10
0 2 4 6 8 10
P
re
d
ic
te
d
 C
O
P
 
Experimental COP 
M1 system - R410A
M2 system - R410A
M2 System - R744
222 
 
 
Figure B.5: Results of the experimental validation of refrigerant saturation temperature at the 
evaporator exit for systems of two different manufacturers, named M1 and M2. 
 
 
Figure B.6: Results of the experimental validation of refrigerant saturation temperature at the 
condenser inlet (R410A) exit and at the gas cooler exit (R744) for systems of two different 
manufacturers, named M1 and M2. 
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APPENDIX C                                                                                   
EXPERIMENTAL DATA 
 
 This Appendix contains essential experimental raw data collected and analyzed 
throughout Chapter 4 through 9. 
 
Table C.1: Variable capacity experimental data for the System #1 (R410A), with respect to Chapter 4 
(Effect of the size of heat exchangers relative to the system capacity) 
 
Test  
1 2 3 4 5 6 7 8 9 10 11 
refm  [g/s] 26.42 24.08 21.62 18.76 14.78 11.90 9.64 7.61 6.53 5.41 4.15 
cairm ,  [kg/s] 0.635 0.636 0.633 0.635 0.638 0.628 0.631 0.633 0.633 0.632 0.632 
eairm ,  [kg/s] 0.294 0.292 0.290 0.289 0.287 0.286 0.284 0.284 0.284 0.280 0.280 
incpP ,
 [kPa] 967 1038 1107 1188 1310 1388 1449 1504 1542 1575 1609 
incP ,
 [kPa] 2671 2617 2573 2508 2433 2385 2349 2299 2294 2286 2285 
outcP ,
 [kPa] 2648 2597 2555 2493 2420 2374 2339 2289 2285 2278 2278 
ineP ,
 [kPa] 1251 1263 1283 1312 1382 1436 1481 1525 1560 1592 1624 
outeP ,
 [kPa] 1037 1093 1150 1220 1330 1404 1462 1514 1551 1585 1619 
incpT ,
 [°C] 11.2 13.1 15.1 17.2 20.0 22.6 24.0 25.7 26.4 27.8 28.4 
incT ,
 [°C] 66.6 63 59.6 56 51.2 48.8 46.7 44.4 43.3 42 40.9 
outcT ,
 [°C] 41.8 40.8 40.1 39.0 37.7 37.0 36.1 35.6 35.6 35.5 35.5 
inevT ,
 [°C] 41.5 40.5 39.8 38.6 37.2 36.5 35.6 35.0 34.9 34.0 30.5 
outeT ,
 [°C] 9.6 11.3 13.2 15.2 18.0 20.4 21.7 23.5 24.0 25.0 25.7 
incairT ,,
 [°C] 35.1 35.0 35.1 34.9 35.0 35.1 35.2 35.0 35.1 35.1 35.0 
outcairT ,,
 [°C] 42.6 41.7 41.0 40.0 38.9 38.2 37.6 36.8 36.6 36.3 35.9 
ineairT ,,
 [°C] 26.8 26.9 27.0 26.9 27.0 27.0 27.0 27.0 27.0 27.1 27.0 
outeairT ,,
 [°C] 13.1 14.2 15.4 16.8 19.0 20.7 22.0 23.2 23.9 24.5 25.1 
inedpT ,,
 [°C] 6.2 6.6 6.1 7.0 7.6 8.1 8.1 8.0 6.4 7.1 8.0 
outedpT ,,
 [°C] 6.2 6.6 6.1 7.0 7.6 8.1 8.1 8.0 6.4 7.1 8.0 
aireQ ,
  [kW] 4.02 3.71 3.38 2.96 2.37 1.90 1.54 1.20 1.02 0.82 0.61 
refeQ ,
  [kW] 3.94 3.63 3.29 2.87 2.27 1.82 1.46 1.13 0.94 0.76 0.54 
cpW
  [kW] 1.11 0.88 0.70 0.52 0.33 0.23 0.17 0.12 0.10 0.08 0.06 
csubT ,
 [°C] 2.1 2.2 2.3 2.3 2.5 2.3 2.6 2.3 2.2 2.1 2.2 
eshT ,
 [°C] 1.1 1.0 1.2 1.0 0.8 1.3 1.2 1.6 1.2 1.5 1.4 
cairP ,
 [Pa] 18.6 18.5 18.3 18.5 18.4 18.1 18.1 18.2 18.1 18.2 17.8 
eairP ,
 [Pa] 17.3 17.3 17.2 17.2 17.2 17.2 17.2 17.1 17.1 17.3 17.2 
airCOP
 [-] 3.61 4.22 4.85 5.71 7.21 8.27 9.02 10.05 10.24 10.21 9.61 
refCOP
 [-] 3.54 4.14 4.71 5.54 6.92 7.92 8.55 9.42 9.51 9.44 8.57 
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Table C.2: Variable capacity experimental data for the System #2 (R410A), with respect to Chapter 4 
(Effect of the size of heat exchangers relative to the system capacity) 
 
Test  
1 2 3 4 5 6 7 
refm  [g/s] 14.32 15.08 17.51 18.64 20.74 22.27 22.9 
cairm ,  [kg/s] 0.422 0.422 0.423 0.419 0.421 0.419 0.418 
eairm ,  [kg/s] 0.190 0.191 0.192 0.191 0.193 0.194 0.194 
incpP ,
 [kPa] 1122 1083 985.3 881.4 809.1 747.8 680.7 
incP ,
 [kPa] 2524 2551 2579 2619 2660 2667 2682 
outcP ,
 [kPa] 2473 2499 2526 2551 2591 2588 2598 
ineP ,
 [kPa] 1198 1172 1119 1056 1049 1049 1035 
outeP ,
 [kPa] 1152 1120 1042 960.8 927.3 905.8 879.1 
incpT ,
 [°C] 16.7 15.87 13.09 10.71 8.975 7.32 5.205 
incT ,
 [°C] 58.7 60.6 64.4 69.4 74.2 78.2 82.7 
outcT ,
 [°C] 39.3 37.7 39.5 40.1 40.7 40.4 40.5 
inevT ,
 [°C] 39.3 37.7 39.5 40.1 40.7 40.4 40.5 
outeT ,
 [°C] 13.3 12.7 10.3 8.2 7.7 6.3 4.9 
incairT ,,
 [°C] 35.2 35.0 34.9 34.9 35.0 34.9 35.0 
outcairT ,,
 [°C] 41.3 41.8 43.0 43.8 44.9 46.0 46.6 
ineairT ,,
 [°C] 26.9 27.0 27.0 27.0 27.0 27.0 27.1 
outeairT ,,
 [°C] 15.3 14.5 13.1 12.1 10.8 9.7 9.5 
inedpT ,,
 [°C] DRY DRY DRY DRY DRY DRY DRY 
outedpT ,,
 [°C] DRY DRY DRY DRY DRY DRY DRY 
aireQ ,
  [kW] 2.35 2.52 2.84 3.04 3.32 3.55 3.63 
refeQ ,
  [kW] 2.31 2.48 2.81 2.97 3.29 3.52 3.60 
cpW
  [kW] 0.468 0.518 0.676 0.837 1.109 1.293 1.482 
csubT ,
 [°C] 1.6 3.7 2.3 2.1 2.2 2.4 2.5 
eshT ,
 [°C] 1.1 1.5 1.5 2.2 2.8 2.1 1.7 
airCOP
 [-] 5.02 4.87 4.20 3.63 3.00 2.75 2.45 
refCOP
 [-] 4.93 4.78 4.15 3.55 2.97 2.72 2.43 
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Table C.3: Variable capacity experimental data for the System #2 (R744), with respect to Chapter 4 
(Effect of the size of heat exchangers relative to the system capacity) 
 
Test  
1 2 3 4 5 6 
refm  [g/s] 13.22 16.08 17.68 19.7 21.59 23.34 
cairm ,  [kg/s] 0.449 0.449 0.444 0.448 0.442 0.449 
eairm ,  [kg/s] 0.176 0.180 0.176 0.178 0.175 0.180 
incpP ,
 [kPa] 5025 4808 4482 4275 4009 3866 
incP ,
 [kPa] 8481 8456 8577 8602 8628 8743 
outcP ,
 [kPa] 8450 8412 8530 8548 8563 8666 
ineP ,
 [kPa] 
5049 4841 4530 4328 4075 3951 
outeP ,
 [kPa] 5061 4860 4556 4363 4120 4004 
incpT ,
 [°C] 32.65 32.99 33.64 33.39 33.31 33.23 
incT ,
 [°C] 71.3 75.9 83.3 88.2 93.8 99.0 
outcT ,
 [°C] 35.6 35.3 36.1 36.4 36.5 36.1 
inevT ,
 [°C] 28.8 27.4 28.4 28.6 28.5 25.3 
outeT ,
 [°C] 14.8 13.1 10.5 8.7 6.5 5.3 
incairT ,,
 [°C] 35.1 35.0 35.1 35.1 34.9 35.1 
outcairT ,,
 [°C] 39.4 40.6 41.5 42.4 43.5 44.9 
ineairT ,,
 [°C] 27.0 27.0 27.0 27.0 27.0 27.0 
outeairT ,,
 [°C] 17.9 16.4 14.4 13.0 11.4 10.3 
inedpT ,,
 [°C] DRY DRY DRY DRY DRY DRY 
outedpT ,,
 [°C] DRY DRY DRY DRY DRY DRY 
aireQ ,
  [kW] 1.72 2.04 2.40 2.68 2.94 3.23 
refeQ ,
  [kW] 1.78 2.25 2.50 2.79 3.11 3.61 
cpW
  [kW] 0.472 0.602 0.796 1.003 1.251 1.455 
csubT ,
 [°C] N/A N/A N/A N/A N/A N/A 
eshT ,
 [°C] N/A N/A N/A N/A N/A N/A 
airCOP
 [-] 3.65 3.39 3.02 2.68 2.35 2.22 
refCOP
 [-] 3.77 3.73 3.14 2.78 2.49 2.48 
 
 
  
226 
 
Table C.4: Ejector (EJE), Flash gas bypass (FGB) and conventional (CV) systems data for different 
outdoor temperatures and a fixed indoor temperature, with respect to Chapter 5 (Experimental 
investigation of the two-phase ejector as the work recovery expansion device in an R410A air 
conditioning system) 
 
System [-] Conventional (CV) Flash Gas Bypass (FGB) Ejector (EJE) 
incairT ,,
 [°C] 38.0 45.0 52.0 38.0 45.0 52.0 38.0 45.0 52.0 
ineairT ,,
 [°C] 17.0 17.0 17.0 17.0 17.0 17.0 17.0 17.0 17.0 
cairm ,  [°C] 0.48 0.48 0.48 0.48 0.48 0.48 0.48 0.48 0.48 
eairm ,  [°C] 0.29 0.29 0.29 0.29 0.29 0.29 0.29 0.29 0.29 
CS [Hz] 38 40 41 36 38 38 35 35 35 
aireQ ,
  [kW] 2.09 1.94 1.77 2.09 1.94 1.77 2.09 1.94 1.77 
cpW
  [kW] 0.697 0.856 1.010 0.663 0.814 0.954 0.642 0.758 0.879 
airCOP
 [-] 3.00 2.26 1.76 3.14 2.38 1.86 3.25 2.56 2.02 
refcpm ,  [g/s] 13.1 13.3 13.5 13.3 13.6 13.5 13.5 13.5 13.5 
refevm ,  [g/s] 13.1 13.3 13.5 9.49 8.84 8.13 9.59 9.01 8.33 
eshT ,
 [°C] 2.9 3.3 2.5 3.1 3.6 3.1 2.9 2.7 2.9 
csubT ,
 [°C] 2.2 2.7 2.9 2.2 2.3 2.8 1.5 2.0 2.8 
outeP ,
 [°C] 872 884 920 931 960 970 945 961 973 
outdiffP ,
 [kPa] - - - - - - 981 1023 1078 
incpP ,
 [kPa] 859 872 905 921 941 960 961 1004 1060 
outcP ,
 [kPa] 2647 3138 3641 2663 3122 3632 2666 3139 3656 
refeP ,
 [kPa] 59 70 83 16 -28 15 26 26 24 
satouteT ,,
 [°C] 2.9 3.3 4.6 5.0 6.0 6.4 5.7 6.2 6.6 
satoutcT ,,
 [°C] 43.8 51.1 57.7 44.0 50.9 57.6 44.1 51.1 57.9 
outcpT ,
 [°C] 70.8 81.4 91.6 68.4 79.4 88.7 65.7 75.1 85.0 
iscp,
 [-] 0.605 0.567 0.531 0.602 3.332 0.530 0.589 0.557 0.517 
ejec
 [%] - - - - - - 13.5 17.1 21.0 
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Table C.5: Ejector (EJE), Flash gas bypass (FGB) and conventional (CV) systems data for different 
indoor temperatures and a fixed outdoor temperature, with respect to Chapter 5 (Experimental 
investigation of the two-phase ejector as the work recovery expansion device in an R410A air 
conditioning system) 
 
System [-] Conventional (CV) Flash Gas Bypass (FGB) Ejector (EJE) 
incairT ,,
 [°C] 45.0 45.0 45.0 45.0 45.0 45.0 45.0 45.0 45.0 
ineairT ,,
 [°C] 10.0 17.0 27.0 10.0 17.0 27.0 10.0 17.0 27.0 
cairm ,  [°C] 0.48 0.48 0.48 0.48 0.48 0.48 0.48 0.48 0.48 
eairm ,  [°C] 0.29 0.29 0.29 0.29 0.29 0.29 0.29 0.29 0.29 
CS [Hz] 41 40 39 38 38 36 35 35 35 
aireQ ,
  [kW] 1.57 1.94 2.50 1.57 1.94 2.50 1.57 1.94 2.50 
cpW
  [kW] 0.839 0.856 0.851 0.782 0.814 0.785 0.739 0.758 0.770 
airCOP
 [-] 1.88 2.26 2.93 2.01 2.38 3.18 2.13 2.56 3.24 
refcpm ,  [g/s] 11.1 13.3 17.2 11.0 13.6 17.2 11.0 13.5 17.1 
refevm ,  [g/s] 11.1 13.3 17.2 6.99 8.84 11.98 7.07 9.01 12.04 
eshT ,
 [°C] 2.7 3.3 2.9 2.6 3.6 3.0 3.3 2.7 3.1 
csubT ,
 [°C] 2.1 2.7 2.4 2.3 2.3 1.8 2.3 2.0 2.4 
outeP ,
 [°C] 749 884 1108 805 960 1195 809 961 1188 
outdiffP ,
 [kPa] - - - - - - 869 1023 1232 
incpP ,
 [kPa] 738 872 1092 797 941 1183 855 1004 1208 
outcP ,
 [kPa] 3075 3138 3188 3058 3122 3195 3090 3139 3224 
refeP ,
 [kPa] 62 70 85 15 -28 18 23 26 32 
satouteT ,,
 [°C] -1.9 3.3 10.8 0.3 6.0 13.4 0.7 6.2 13.4 
satoutcT ,,
 [°C] 50.2 51.1 51.8 50.0 50.9 51.9 50.4 51.1 52.3 
outcpT ,
 [°C] 83.3 81.4 76.7 81.5 79.4 73.8 78.0 75.1 72.5 
iscp,
 [-] 0.546 0.567 0.605 0.546 3.332 0.598 0.530 0.557 0.584 
ejec
 [%] - - - - - - 15.7 16.1 12.2 
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Table C.6: Data of the effect of subcooling for the high cooling capacity condition, R134a, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  
1 2 3 4 5 6 7 8 9 10 11 
refm  [g/s] 43.93 43.31 42.36 41.40 40.51 40.12 39.28 38.66 38.45 38.14 37.70 
cairm ,  [kg/s] 0.383 0.382 0.383 0.382 0.383 0.382 0.383 0.384 0.383 0.382 0.383 
eairm ,  [kg/s] 0.207 0.207 0.207 0.207 0.207 0.207 0.207 0.207 0.207 0.207 0.207 
incpP ,
 [kPa] 268 272 272 275 276 278 277 277 279 280 281 
incP ,
 [kPa] 1688 1691 1692 1700 1699 1720 1734 1764 1827 1912 2011 
outcP ,
 [kPa] 1609 1616 1617 1633 1635 1658 1674 1706 1771 1858 1959 
ineP ,
 [kPa] 370 368 364 361 357 356 351 349 349 348 347 
outeP ,
 [kPa] 309 310 309 310 309 310 308 307 308 309 309 
incpT ,
 [°C] 11.0 10.9 11.1 10.8 11.0 10.6 11.0 11.5 11.0 11.0 11.3 
incT ,
 [°C] 97.9 97.1 96.7 95.8 95.5 95.0 95.8 97.1 98.0 100.4 103.9 
outcT ,
 [°C] 57.6 56.3 54.6 52.4 50.7 49.5 47.7 46.4 45.4 44.7 43.9 
inevT ,
 [°C] 55.9 54.6 52.9 50.9 49.2 48.0 46.3 45.1 44.1 43.4 42.7 
outeT ,
 [°C] 11.7 11.6 11.7 11.3 11.4 10.9 11.4 11.8 11.3 11.2 11.4 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.0 35.1 35.1 35.0 35.0 35.1 35.0 
outcairT ,,
 [°C] 56.0 55.7 55.5 55.3 55.1 55.1 54.9 54.9 55.0 55.2 55.3 
ineairT ,,
 [°C] 35.0 35.1 35.0 35.0 35.0 35.0 35.0 35.0 35.0 35.0 35.0 
outeairT ,,
 [°C] 10.0 10.0 9.9 9.9 9.9 9.9 9.9 9.9 9.8 9.9 9.9 
inedpT ,,
 [°C] -0.8 -0.2 -0.1 0.1 0.2 0.2 0.2 0.2 0.2 0.2 0.2 
outedpT ,,
 [°C] -1.0 -0.4 -0.3 -0.1 -0.1 0.0 0.0 0.0 -0.1 -0.1 -0.1 
aireQ ,
  [kW] 5.27 5.28 5.29 5.29 5.30 5.30 5.30 5.31 5.31 5.31 5.30 
refeQ ,
  [kW] 5.51 5.52 5.51 5.51 5.49 5.49 5.50 5.50 5.51 5.50 5.48 
cpW
  [kW] 3.19 3.09 2.99 2.89 2.81 2.77 2.72 2.71 2.73 2.79 2.87 
csubT ,
 [°C] 0.5 2.0 3.7 6.3 8.0 9.9 12.1 14.2 16.8 19.6 22.6 
eshT ,
 [°C] 10.3 10.0 10.2 9.8 9.9 9.3 10.0 10.5 9.9 9.7 10.0 
airCOP
 [-] 1.65 1.71 1.77 1.83 1.89 1.91 1.95 1.96 1.94 1.90 1.84 
refCOP
 [-] 1.73 1.79 1.84 1.90 1.96 1.98 2.02 2.03 2.01 1.97 1.91 
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Table C.7: Data of the effect of subcooling for the medium cooling capacity condition, R134a, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  1 2 3 4 5 6 7 8 
refm  [g/s] 31.50 31.12 30.32 29.90 29.34 28.94 28.77 28.24 
cairm ,  [kg/s] 0.388 0.388 0.388 0.388 0.388 0.388 0.388 0.388 
eairm ,  [kg/s] 0.182 0.182 0.181 0.182 0.182 0.182 0.182 0.182 
incpP ,
 [kPa] 271 273 274 274 274 273 274 274 
incP ,
 [kPa] 1428 1430 1434 1442 1455 1468 1504 1541 
outcP ,
 [kPa] 1377 1382 1388 1398 1413 1428 1464 1503 
ineP ,
 [kPa] 
324 325 322 320 317 315 315 313 
outeP ,
 [kPa] 292 294 293 293 292 291 292 291 
incpT ,
 [°C] 10.1 9.8 10.1 10.0 10.3 10.3 9.8 10.4 
incT ,
 [°C] 82.5 82.0 82.1 82.1 82.7 83.2 83.8 85.4 
outcT ,
 [°C] 51.1 49.9 48.0 46.2 44.5 43.3 42.2 41.1 
inevT ,
 [°C] 49.2 48.2 46.2 44.6 43.0 41.9 40.9 39.9 
outeT ,
 [°C] 10.1 9.7 10.0 9.8 10.0 10.0 9.5 10.1 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.0 35.0 35.0 35.0 
outcairT ,,
 [°C] 1.0 1.0 1.1 1.1 1.1 1.1 1.1 1.1 
ineairT ,,
 [°C] 30.1 30.1 30.1 30.1 30.1 30.1 30.1 30.1 
outeairT ,,
 [°C] 7.8 7.8 7.8 7.8 7.8 7.8 7.8 7.8 
inedpT ,,
 [°C] -2.8 -2.8 -2.7 -2.7 -2.7 -2.7 -2.6 -2.6 
outedpT ,,
 [°C] -3.0 -3.0 -3.0 -2.9 -2.9 -2.9 -2.9 -2.9 
aireQ ,
  [kW] 4.13 4.12 4.12 4.13 4.12 4.13 4.14 4.13 
refeQ ,
  [kW] 4.25 4.23 4.22 4.23 4.23 4.22 4.22 4.20 
cpW
  [kW] 1.85 1.81 1.76 1.74 1.72 1.71 1.73 1.74 
csubT ,
 [°C] 0.6 1.9 4.1 6.1 8.3 9.9 12.0 14.2 
eshT ,
 [°C] 10.2 9.6 10.0 9.8 10.1 10.2 9.6 10.3 
airCOP
 [-] 2.23 2.27 2.34 2.37 2.40 2.41 2.40 2.38 
refCOP
 [-] 2.29 2.33 2.39 2.43 2.46 2.46 2.44 2.42 
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Table C.8: Data of the effect of subcooling for the low cooling capacity condition, R134a, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  1 2 3 4 5 6 
refm  [g/s] 17.95 17.82 17.54 17.27 16.93 16.79 
cairm ,  [kg/s] 0.392 0.392 0.391 0.391 0.392 0.391 
eairm ,  [kg/s] 0.138 0.138 0.138 0.138 0.138 0.138 
incpP ,
 [kPa] 291 293 293 293 293 293 
incP ,
 [kPa] 1176 1183 1187 1196 1211 1240 
outcP ,
 [kPa] 1145 1158 1161 1171 1187 1216 
ineP ,
 [kPa] 
306 307 307 307 306 306 
outeP ,
 [kPa] 297 298 299 298 298 298 
incpT ,
 [°C] 11.6 11.4 11.2 11.4 11.8 11.7 
incT ,
 [°C] 68.8 69.4 69.3 69.9 70.6 71.9 
outcT ,
 [°C] 43.7 42.6 41.2 39.7 38.5 37.3 
inevT ,
 [°C] 41.7 40.7 39.5 38.2 37.1 36.1 
outeT ,
 [°C] 10.5 9.9 9.6 9.7 10.4 10.1 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.1 35.0 
outcairT ,,
 [°C] 0.0 0.0 0.0 0.0 0.0 0.0 
ineairT ,,
 [°C] 25.0 25.1 25.0 25.1 25.1 25.1 
outeairT ,,
 [°C] 6.8 6.8 6.8 6.8 6.8 6.8 
inedpT ,,
 [°C] -4.3 -4.0 -4.0 -3.9 -3.7 -3.7 
outedpT ,,
 [°C] -4.4 -4.2 -4.1 -4.0 -3.9 -3.8 
aireQ ,
  [kW] 2.55 2.56 2.56 2.56 2.56 2.56 
refeQ ,
  [kW] 2.63 2.62 2.61 2.60 2.59 2.59 
cpW
  [kW] 0.88 0.88 0.87 0.87 0.86 0.88 
csubT ,
 [°C] 0.8 2.3 3.8 5.6 7.4 9.5 
eshT ,
 [°C] 10.2 9.4 9.1 9.2 9.9 9.6 
airCOP
 [-] 2.91 2.92 2.95 2.96 2.96 2.91 
refCOP
 [-] 2.99 3.00 3.01 3.01 2.99 2.95 
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Table C.9: Data of the effect of subcooling for the high cooling capacity condition, R1234yf, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  
1 2 3 4 5 6 7 8 9 
refm  [g/s] 52.34 50.90 49.03 47.43 46.02 45.62 45.08 44.22 43.79 
cairm ,  [kg/s] 0.379 0.380 0.380 0.381 0.381 0.381 0.381 0.381 0.380 
eairm ,  [kg/s] 0.203 0.203 0.203 0.203 0.203 0.203 0.203 0.203 0.203 
incpP ,
 [kPa] 292 294 296 300 302 305 305 306 308 
incP ,
 [kPa] 1743 1736 1741 1768 1817 1875 1902 1995 2257 
outcP ,
 [kPa] 1647 1646 1659 1692 1747 1808 1837 1933 2198 
ineP ,
 [kPa] 
411 405 397 393 389 389 386 384 382 
outeP ,
 [kPa] 337 335 334 335 336 338 337 337 337 
incpT ,
 [°C] 13.7 13.7 14.0 14.1 14.1 13.9 13.9 14.2 14.0 
incT ,
 [°C] 91.0 89.9 89.1 89.1 89.9 90.8 91.8 94.2 101.7 
outcT ,
 [°C] 55.3 53.3 50.5 48.5 46.3 45.5 44.9 43.6 42.6 
inevT ,
 [°C] 53.8 51.8 49.2 47.2 45.1 44.4 43.8 42.5 41.7 
outeT ,
 [°C] 14.2 14.1 14.3 14.3 14.2 14.0 14.1 14.3 14.1 
incairT ,,
 [°C] 35.1 35.0 35.0 35.1 35.0 35.1 35.0 34.9 35.1 
outcairT ,,
 [°C] 55.7 55.3 55.0 54.7 54.5 54.7 54.6 54.5 55.3 
ineairT ,,
 [°C] 35.1 35.0 35.1 35.1 35.1 35.1 35.0 35.1 35.0 
outeairT ,,
 [°C] 10.7 10.6 10.6 10.6 10.6 10.6 10.6 10.6 10.6 
inedpT ,,
 [°C] 6.4 6.2 6.1 6.1 6.1 6.2 6.1 6.1 6.2 
outedpT ,,
 [°C] 5.6 5.4 5.3 5.2 5.2 5.2 5.2 5.1 5.2 
aireQ ,
  [kW] 5.20 5.21 5.22 5.22 5.24 5.24 5.24 5.24 5.25 
refeQ ,
  [kW] 5.04 5.06 5.08 5.06 5.05 5.04 5.02 5.01 5.01 
cpW
  [kW] 3.32 3.16 2.97 2.87 2.81 2.82 2.82 2.85 3.12 
csubT ,
 [°C] 4.9 6.9 10.0 12.9 16.5 18.8 20.2 23.8 30.8 
eshT ,
 [°C] 12.3 12.3 12.6 12.6 12.4 12.0 12.2 12.4 12.2 
airCOP
 [-] 1.57 1.65 1.76 1.82 1.86 1.86 1.86 1.84 1.68 
refCOP
 [-] 1.52 1.60 1.71 1.77 1.80 1.79 1.78 1.76 1.61 
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Table C.10: Data of the effect of subcooling for the medium cooling capacity condition, R1234yf, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  
1 2 3 4 5 6 7 8 9 
refm  [g/s] 41.86 41.01 39.95 38.88 37.92 36.91 36.22 35.89 35.37 
cairm ,  [kg/s] 0.387 0.387 0.387 0.387 0.387 0.387 0.386 0.386 0.386 
eairm ,  [kg/s] 0.178 0.178 0.178 0.178 0.178 0.178 0.178 0.178 0.177 
incpP ,
 [kPa] 290 293 295 296 297 297 298 299 299 
incP ,
 [kPa] 1480 1481 1482 1486 1497 1505 1526 1561 1618 
outcP ,
 [kPa] 1408 1414 1418 1425 1439 1450 1474 1511 1570 
ineP ,
 [kPa] 
373 371 367 364 361 358 356 355 353 
outeP ,
 [kPa] 321 322 322 322 322 321 321 321 320 
incpT ,
 [°C] 10.4 10.3 10.5 10.4 10.4 10.6 10.8 10.5 10.7 
incT ,
 [°C] 75.9 75.2 74.9 74.6 74.7 74.8 75.5 76.1 78.0 
outcT ,
 [°C] 53.4 51.8 49.8 48.0 46.5 44.9 43.8 42.7 41.8 
inevT ,
 [°C] 51.7 50.2 48.3 46.5 45.1 43.5 42.4 41.5 40.6 
outeT ,
 [°C] 10.5 10.4 10.5 10.3 10.3 10.4 10.6 10.4 10.5 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.0 35.1 35.0 35.1 35.1 
outcairT ,,
 [°C] 31.0 29.3 27.4 26.1 24.9 23.8 22.6 22.0 21.3 
ineairT ,,
 [°C] 30.1 30.1 30.1 30.1 30.1 30.1 30.1 30.1 30.1 
outeairT ,,
 [°C] 8.0 8.0 8.0 8.0 8.0 8.0 8.0 8.0 8.0 
inedpT ,,
 [°C] 3.0 3.1 3.0 3.0 3.0 2.9 2.9 3.0 2.9 
outedpT ,,
 [°C] 2.5 2.5 2.5 2.5 2.4 2.3 2.4 2.4 2.4 
aireQ ,
  [kW] 4.06 4.07 4.06 4.07 4.07 4.06 4.06 4.06 4.06 
refeQ ,
  [kW] 4.05 4.05 4.07 4.06 4.04 4.03 4.02 4.02 4.01 
cpW
  [kW] 2.18 2.10 2.01 1.95 1.91 1.86 1.84 1.85 1.87 
csubT ,
 [°C] 0.0 1.7 3.8 5.8 7.8 9.7 11.5 13.6 16.2 
eshT ,
 [°C] 10.1 9.8 9.9 9.8 9.8 10.0 10.2 9.9 10.1 
airCOP
 [-] 1.86 1.94 2.02 2.08 2.13 2.19 2.21 2.20 2.17 
refCOP
 [-] 1.85 1.93 2.02 2.08 2.12 2.17 2.19 2.18 2.14 
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Table C.11: Data of the effect of subcooling for the low cooling capacity condition, R1234yf, non-
designated subcooling, with respect to Chapter 7, 8 and 9 
 
Test  
1 2 3 4 5 6 
refm  [g/s] 23.81 22.93 22.35 22.08 21.84 21.02 
cairm ,  [kg/s] 0.396 0.395 0.396 0.395 0.394 0.395 
eairm ,  [kg/s] 0.138 0.138 0.138 0.138 0.137 0.137 
incpP ,
 [kPa] 319 320 322 322 322 314 
incP ,
 [kPa] 1210 1211 1219 1229 1245 1297 
outcP ,
 [kPa] 1174 1179 1190 1200 1217 1270 
ineP ,
 [kPa] 
343 343 343 342 342 332 
outeP ,
 [kPa] 328 329 330 330 330 321 
incpT ,
 [°C] 11.4 11.8 12.1 12.2 12.2 13.5 
incT ,
 [°C] 61.8 62.0 62.4 62.9 63.4 67.4 
outcT ,
 [°C] 45.5 43.1 41.1 40.2 39.2 37.9 
inevT ,
 [°C] 43.6 41.5 39.6 38.7 37.9 36.8 
outeT ,
 [°C] 10.7 11.2 11.5 11.6 11.6 12.9 
incairT ,,
 [°C] 35.1 35.0 35.0 35.0 35.0 35.1 
outcairT ,,
 [°C] 0.0 0.0 0.0 0.0 0.0 0.0 
ineairT ,,
 [°C] 25.0 25.1 25.1 25.1 25.1 25.1 
outeairT ,,
 [°C] 7.0 7.0 7.0 7.0 6.9 7.1 
inedpT ,,
 [°C] 0.9 0.8 0.7 0.5 0.3 0.1 
outedpT ,,
 [°C] 0.6 0.4 0.3 0.1 -0.1 -0.3 
aireQ ,
  [kW] 2.56 2.55 2.55 2.56 2.57 2.56 
refeQ ,
  [kW] 2.60 2.59 2.59 2.59 2.59 2.56 
cpW
  [kW] 0.95 0.92 0.90 0.90 0.91 0.94 
csubT ,
 [°C] 0.3 2.8 5.2 6.5 8.0 11.0 
eshT ,
 [°C] 9.7 10.1 10.2 10.3 10.3 12.4 
airCOP
 [-] 2.69 2.77 2.83 2.85 2.84 2.71 
refCOP
 [-] 2.74 2.82 2.87 2.88 2.86 2.71 
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Table C.12: Data of the effect of subcooling for the high cooling capacity condition with internal heat 
exchanger, R134a, non-designated subcooling, with respect to Chapter 7 
 
Test  
1 2 3 4 5 6 7 8 
refm  [g/s] 39.72 38.48 37.84 37.21 36.80 36.62 36.04 35.89 
cairm ,  [kg/s] 0.381 0.382 0.382 0.382 0.383 0.383 0.382 0.382 
eairm ,  [kg/s] 0.207 0.206 0.207 0.207 0.207 0.207 0.207 0.207 
incpP ,
 [kPa] 273 273 275 275 276 276 275 277 
incP ,
 [kPa] 1626 1635 1643 1660 1679 1699 1741 1819 
outcP ,
 [kPa] 1557 1572 1582 1601 1622 1643 1687 1768 
ineP ,
 [kPa] 
347 342 340 337 336 335 333 333 
outeP ,
 [kPa] 301 300 300 299 299 300 299 300 
incpT ,
 [°C] 26.3 25.4 24.6 24.3 23.7 23.0 23.1 22.3 
incT ,
 [°C] 105.7 104.5 103.6 103.4 103.4 103.4 104.7 106.3 
outcT ,
 [°C] 56.6 53.3 51.2 49.5 48.0 46.8 45.5 44.3 
inevT ,
 [°C] 45.6 43.1 41.5 40.2 39.0 38.1 37.3 36.3 
outeT ,
 [°C] 10.5 10.8 10.7 11.0 10.9 10.5 11.3 10.7 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.0 35.0 35.0 35.0 
outcairT ,,
 [°C] 55.3 55.0 54.9 54.8 54.7 54.7 54.8 54.9 
ineairT ,,
 [°C] 35.0 35.1 35.0 35.0 35.0 35.0 35.1 35.0 
outeairT ,,
 [°C] 9.4 9.4 9.4 9.4 9.4 9.4 9.4 9.4 
inedpT ,,
 [°C] -0.1 0.3 0.4 0.4 0.5 0.4 0.3 0.2 
outedpT ,,
 [°C] -0.4 0.0 0.1 0.2 0.2 0.2 0.1 0.0 
aireQ ,
  [kW] 5.39 5.39 5.40 5.40 5.40 5.41 5.39 5.39 
refeQ ,
  [kW] 5.58 5.56 5.55 5.54 5.54 5.55 5.53 5.54 
cpW
  [kW] 2.79 2.69 2.62 2.58 2.56 2.56 2.57 2.62 
csubT ,
 [°C] 0.1 3.9 6.2 8.5 10.4 12.2 14.6 17.8 
eshT ,
 [°C] 9.8 10.2 10.0 10.5 10.3 9.9 10.8 10.1 
airCOP
 [-] 1.93 2.01 2.06 2.09 2.11 2.11 2.10 2.06 
refCOP
 [-] 2.00 2.07 2.12 2.14 2.16 2.17 2.15 2.11 
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Table C.13: Data of the effect of subcooling for the high cooling capacity condition with internal heat 
exchanger, R1234yf, non-designated subcooling, with respect to Chapter 7 
 
Test  
1 2 3 4 5 6 7 8 
refm  [g/s] 50.50 48.46 47.23 46.41 45.60 44.78 44.01 43.58 
cairm ,  [kg/s] 0.384 0.384 0.385 0.385 0.385 0.385 0.385 0.385 
eairm ,  [kg/s] 0.206 0.206 0.206 0.206 0.206 0.206 0.206 0.206 
incpP ,
 [kPa] 301 303 306 309 308 309 310 310 
incP ,
 [kPa] 1653 1655 1663 1684 1707 1762 1820 1926 
outcP ,
 [kPa] 1559 1569 1583 1608 1635 1694 1755 1864 
ineP ,
 [kPa] 
402 394 391 389 384 381 379 378 
outeP ,
 [kPa] 338 336 338 339 337 337 337 337 
incpT ,
 [°C] 26.4 25.4 24.8 24.0 23.6 22.6 22.4 22.0 
incT ,
 [°C] 95.0 93.5 92.3 91.4 91.6 92.3 93.8 96.6 
outcT ,
 [°C] 57.7 54.2 52.3 49.9 47.9 45.9 44.6 43.6 
inevT ,
 [°C] 47.5 44.7 43.1 41.2 39.7 38.0 37.1 36.4 
outeT ,
 [°C] 12.2 12.2 12.2 12.0 12.4 11.9 12.3 12.0 
incairT ,,
 [°C] 35.0 35.0 35.1 35.0 35.0 35.0 34.9 35.0 
outcairT ,,
 [°C] 55.3 54.9 54.6 54.5 54.5 54.5 54.4 54.6 
ineairT ,,
 [°C] 35.1 35.1 35.0 35.1 35.0 35.0 35.1 35.0 
outeairT ,,
 [°C] 10.4 10.4 10.4 10.4 10.4 10.3 10.4 10.3 
inedpT ,,
 [°C] 5.9 5.9 6.0 5.8 5.8 5.8 5.8 5.8 
outedpT ,,
 [°C] 4.8 4.7 4.7 4.6 4.4 4.5 4.4 4.3 
aireQ ,
  [kW] 5.38 5.42 5.40 5.42 5.42 5.44 5.45 5.45 
refeQ ,
  [kW] 5.26 5.26 5.24 5.27 5.29 5.28 5.26 5.24 
cpW
  [kW] 3.01 2.84 2.72 2.65 2.60 2.61 2.63 2.73 
csubT ,
 [°C] 0.1 3.8 6.1 9.2 11.9 15.6 18.4 22.2 
eshT ,
 [°C] 10.2 10.4 10.2 9.9 10.5 9.9 10.4 10.1 
airCOP
 [-] 1.79 1.91 1.98 2.05 2.09 2.08 2.07 2.00 
refCOP
 [-] 1.75 1.85 1.92 1.99 2.04 2.02 2.00 1.92 
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Table C.14: Data of the effect of subcooling for the high cooling capacity condition, R134a, 
designated subcooling, with respect to Chapter 9 
 
Test  1 2 3 4 5 
refm  [g/s] 43.93 40.88 39.38 38.91 38.91 
cairm ,  [kg/s] 0.383 0.385 0.384 0.385 0.386 
eairm ,  [kg/s] 0.207 0.206 0.206 0.206 0.205 
incpP ,
 [kPa] 268 269 274 274 278 
incP ,
 [kPa] 1688 1664 1714 1779 1876 
outcP ,
 [kPa] 1609 1555 1616 1685 1782 
ineP ,
 [kPa] 
370 353 351 350 353 
outeP ,
 [kPa] 309 305 307 307 311 
incpT ,
 [°C] 11.0 10.6 10.7 11.3 10.8 
incT ,
 [°C] 97.9 93.6 94.1 95.1 96.2 
outcT ,
 [°C] 57.6 50.0 47.1 45.4 45.1 
inevT ,
 [°C] 55.9 48.5 45.6 44.1 43.8 
outeT ,
 [°C] 11.7 11.1 11.0 11.8 11.3 
incairT ,,
 [°C] 35.0 35.0 35.1 35.0 35.0 
outcairT ,,
 [°C] 56.2 55.3 55.1 55.0 55.0 
ineairT ,,
 [°C] 35.0 35.0 35.1 35.1 35.0 
outeairT ,,
 [°C] 10.0 10.1 10.0 10.0 10.2 
inedpT ,,
 [°C] -0.8 4.8 4.1 4.5 5.0 
outedpT ,,
 [°C] -1.0 4.4 3.7 4.2 4.6 
aireQ ,
  [kW] 5.27 5.28 5.32 5.29 5.25 
refeQ ,
  [kW] 5.51 5.58 5.54 5.59 5.59 
cpW
  [kW] 3.19 2.83 2.72 2.72 2.76 
csubT ,
 [°C] 0.5 6.7 11.3 14.6 17.3 
eshT ,
 [°C] 10.3 10.0 9.7 10.4 9.6 
airCOP
 [-] 1.65 1.87 1.95 1.95 1.90 
refCOP
 [-] 1.73 1.97 2.04 2.05 2.02 
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Table C.15: Data of the effect of subcooling for the medium cooling capacity condition, R134a, 
designated subcooling, with respect to Chapter 9 
 
Test  1 2 3 4 5 
refm  [g/s] 31.50 29.28 28.66 28.65 28.72 
cairm ,  [kg/s] 0.388 0.386 0.389 0.389 0.391 
eairm ,  [kg/s] 0.182 0.178 0.179 0.179 0.178 
incpP ,
 [kPa] 271 268 271 270 271 
incP ,
 [kPa] 1428 1430 1468 1512 1584 
outcP ,
 [kPa] 1377 1366 1407 1452 1523 
ineP ,
 [kPa] 
324 315 314 314 315 
outeP ,
 [kPa] 292 287 290 289 291 
incpT ,
 [°C] 10.1 10.2 10.2 10.4 10.0 
incT ,
 [°C] 82.5 81.0 82.2 82.8 84.1 
outcT ,
 [°C] 51.1 44.8 43.0 42.4 41.4 
inevT ,
 [°C] 49.2 43.3 41.5 41.0 40.1 
outeT ,
 [°C] 10.1 10.0 9.9 10.2 9.8 
incairT ,,
 [°C] 35.0 35.0 35.0 35.0 35.0 
outcairT ,,
 [°C] 1.0 1.1 1.1 1.1 1.1 
ineairT ,,
 [°C] 30.1 30.1 30.1 30.1 30.1 
outeairT ,,
 [°C] 7.8 7.9 8.0 8.0 8.1 
inedpT ,,
 [°C] -2.8 2.9 2.1 2.3 2.7 
outedpT ,,
 [°C] -3.0 2.7 1.8 2.0 2.4 
aireQ ,
  [kW] 4.13 4.03 4.06 4.04 4.04 
refeQ ,
  [kW] 4.25 4.21 4.19 4.22 4.26 
cpW
  [kW] 1.85 1.72 1.70 1.72 1.77 
csubT ,
 [°C] 0.6 6.6 9.6 11.5 14.4 
eshT ,
 [°C] 10.2 10.5 10.2 10.6 10.0 
airCOP
 [-] 2.23 2.35 2.39 2.35 2.29 
refCOP
 [-] 2.29 2.45 2.46 2.45 2.41 
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Table C.16: Data of the effect of subcooling for the low cooling capacity condition, R134a, designated 
subcooling, with respect to Chapter 9 
 
Test  1 2 3 4 5 
refm  [g/s] 17.95 17.42 17.10 17.26 17.25 
cairm ,  [kg/s] 0.392 0.391 0.394 0.395 0.397 
eairm ,  [kg/s] 0.138 0.136 0.138 0.137 0.137 
incpP ,
 [kPa] 291 290 292 292 293 
incP ,
 [kPa] 1176 1201 1220 1247 1282 
outcP ,
 [kPa] 1145 1164 1184 1212 1249 
ineP ,
 [kPa] 
306 306 306 307 308 
outeP ,
 [kPa] 297 297 298 298 299 
incpT ,
 [°C] 11.6 11.7 11.8 12.0 11.8 
incT ,
 [°C] 68.8 69.2 69.9 70.4 71.0 
outcT ,
 [°C] 43.7 39.9 39.6 38.3 37.7 
inevT ,
 [°C] 41.7 38.3 38.1 36.8 36.3 
outeT ,
 [°C] 10.5 10.6 10.6 11.0 10.9 
incairT ,,
 [°C] 35.0 35.0 35.0 35.1 35.0 
outcairT ,,
 [°C] 0.0 0.0 0.0 0.0 0.0 
ineairT ,,
 [°C] 25.0 25.1 25.1 25.1 25.1 
outeairT ,,
 [°C] 6.8 6.8 7.0 6.8 6.9 
inedpT ,,
 [°C] -4.3 1.8 1.5 1.8 1.9 
outedpT ,,
 [°C] -4.4 1.6 1.3 1.5 1.6 
aireQ ,
  [kW] 2.55 2.54 2.55 2.56 2.56 
refeQ ,
  [kW] 2.63 2.64 2.59 2.66 2.67 
cpW
  [kW] 0.88 0.87 0.87 0.88 0.89 
csubT ,
 [°C] 0.8 5.3 6.2 8.4 10.2 
eshT ,
 [°C] 10.2 10.3 10.2 10.6 10.3 
airCOP
 [-] 2.91 2.92 2.92 2.91 2.86 
refCOP
 [-] 2.99 3.03 2.97 3.02 2.99 
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APPENDIX D                                                                                                
DATA REDUCTION CODE 
 
 
 This Appendix illustrates the data reduction code used during the subcooling 
study (Chapters 7, 8 and 9). The data reduction for the ejector (Chapter 5) and size effects 
(Chapter 4) studies follow similar format. 
 
 
{EXAMPLE OF DATA REDUCTION CODE FOR THE SUBCOOLING STUDY} 
 
{Procedure AirFlowRate -----------------------------------------------------------------------------------------  
--------------------------------------------------------------------------------------------------------------------------  
This procedure calculates air flow rates and velocities through the nozzles. 
-------------------------------------------------------------------------------------------------------------------------- 
Calls: none 
Called by: main program 
--------------------------------------------------------------------------------------------------------------------------  
Inputs: 
CDguess nozzle discharge coefficient guess 
D  nozzle throat diameter, [m] 
Tn  nozzle temperature, [C] 
Pn  nozzle entrance pressure, [kPa] 
DPn pressure drop across nozzle, [Pa] 
Wn humidity ratio at nozzle 
 
Outputs: 
Ma_wet wet air mass flow rate, [kg/s] 
Ma_dry dry air mass flow rate, [kg/s] 
Q_m3 volumetric flow rate, [m^3/s] 
Q_scfm volumetric flow rate, [scfm] 
Vel air velocity through nozzle, [m/s] 
Vn  specific volume of air at nozzle, [m^3/kg] 
Re  Reynolds Number at nozzle 
CDnew discharge coefficient corresponding to Reynolds Number 
--------------------------------------------------------------------------------------------------------------------------  
} 
 
 
Procedure AirFlowRate (Nozzle$, CDguess, D, Tn, Pn, DPn, Wn : Ma_wet, Ma_dry, Q_m3, Q_scfm, Vel, 
Vn, Re, CDold) 
 $Common ENN 
 An = pi * D^2/4 {nozzle throat area [m^2]} 
 Vn = VOLUME(AirH2O,T=Tn,P=Pn,w=Wn) {Sumin} 
 CDnew = CDguess  
 repeat {iterate to find proper discharge coefficient} 
 CDold = CDnew 
 Q_m3 = CDold * An * (2 * DPn * Vn)^0.5 
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 Q_scfm = Q_m3/(1.2 * Vn) * convert(m^3/s, ft^3/min) 
 Vel = Q_m3/An {Flow properties at nozzle exit, despite inlet 
is standard}   
 Ma_wet = Q_m3/Vn {treat as incompressible AirH2O flow} 
 Ma_dry = Ma_wet/(1+Wn)        
 rho = DENSITY(AirH2O, T = Tn, P = Pn, w=Wn) {air density at nozzle, [kg/m^3]} 
 mu = VISCOSITY(AirH2O, T = Tn, P=Pn, w=Wn) {air viscosity at nozzle, [kg/m-sec]} 
 Re = rho * Vel * D/mu 
 CDnew = .9986 - 7.006/Re^.5 + 134.6/Re {discharge coefficient correlation} 
 until (abs(CDold - CDnew) < .001) 
 
 IF (Nozzle$ = 'e1') AND (ENN < 1.5) THEN 
 Ma_wet = 0 
 Ma_dry = 0 
 Q_m3 = 0 
 Q_scfm = 0 
 Vel = 0 
 Vn = 0 
 Re = 0 
 CD = 0 
 ENDIF 
END 
 
{ 
Procedure Efficiency --------------------------------------------------------------------------------------------  
--------------------------------------------------------------------------------------------------------------------------  
This procedure calculates the various compressor efficiencies. 
-------------------------------------------------------------------------------------------------------------------------- 
Calls: none 
Called by: main program 
--------------------------------------------------------------------------------------------------------------------------  
Inputs: 
Mr  refrigerant mass flow rate in compressor [g/s] 
Tri  refrigerant inlet temperature [C] 
Pri  refrigerant inlet pressure [C] 
Tro refrigerant outlet temperature [C] 
Pro refrigerant outlet pressure [C] 
W_comp compressor work [kW] 
Vc  compressor speed [hz] 
V_disp compressor suction volume [cc] 
 
Outputs: 
h_in inlet refrigerant enthalpy [kJ/kg] 
h_out outlet refrigerant enthalpy [kJ/kg] 
eta_c compression efficiency [-] 
eta_v volumetric efficiency -] 
--------------------------------------------------------------------------------------------------- ----------------------- 
} 
 
Procedure Efficiency (Mr, Trcpi, Prcpi, Trcpo, Prcpo, W_comp, Vc, V_disp : h_in, h_out, eta_isen, 
eta_mech, eta_comp, eta_v) 
  
 h_in = ENTHALPY(R134a, T = Trcpi, P = Prcpi)  
 s_in = ENTROPY(R134a, T = Trcpi, P = Prcpi)   {inlet refrigerant entropy [kJ/kg-
K]} 
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 h_out_isen = ENTHALPY(R134a, P = Prcpo, s = s_in) {isentropic outlet refrigerant 
enthalpy [kJ/kg]} 
 h_out = ENTHALPY(R134a, T = Trcpo, P = Prcpo)         {outlet refrigerant entropy 
[kJ/kg-K]} 
 eta_isen = (Mr/1000) * (h_out_isen - h_in)/W_comp         {Isentropic efficiency} 
        eta_mech= (Mr/1000) * (h_out - h_in)/W_comp                  {Mechanical efficiency} 
        eta_comp= (h_out_isen - h_in)/(h_out - h_in)                       {Compression (or indicated) 
efficiency} 
  
 v_in = VOLUME(R134a, T = Trcpi, P = Prcpi)   {inlet refrigerant specific volume 
[m^3/kg]} 
 Vdot_c = Mr * v_in   {refrigerant displacement rate 
[L/s]} 
 eta_v = (Vdot_c/1000)/(V_disp/1e6 * Vc/60)                     {Volumetric Efficiency} 
End 
 
 
 
{************************************************************************************* 
**************************************************************************************  
Begin Main Program Section 
**************************************************************************************
*************************************************************************************} 
 
 
{Chamber Humidity} 
Rhci =RELHUM(AirH2O,T=Tcai,P=Patm,w=Wci)           {relative humidity at inlet } 
Wci = HumRat(AIRH2O, P = Patm, T = 24, R=0.4)                       {estimated Rh=40%} 
 
{Air Flow Rate Parameters} 
Pcn = Patm  - DPcn/1000{- DPca/1000} {air pressure at nozzle exit [kPa]} 
CDc = 0.99 {discharge coefficient guess value} 
D_c1=7*CONVERT(in,m)    {nozzle 1 diameter [m]} 
D_c2 =6*CONVERT(in,m) {nozzle 2 diameter [m]} 
 
{Air Flow Rate Through Nozzles} 
Call AirFlowRate('c1', CDc, D_c1, Tcn, Pcn, DPcn, Wci : ma_wet_c1, ma_dry_c1, AFR_m3_c1, 
AFR_scfm_c1, Vel_c1, Vn_c1, Re_c1, CDc1) 
{Call AirFlowRate('c2', CDc, D_c2, Tcn, Pcn, DPcn, Wci : ma_wet_c2, ma_dry_c2, AFR_m3_c2, 
AFR_scfm_c2, Vel_c2, Vn_c2, Re_c2, CDc2)} 
 
{Total Air Flow Rates} 
Ma_outdoor_dry = ma_dry_c1{+ ma_dry_c2 }   {dry air mass flow rate [kg(dry air)/s]}                                                  
Ma_outdoor_wet = ma_wet_c1 {+ ma_wet_c2} {wet air mass flow rate [kg/s]} 
 
 
AFR_m3_outdoor = AFR_m3_c1 {+ AFR_m3_c2} {wet volumetric air flow rate [m^3/s]} 
AFR_m3h_outdoor = AFR_m3_outdoor *3600 {total volumetric air flow rate [m^3/h]} 
AFR_scfm_outdoor = AFR_scfm_c1 {+ AFR_scfm_c2} {wet volumetric air flow rate [scfm]} 
 
{Air-Side Energy Balance !!! not independent anymore} 
hcai = ENTHALPY(AirH2O, T = Tcai, P = Patm, R = Rhci) {moist inlet air enthalpy [kJ/kg]} 
hcan = ENTHALPY(AirH2O, T = Tcn, P = Pcn, w = Wci) {moist nozzle air enthalpy [kJ/kg]} 
Qoutdoor_air = Ma_outdoor_dry* (hcan - hcai){+Q_leak_outdoor}  
 
{Refrigerant-Side Energy Balance} 
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{Pcro, DPcr, Tcri, Tcro are measured parameters and supplied by test file in excel form, assuming super-
critical state} 
hcri = ENTHALPY(R134a, T = Tcri, P = Pcri) {refrigerant inlet enthalpy [kJ/kg]} 
hcro = ENTHALPY(R134a, T = Tcro, P = Pcro) {refrigerant exit enthalpy [kJ/kg]} 
hscri = ENTHALPY(R134a, T = Tscri, P = Pscri) {refrigerant exit enthalpy [kJ/kg]} 
hscro = ENTHALPY(R134a, T = Tscro, P = Pscro) {refrigerant exit enthalpy [kJ/kg]} 
Qoutdoor_ref_cond = Mr*(1-Xoil) * (hcri - hscri)/1000+Mr*Xoil/1000*(2.0499*(Tcri-Tscri)+2.261e-
3/2*(Tcri^2-Tscri^2))              {[kW]}               
Qoutdoor_ref_sub = Mr*(1-Xoil) * (hscri - hscro)/1000+Mr*Xoil/1000*(2.0499*(Tscri-Tscro)+2.261e-
3/2*(Tscri^2-Tscro^2))  
Qoutdoor_ref = Qoutdoor_ref_cond + Qoutdoor_ref_sub 
Qoutdoor_ref_2 = Mr*(1-Xoil) * (hcri - hscro)/1000+Mr*Xoil/1000*(2.0499*(Tcri-Tscro)+2.261e-
3/2*(Tcri^2-Tscro^2))      
{Error Calculations} 
ErrOutdoor_ref_air = (Qoutdoor_ref- Qoutdoor_air)/Qoutdoor_ref * 100 
 
Tcro_sat = TEMPERATURE(R134a,P=Pcro,x=0) 
DT_sub_cro=Tcro_sat-Tcro 
Tscri_sat = TEMPERATURE(R134a,P=Pscri,x=0) 
DT_sub_scri=Tscri_sat-Tscri 
Tscro_sat = TEMPERATURE(R134a,P=Pscro,x=0) 
DT_sub_scro=Tscro_sat-Tscro 
Tcri_sat = TEMPERATURE(R134a,P=Pcri,x=1) 
 
{Chamber Humidity} 
Rhei = RELHUM(AirH2O, T = Teai, P = Patm, D = Tdpei)       {inlet relative humidity}  
Wei = HUMRAT(AirH2O, T = Teai, P = Patm, D = Tdpei)         {inlet humidity ratio} 
Rhen = RELHUM(AirH2O, T = Ten, P = Pen1, D = Tdpen1)     {relative humidity after nozzle} 
Wen = HUMRAT(AirH2O, T = Ten, P = Pen1, D = Tdpen1)     {humidity ratio after nozzle} 
 
{Wei=Wen {dry conditions only}} 
{Air Flow Rate Parameters} 
Pen1 = Patm - DPen1/1000 {air pressure at nozzle exit [kPa]i} 
CDe = 0.975 {discharge coefficient guess value} 
 
{Top Evaporator (evap1)} 
D_1e1 = 2.5*CONVERT(in,m) {nozzle 1 diameter [m]} 
D_1e2 = 2.5*CONVERT(in,m) {nozzle 2 diameter [m]} 
 
{Air Flow Rates Through Nozzles} 
Call AirFlowRate('e1', CDe, D_1e1, Ten, Pen1, DPen1, Wen : ma_wet_1e1, ma_dry_1e1, AFR_m3_1e1, 
AFR_scfm_1e1, Vel_1e1, Vn_1e1, Re_1e1, CD1e1) 
Call AirFlowRate('e2', CDe, D_1e2, Ten, Pen1, DPen1, Wen : ma_wet_1e2, ma_dry_1e2, AFR_m3_1e2, 
AFR_scfm_1e2, Vel_1e2, Vn_1e2, Re_1e2, CD1e2) 
 
{Total Air Flow Rates} 
Ma_indoor1_dry = ma_dry_1e1 + ma_dry_1e2 {total dry air mass flow rate [kg/s]} 
Ma_indoor1_wet = ma_wet_1e1 + ma_wet_1e2 {total wet air mass flow rate [kg/s]} 
AFR_m3_indoor1 = AFR_m3_1e1 + AFR_m3_1e2  {total volumetric air flow rate [m^3/s]} 
AFR_m3h_indoor1 = AFR_m3_indoor1*3600 {total volumetric air flow rate [m^3/h]} 
AFR_scfm_indoor1 =AFR_scfm_1e1 + AFR_scfm_1e2  {total volumetric air flow rate [scfm]} 
 
{Total Air-Side Heat Transfer evap1} 
heai = ENTHALPY(AirH2O, T = Teai, P = Patm, R = Rhei)  {moist inlet air enthalpy [kJ/kg]} 
heao = ENTHALPY(AirH2O, T = Teao, P = (Patm-DPea1/1000), w = wen) {moist nozzle air 
enthalpy [kJ/kg]} 
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QIndoor_air = Ma_indoor1_dry * (heai - Heao){+Q_leak_indoor1}  {heat leak through the duct  is 
added to the air side energy balance} 
 
{Sensible Air-Side Heat Transfered} 
heai_dry = ENTHALPY(Air, T= Teai) {dry inlet air enthalpy [kJ/kg]} 
heao_dry = ENTHALPY(Air, T = Teao) {dry nozzle air enthalpy [kJ/kg]} 
hvin = ENTHALPY(Steam_NBS, T =Teai, x = 1) {water vapor inlet enthalpy [kJ/kg} 
hvout = ENTHALPY(Steam_NBS, T = Teao, x = 1) {water vapor nozzle enthalpy [kJ/kg]} 
Qindoor_sensible_psych = Ma_indoor1_dry * (heai_dry - heao_dry) + (Ma_indoor1_wet - 
Ma_indoor1_dry) * (hvin - hvout) 
Qindoor_sensible_psych = Qindoor_air - Qindoor_latent_cond 
 
{Refrigerant-Side Energy Balance} 
{Pero, DPer, Tero are measured parameters} 
 
Peri = Pero + DPer  {inlet pressure (absolute) [kPa], } 
Teri_sat=TEMPERATURE(R134a, P = Peri, x = 0.5)       {2 phase inlet, sat. temp. [C], already measured} 
Tero_sat=TEMPERATURE(R134a, P = Pero, x = 0.5) {2-phase outlet sat. temp. [C]} 
Tcpri_sat = TEMPERATURE(R134a, P = Pcpri, x = 0.5) 
DTer_sat = Teri_sat - Tero_sat 
DTsl_sat = Tero_sat - Tcpri_sat 
heri = ENTHALPY(R134a, T = Tevri, P = Pevri) {refrigerant inlet enthalpy [kJ/kg], assuming 
exp. is isenthalp} 
hero=Enthalpy(R134a, T=Tero, P=Pero) 
Qindoor_ref = Mr*(1-Xoil) * (hero - heri)/1000+Mr*Xoil/1000*(2.0499*(Tero-Teri_sat)+2.261e-
3/2*(Tero^2-Teri_sat^2))  {[kW]}    
 
{Evaporator Qualities}                                                                
h_liq_in = ENTHALPY(R134a, T = Teri_sat, x = 0) {saturated liquid enthalpy [kJ/kg]} 
h_vap_in = ENTHALPY(R134a, T = Teri_sat, x = 1) {saturated vapor enthalpy [kJ/kg]} 
x_in = (heri - h_liq_in)/(h_vap_in - h_liq_in) {inlet quality [-]} 
DT_sup_evap=Tero-Tero_sat 
 
{Error Calculations} 
ErrIndoor_ref_air = (Qindoor_ref -Qindoor_air)/Qindoor_ref * 100 
 
{Compressor Calculations --------------------------------------------------------------------------------------  
--------------------------------------------------------------------------------------------------------------------------  
} 
 
hcpri = ENTHALPY(R134a, P = Pcpri, T = Tcpri)  
hcpro = ENTHALPY(R134a, P = Pcpro, T = Tcpro)   
Wcp_ref=Mr*(hcpro-hcpri) 
W_comp = (Fc ) * (Vc * convert(rev/min, rad/s))/1000 
 
{Efficiency Calculations} 
Call Efficiency (Mr, Tcpri, Pcpri, Tcpro, Pcpro, W_comp, Vc, V_disp : h_in, h_out, eta_isen, eta_mech, 
eta_comp, eta_v) 
  
{Compressor inlet superheat} 
DT_sup_comp_in=Tcpri-TEMPERATURE(R134a,P=Pcpri,x=1)                          
 
{Internal heat exchanger} 
EPSILON_IHX = (Tcpri - Tero)/(Tscro - Tero) 
 
{System Performance --------------------------------------------------------------------------------------------  
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-------------------------------------------------------------------------------------------------------------------------- } 
 
COP_indoor_ref = Qindoor_ref/W_comp 
COP_indoor_air = Qindoor_air/W_comp 
 
 
{THERMODYNAMIC PROPERTIES} 
P[1] = Pcpri 
P[2] = Pcri 
P[3] = Pcri 
P[4] = Pscri 
P[5] = Pscro 
P[6] = Pscro 
P[7] = Peri 
P[8] = Pero 
P[9] = Pero 
 
T[1] = Tcpri 
T[2] = Tcri 
T[3] = Tcri_sat 
T[4] = Tscri 
T[5] = Tscro 
T[6] = Tevri 
T[7] = Teri_sat 
T[8] =Tero_sat 
T[9] =Tero 
 
h[1] = hcpri 
h[2] = hcri 
h[3] = ENTHALPY(R134a,P=Pcri,x=1) 
h[4] = hscri 
h[5] = hscro 
h[6] = heri 
h[7] = heri 
h[8] = ENTHALPY(R134a,T=Tero_sat,x=1) 
h[9] = hero 
 
s[1] = ENTROPY(R134a,P=P[1],h=h[1]) 
s[2] = ENTROPY(R134a,P=P[2],h=h[2]) 
s[3] = ENTROPY(R134a,P=P[3],h=h[3]) 
s[4] = ENTROPY(R134a,P=P[4],h=h[4]) 
s[5] = ENTROPY(R134a,P=P[5],h=h[5]) 
s[6] = ENTROPY(R134a,P=P[6],h=h[6]) 
s[7] = ENTROPY(R134a,P=P[7],h=h[7]) 
s[8] = ENTROPY(R134a,P=P[8],h=h[8]) 
s[9] = ENTROPY(R134a,P=P[9],h=h[9]) 
 
 
{System Data -------------------------------------------------------------------------------------------------------  
---------------------------------------------------------------------------------------------------------------- ----------} 
 
 
{----These variables may need to be updated depending on the current system status ----} 
 
Patm=99 
V_disp =214.7  {compressor suction volume [ccm]} 
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Xoil=0.02   {oil circulation rate}           
M404e=0 
P404e=500 
Tcri=Tcpro 
 
{" Excel Data "} 
Pcpri = 273.5041877 
Fc = 16.35559428 
Mr = 29.33984675 
Den = 1131.82093 
Tdpen1 = -2.902448333 
Tdpei = -2.674487143 
DPcn = 121.1832351 
Vc = 1003.911903 
DPea1 = -14.3593813 
Pscro = 1413.149085 
Pero = 291.6279518 
DPen1 = 356.8111676 
DPer = 25.30603108 
Pcri = 1455.233105 
Pcro = 1435.103796 
Pscri = 100.5088711 
Pcpro = 1479.861841 
Pevri = 1413.054601 
Tevri = 43.04376263 
Tero = 10.00450086 
Tcpri = 10.26468213 
Teai = 30.10946094 
Teao = 7.808061371 
Tcai = 35.00449104 
Tcao = -440073364 
Ten = 9.473510047 
Trcr = 44.96764206 
Tcn = 47.53623948 
Teri = 1.997379753 
Tcri = 82.70656655 
Tcro = 45.87666743 
Tscri = 35.78572791 
Tscro = 44.51688031 
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APPENDIX E 
 
 
R410A EJECTOR DRAWINGS 
 
 
 Figure E.1 show the drawings of the motive nozzle module of the R410A 
prototype ejector. The remaining parts of the prototype are shown by Elbel, 2007. 
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Figure E.1: Dimensions of the motive nozzle module of the R410A ejector prototype 
 
 
